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FOREWORD

After receiving a degree in applied physics, Mr. Bleier worked for three fan manu-
facturers, first as a draftsman in Lyons. France, next as a test engineer in East Moline,
Illinois, and then as a director of research in Chicago. Illinois. Since then, he has
worked as a consulting engineer for 137 fan manufacturers, most of them in the
United States, some in Canada, and one in Germany.

Over the years, Mr. Bleier has designed and tested close to 800 fans. among them
most of the units pictured in this book. His designs ranged in size from a 4-in-
diameter vaneaxial fan, used to ventilate a copy machine, to a 1000-hp. four-stage
turbo blower, producing more than 300 in of static pressure, for pneumatic convey-
ing of grain from cargo ships. Some of his other interesting assignments have
included the design of low-noise exhaust fans for invasion ships used by the Navy
during World War II and the development of a pressure blower used to pressurize
the flotation bags of an Army tank to make it amphibious.

Mr. Bleier has written seven articles for technical magazines and for two engi-
neering handbooks in simple, easy-to-understand language. He also has held twelve
seminars at universities and for industrial groups. He is listed in Who's Who in Engi-
neering and holds several patents on mixed-flow fans.

By sharing his broad experience with others, Mr. Bleier will help engineering stu-
dents and people engaged in the design, manufacture, selection, application, and
operation of fans. If you are active in one of these fields, you will benefit from read-
ing this book.

Jerome R. Reich, Ph.D.
Chicago, lllinois

Xi






PREFACE

Let me say a few words about Robert Andrews Millikan. He was the American
physicist who performed the so~called oil-drop experiment to determine the electric
charge of an electron. Millikan also was a good teacher and was proud of it. He once
made the statement: “I can explain anything to anybody.” That’s quite a statement. It
impressed me. In writing this book, I have kept this staternent in mind and have tried
to produce an understandable text and to present some effortless reading material.

The story of fans is about airflow considerations, such as velocities, pressures, and
turbulence losses. This book will give explanations of these concepts and present
sample calculations to enable engineers and nonengineers tc design fans and sys-
tew:?/Z) select and apply fans for systeins, and to meet requirements for air volume,
static pressure, brake horsepower, and efficiency.

If the reader is familiar with high school mathematics, he or she will be able to
understand and apply the principles, graphs, and formulae presented here. Calculus
and differential equations are not used in this book. Instead, a “feel” for aerody-
namics will be developed gradually, a judgment of what an air stream will or will not
do. The early chapters present the basics that will be needed to understand the prin-
ciples discussed in later, more advanced chapters.

In grateful memory to

Mr. Archibald H. Davis

my former boss and teacher.

Frank P. Bleier
Chicago, Hlinois
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LENGTH

1ft=121in 1 in = 0.0833 ft lyd=3ft=36in
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CHAPTER 1

BASICS OF STATIONARY
AND MOVING AIR

ATMOSPHERIC PRESSURE

Our planet earth has an average diameter of about 7914 mi or a radius of 3957 mi. It
is surrounded by a comparatively thin layer of air. The air pressure is highest close to
earth. due to compression by the weight of the air above. At higher altitudes. as the
height of the air column above becomes less, the air pressure decreases, as shown in
Fig. 1.1. At sca level, the atmosphceric or barometric pressure is 29.92 inHg. At an alti-
tude of 15 mi or 79.200 ft. which 1s only 0.4 percent of the earth’s radius, the atmo-
spheric pressure is only 1.00) inHg (3 percent of the sea level pressure). However.
some rarified air extends about 5(0) mi up, which still is only 13 percent of the carth’s
radius.

The air consists mainly of nitrogen (about 78 percent by volume) and oxygen
(about 21 percent by volume) plus less than 1 percent of other gases. Air is a physi-
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1.2 CHAPTER ONE

cal mixture (not a chemical compound) of these gases. Normally, air also contains
some water vapor. This reduces the air density, as will be discussed in Chap. 18, on
testing,

According to the National Advisory Committee for Aeronautics (NACA), later
succeeded by the National Aeronautics and Space Administration (NASA), tem-
perature, atmospheric pressure, and air density at various altitudes are as shown in

Table 1.1.

TABLE 1.1 Temperature, Pressure, and Density versus Altitude

Atmospheric Air
Altitude, Temperature, pressure, density,
ft °F inHg bm/ft*
0 59.0 29.92 0.0765
1,000 55.4 28.86 0.0743
2,000 518 27.82 0.0721
3,000 48.4 26.81 0.0700
4,000 44.8 25.84 0.0679
5,000 42.1 24.89 0.0659
6,000 37.6 23.98 0.0639
7.000 34.0 23.09 0.0620
8.000 30.6 2222 0.0601
9,000 27.0 21.38 0.0583
10,000 234 20.58 0.0565
11.000 19.8 19.79 0.0547
12,000 16.2 19.03 0.0530
13,000 12.6 18.29 0.0513
14,000 9.2 17.57 0.0497
15,000 5.5 16.88 0.0481
20,000 -12.3 13.75 0.0407
25,000 -30.1 11.10 0.0343
30,000 —48.1 8.88 0.0286
35,000 —65.8 7.04 0.0237
40,000 -69.7 5.54 0.0188
45,000 —69.7 4.35 0.0148
50,000 —69.7 3.42 0.0116
55,000 —69.7 2.69 0.0092
60,000 —69.7 2.12 0.0072
65,000 —69.7 1.67 0.0057

Source: Robert Jorgensen, Fan Engineering, Buffalo Forge Co.. Buffalo.
NY.

The standards used in fan engineering are slightly different: Here the density
used for standard air is 0.075 [bm/ft*. This is the density of dry air at an atmospheric
pressure of 29.92 inHg or at 29.92 x 25.4 = 760 mmHg,.

We are not discussing fans yet, but in order to get a comparative idea of fan pres-
sure versus atmospheric pressure, let us anticipate for a moment and pretend that we
know already what static pressure is and how much static pressure can be produced
by certain types of fans.

Since 1 inHg equals 13.6 inWC (inches of water column), 29.92 inHg equals 13.6
x 29.92 = 406.8 inWC. In other words, the standard barometric pressure of 29.92
inHg also can be expressed as 406.8 inWC. This means that a fan producing a static
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pressure of 3 inWC (a good average value) will increase the absolute air pressure by
less than 1 percent.

On the other hand, 1 inHg equals 0.491 1b/in? (psi). Therefore, 29.92 inHg equals
0.491 x 29.92 = 14.7 Ib/in". In other words, the standard barometric pressure of 29.92
inHg also can be expressed as 14.7 Ib/in. For high-pressure centrifugal units (either
units running at very high speeds or multistage units), static pressure is usually mea-
sured in pounds per square inch (psi). Such units often produce as much as 7 Ib/in”,
They will increase the absolute pressure by a significant 48 percent.

STATIC PRESSURE

Figure 1.2 shows a cylinder with a piston that can be moved up or down. It also
shows a U-tube manometer indicating zero pressure. This means that the pressure
below the piston is the same as the barometric pressure in the surrounding air. As
the piston is moved down, the air volume below the piston is compressed, and the
manometer will register a positive static
pressure relative to the atmospheric
T pressure, which is considered zero pres-

sure. This compressed air then has
7 potential energy, i.e., the potential to
expand to its original volume. If, on the

other hand, the piston is raised, the air
‘ volume below the piston is expanded,
and the manometer will register a nega-
tive static pressure relative to atmo-
spheric pressure. This expanded air also
has potential energy, i.e., the potential to
contract to its original volume. This
explains the concept of positive and neg-

FIGURE 12 Cylinder with piston and ative static pressure in stationary air.
manometer. As the piston movcs, the static pres- Positive and negative static pressure
sure below the piston will become either positive ~ €Xists in moving air as well as in station-
or negative. ary air. A fan blowing into a system

(including such resistances as ducts,
elbows. filters, dampers, and heating or cooling coils) produces positive static pres-
sure, which is used to overcome the various resistances. A fan exhausting from a duct
system produces negative static pressure, which again is used to overcome the resis-
tance of the system.*

AIRFLOW THROUGH A ROUND DUCT OF
CONSTANT DIAMETER, VELOCITY PRESSURE

Air flowing through a straight, round duct of constant diameter has a velocity distri-
bution, as shown in Fig. 1.3, with the maximum air velocity near the center and with
zero velocity at the duct wall. For small duct diameters of 6 to 10 in. and for air veloc-

* Some of the material in this section was taken from Bleier, F. P., Fans. tn Handbook of Energy Svstems
Engineering, copyright © 1985 by John Wiley and Sons. New York.
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ities of 1000 to 3000 ft/min (fpm), the average velocity V is approximately equal to
91 percent of the maximum velocity at the center. To find the average velocity in
larger ducts and for larger air velocities, a so-called Pitot tube traverse across the
duct is taken (Fig. 1.4). From the average velocity V (in feet per minute) and the
cross-sectional area of the duct (in square feet), we can calculate the volume of air Q
(in cubic feet per minute, or cfm) as

Q=AxV (1.1)

Furthermore, from the average velocity V (in feet per minute) and the air density 4
(in pounds mass per cubic foot), we can calculate the velocity pressure VP (in inches
of water columnn, inWC) as

oolf——— vgv——l
g Vo

FIGURE 13 Velocity distribution for the airflow
through a round duct.

443

- L .
[
5 R

-

FIGURE l.A' A 27-in-¢?i&meler test duct with two supports for Pitot tube tra-
verses and with a throttling device at the end of the duct.
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VP = 1( v ) 1.2
=\ 0962 (1.2)

or for standard air density of d = 0.075 Ibn/ft".

VP= vy (1.3)
'(4()()5) N

Velocity pressure is the pressure we can feel when we hold our hand in the air
stream. It represents kinetic energy.

For a straight, round duct with constant diameter and smooth walls, the friction
loss f1s

I
f:().()l‘)SE VP (1.4)

where  f= pressure loss. in inches of water column
L. = length of the duct, in feet
D = duct inside diameter, 1n feet
VP = average velocity pressure. in inches of water column

Example: Let's consider a 100-ft-long duct, 2 ft =24 in i.d., so that the duct area A
=3.14 ft*. If the airflow through this duct is Q = 8855 cfm. the average air velocity will
be V =8855/3.14 = 2819 fpm = 47.0 fps, and the corresponding velocity pressure will
be VP =(2819/4005)% = 0.50 inWC.The friction loss then will be f=10.0195 (100/2)0.50
=0.49 inWC.

Figure 1.5 shows a chart for determining friction loss in straight, round ducts. For
our example, proceed as follows: On the horizontal abscissa on top, find the point for
8855 cfm (just slightly below 9000 cfm). From this point, move stratght down until
you reach the inclined line for a 24-in-diameter duct (pipe). This point will give you
two results: (1) Another inclined line near this point indicates that the duct velocity
will be slightly more than 2800 fpm. (2) Moving from that point straight across to the
vertical ordinate at the right indicates a friction of 0.49 inWC for 100 ft of duct, the
same as we obtained above from Eq. (1.4).

Reynolds’ Number

If this airflow through the duct were laminar (smooth, streamline, free of eddies). the
friction loss would be smaller than that just computed. Unfortunately, laminar air-
flow is seldom found in fan engineering. In most ventilating systems, the airflow is
turbulent. Let’s see whether this air flow through the 24-in i.d. duct is really turbu-
lent. We can check this by calculating the Reynolds’ number for this example. The
English physicist Osborne Reynolds studied experimentally the flow of liquids and
gases and arrived at a dimensionless parameter that is characteristic for certain flow
conditions. The formula for this Reynolds’ number is

_PVR
M

Re (1.5)
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where p = gas density. in slugs per cubic foot
V = average air velocity, in feet per second
R = one-half the duct inside diameter. in feet
p = coefficient of viscosity, in pounds second per square foot

For standard air.p = 2.378 x 10~ and p = 3.73 x 1077, resulting in
Re =6375VR (1.5a)

For the preceding example, V = 47.0 and R = 1, resulting in Re = 300,000.
Reynolds found that whenever Re is smaller than 1000 to 2000, the airflow will be
laminar, but above 2000, it starts to become turbulent. Our example is far above this
critical range. The transition from laminar to turbulent airflow is gradual. There are
various degrees of turbulence, such as slightly turbulent, very turbulent, and
extremely turbulent. In most fan applications, the air flow is stightly or very turbu-
lent, and this has to be accepted. But extreme turbulence, as is found in a vaneaxial
fan without an iniet duct and without a venturi inlet (see the section on venturi
inlet), should be avoided.*

Total Pressure, Air Horsepower, Brake Horsepower, Efficiencies

Total pressure TP is defined as the sum of static pressure SP and velocity pressure
VP:

TP=SP+VP (1.6)

In this equation, VP is always positive. SP and TP may be positive or negative. Here
are three examples, illustrating this:

SP=+22inWC SP=-0.5inWC SP=-14inWC
VP =08 inWC VP=08inWC VP=0.8inWC
TP=+3.0mWC TP=+031nWC TP =-0.6 InWC

Let us now consider another example: a fan having an outlet area OA = 4.00 ft?,
blowing 16,000 cfm into a system, and producing 3 in SP in order to overcome the
resistance of the system. The fan will have an average outlet velocity of

Ve cfm _ 16.000

0A = 400 ~ 4000 fpm
and a velocity pressure of
4000 \? :
VP = (m) =1.001nWC

The total pressure will be TP =3.00 + 1.00 = 4.00 inWC, and the power output of the
fan (called air horsepower, ahp) will be

* Some of the material in this section was taken from Bleier, F, P, Fans, in Handbook of Energy Systems
Fngineering, copyright © 1985 by John Wiley and Sons, New York.



1.8 CHAPTER ONE

cfmx TP

= =10.07h 1.7
ahp 356 p (1.7)

If the motor output (= fan input) is 15 brake horsepower (bhp). the fan efficiency at
this point of operation will be the mechanical efficiency (also called rotal efficiency)

. ... ahp _1().()7 3 _
ME=TE= bhp =150 =(.67 = 67 percent (1.8)

Another efficiency that is sometimes used is called the static efficiency. It can be
calculated as follows: First, we calculate the so-called static air horsepower (which,
however. is not the real power output of the fan):

_cfmx §P N 16.000x 3

ahp, = 356 - 63% =755hp (1.7a)
And then we calculate the static efficiency:
ahp, 7.55
N y : = = == .5 = 5 * . pa
SE bhp ~ 15.0 0.50 = 50 percent (1.8a)

As you can see, the static efficiency is easier to calculate than the total efficiency
because we do not have to calculate the velocity pressure first. For this reason. the
static efficicncy is sometimes used. even though it does not represent the real fan
efficiency. The total or mechanical efficiency is the real fan efficiency.

Coming back to our example, to demonstrate the various types of efficiencies,
let’s assume that the motor input at this point of operation is 12.7 kW.The motor effi-
ciency (or electrical efficiency) then will be

_ 0.746 x bhp

EE oW

= (.88 = 88 percent (1.9)

This equation is used more often for calculating the brake horsepower when input
(in kilowatts) and electrical efficiency are known:

kW x EE B 12.7 x 0.88
0.746 ~  0.746

bhp = =15.0 (1.92)

Finally, the efficiency of the set (fan plus motor). called the set efficiency, is
Seteff. = ME x EE =0.67 x 0.88 = 0.59 = 59 percent (1.10)

In selecting a fan for a certain application. the fan efficiency is of great impor-
tance, because with a higher efficiency, we can obtain the same air horsepower with
less power input. This not only will reduce the operating cost but also will save
energy at the same time. High-efficiency fans, on the other hand, normally are more
expensive, as shown in Fig. 1.6. It should be attempted, therefore. to find a balance
between first cost and operating cost, taking into consideration that the first cost of
the fan unit itself often is only a small portion of the system’s total cost.*

* Some of the material in this section was taken from Bleier. F. P, Fans, in Handbook of Energy Systems
Engineering. copyright © 1985 by John Wiley and Sons. New York,
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FIGURE 1.6 Cost versus fan cfficiency. Selecting a fan of
higher efficiency normally results in higher first cost, but in
lower operating cost.

Scalars and Vectors

The physical quantities used to describe airflow phenomena can be divided into two
groups: scalars and vectors. Scalars are quantities such as time, temperature, volume,
and mass. They have only magnitude and can be added simply. Vectors are quantities
such as force, velocity, and acceleration or deceleration. They have magnitude and
direction and can be added only by way of vector diagrams, such as the velocity dia-
grams that will be discussed in later chapters.

AIRFLOW THROUGH A CONVERGING CONE

When cars on a crowded highway reach a point where the highway narrows, one of
two things will happen: (1) the cars upstream will have to slow down, or (2) the cars
past the point of constriction will have to speed up. Possibly both (1) and (2) will
happen. In any case, the cars downstream will travel faster than the cars upstream,
but obviously, the number of cars will remain the same.

A similar condition exists when air flows through a converging cone. as shown in
Fig. 1.7. The air volume Q is

Q=AxV (1.1)

where Q =air volume. in ¢fm (ft*/min)
A =duct area, in square feet (ft)
V =average air velocity. in fpm (ft/min)

As the airflow passes through the converging cone. the air volume (cfm) obviously
will remain the same ahead and past the converging cone. This can be cxpressed as

Q1=Q2 or A xV =A.xV, (llb)
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FIGURE 1.7 Air flowing through a converging cone: It accelerates.

Bernoulli’s Principle of Continuity

This simple and obvious equation is called the principle of continuity because the air
volume (cfm) continues to be the same before and after the point of constriction. As
the air passes through the converging cone, it will accelerate from V, to a larger air
velocity V, because the area A, is smaller than the area A,.

Example: Let’s again assume that the upstream duct i.d. is 24 in, so A, = 3.14 ft’,
Next let’s assume that the downstream duct i.d.is 18 in, so A, = 1.767 ft2. If Q = 8855
cfm, we get V| = 8855/3.14 = 2819 fpm and VP, = 0.50 inWC and V, = 8855/1.767 =
5011 fpm and VP, =1.57 inWC.

This substantial increase in velocity pressure from 0.50 to 1.57 inWC, of course,
will result in an increased kinetic energy, which will be obtained at the expense of a
decreased static pressure. Basically, this is Bernoulli’s theorem, which in its simplest
form says: When the air velocity increases, the static pressure will decrease. This is
easy to understand, but Bernoulli’s theorem also says: When the air velocity
decreases (as in a diverging cone), the static pressure will increase. This increase is
called static regain. This is more difficult to understand. It will be discussed in more
detail in the section on the diverging cone.

A converging cone past a fan is often used to increase the air penetration for such
applications as snow blowing or comfort cooling.

A converging cone past the scroll housing of a centrifugal fan usually works with-
out any problem. Care has to be taken, however, on a converging cone past an axial-
flow fan because there often is an air spin past an axial-flow fan, even if it is a
vaneaxial fan with guide vanes that are supposed to remove the air spin. If a little air
spin remains past the fan, it is multiplied manyfold as the air travels to a smaller duct
diameter because it tends to retain its circumferential component. As a result, at the
smaller diameter, the revolutions per minute of the air spin becomes considerably
larger, just like a watch chain spun around a finger turns faster and faster as the
chain becomes shorter.

Here is an example illustrating the phenomenon that the air spin increases as the
converging cone becomes smaller. Back in 1949. I designed and tested a 14-in
vaneaxial fan with a 12-in hub diameter, resulting in an unusually large hub-tip ratio
of 86 percent. This was done because the requirements were for a smalt airflow (cfm)
and a high static pressure. A centrifugal fan would have been a better selection, but
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FIGURE 1.8 A 14-in vancaxial fan with a 12-in hub diameter blowing into a converging transition
cone and a 6-in test duct.

the customer insisted on a vaneaxial fan. Since the annular area was so small, I used
a 6-in test duct past the unit (in order to get a good air velocity through the duct)
plus a transition cone from 14 in down to 6 in. as shown in Fig. 1.8. This test setup. of
course, was not in accordance with the Air Movement and Control Association
(AMCA) test code, which requires that the test duct area be within 5 percent of the
fan outlet area. A better test would have been on a nozzle chamber instead of on a
test duct. but in 1949 very few companies had a nozzle chamber. To my surprise, I
found zero air velocity in the 6-in test duct. The reason was that the remaining air
spin past the fan became so strong in the transition cone that the friction path
became excessive and used up all the static pressure available. After I put two longi-
tudinal cross sheets into the transition cone to prevent the air spin, the proper air-
flow was restored and a fairly normal duct test could be run.

AIRFLOW THROUGH A DIVERGING CONE

As discussed carlier, a converging cone, as shown in Fig. 1.7, will produce an
increased air velocity past the cone, resulting in increased kinetic energy, which is
obtained at the expense of a decreased static pressure. By the same token, a diverg-
ing cone, as shown in Fig. 1.9, will produce a decreased air velocity past the cone.
resulting in decreased kinetic energy. Will this difference in kinetic energy be lost?

T |y

FIGURE L9 Air flowing through a diverging cone: It decelerates.
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About half of it will be lost, mainly due to turbulence. The other half. believe it or
not, will be regained by an increase in static pressure, as stated by Bernoulli’s theo-
rem, provided that the cone angle is small. About 7° or less on one side is recom-
mended. While air normally flows from higher static pressure to lower static
pressure, here is a case where the opposite takes place: Air is flowing from lower
static pressure to higher static pressure.

Using the same dimensions and the same airflow as in Fig. 1.7, the velocity pres-
sure now will decrease from 1.57 to 0.50 inWC, for a reduction of 1.07 inWC. One-
haif of this, or about 0.53 inWC. can be expected as a static regain. Such a regain is
sometimes obtained by the use of a diffuser past a fan.

AERODYNAMIC PARADOX

Normally, as we go along with the airflow through a duct system, the static pressure
is highest upstream and gradually decreases from there. This is the reason why the
air flows. The high static pressure upstream forces the air through the duct, filters,
etc. Therefore, it seems hard to believe that the static pressure will increase as the air
passes through a diverging cone. It seems contrary to common sense. [t seems para-
doxical.

Let us discuss a device that might convince you of the truth of the preceding
statements. It is called an aerodynamic paradox and is shown in Fig. 1.104. It consists
of a circular plate A with a pipe B on top. Another thin, lightweight disk C is sus-
pended about ¥ in below A in such a way that it can easily move up. If we blow into
the pipe on top, we would expect that the air stream will blow the lower disk down.
Actually, the lower disk will move up. Let me explain why.

The air stream leaving the pipe will turn 90° and move outward, since it has no
other way to go. As it moves outward. the cross-sectional area becomes larger (as in

Pipe B
+ Low air velocity

Plate A \ | /
7

Disk C Atmospheric pressure

FIGURE 1.10a Aerodynamic paradox.
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a diverging cone). so the air velocity becomes smaller. As the air stream reaches the
outside of the disks, the air velocity will be quite small, and the static pressure at that
point will be close to the atmospheric pressure of the surrounding environment. Fur-
ther inside, however, where the cross-sectional area is much smaller. the velocity of
the air flowing outward is larger. and (per Bernoulli) the static pressure. therefore, is
lower than the atmospheric pressure that pushes against the underside of the lower
disk. As a result, the lower disk is lifted up against the upper plate.

The moment the lower disk touches the upper plate, the air stream is stopped,
and the lower disk will drop again. The phenomenon then will repeat itself.

Conclusion

As the airflow passes through a system of ducts, converging and diverging cones, etc.,
the velocity pressure (kinetic energy) may increase or decrease and the static pres-
sure (potential energy) also may increase or decrease. These two pressures are
mutually convertible. However, the total pressurc (total energy), being the sum of
velocity pressure and static pressure, will always decrease, since it is gradually used
up by friction and turbulence.

TENNIS BALL WITH TOP SPIN

Another example illustrating Bernoulli’s principle is a tennis ball moving through
the air with top spin, say, from right to left. To analyze the flow conditions, let’s exam-
in¢ an equivalent configuration: The ball is spinning in place. and an air stream is
moving from left to right, relative to the ball, as shown in Fig. 1.10h. On top of the
ball, the rotation is opposite to the air velocity. This will slow down the velocity of
the air passing over the top of the ball. In accordance with Bernoulli’s principle, the
slower air velocity will produce a higher pressure in this region. On the other hand,
below the ball, the rotation is in the same direction as the air velocity. This will accel-
erate the velocity of the air passing over the underside of the ball and will produce a
lower pressure in this region. As a result. the ball is pushed and pulled down. It
therefore will drop faster than it would if it were only pulled down by gravity.

High-pressure region
A

Spinning ball

—_— —_—
Relative

air velocity

—_— _— >

Low-pressure region

FIGURE 1.106 A wnnis ball with top spin will drop faster.
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AIRFLOW THROUGH A SHARP ORIFICE,
VENA CONTRACTA

When an air stream passing through a round duct of diameter D hits a sharp orifice
with a hole of diameter d, a flow pattern as shown in Fig. 1.11 will develop because
the upstream airflow will approach the edge of the opening at an inward angle
rather than in an axial direction. Obviously. this angular velocity will continue past
the orifice. This jet past the orifice will have a minimum diameter of about 0.64, and
this minimum diameter will occur at a distance of about 0.5d past the orifice. After
this point, the airflow will gradually spread out again, but only after a distance of 3d
past the orifice will the airflow fill the duct “evenly,” as shown in Fig. 1.3. This con-
traction of the air stream, shown in Fig. 1.12, is called vena contracta (contracted
vein).

‘ > '\
—
\
e _::\¢ _J//" d

\ ——-’
— —»;»——-» > _ D
> — 06d \

\* '
|f"- 3d -

FIGURE 111 Airflow through a sharp orifice.

VENTUR! INLET

A similar condition (aithough somewhat less extreme) exists when an airflow enters
a round duct without a venturi inlet. as shown in Fig. 1.12. The reason why it is less
extreme than in Fig. 1.11 is the upstream flow pattern. In Fig. 1.11. the approaching
air is moving: in Fig. 1.12 it is hardly moving. Nevertheless, even in Fig. 1.12. a vena
contracta exists, even though it is less pronounced.

Figure 1.13 shows the improved flow pattern obtained when the duct entrance is
equipped with an inlet bell, also called a venruri inlet. This will reduce the duct resis-
tance and increase the flow (cfm). For best results, the radius should be r = 0.14D or
more. If due to crowded conditions the radius has to be made smaller. the benefit
will be reduced. but it will still be better than no ventun at all.

A venturi inlet is of particular importance at the entrance to an axial fan (as
shown in Fig. 1.14) because without the venturi inlet the blade tips would be starved
for air. In a vaneaxial fan, where the blades are short (due to a large hub), we can
expect a flow increase of about 15 percent if a venturi inlet (or an inlet duct) is used.
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FIGURE 1.12 Airflow entering a round duct.
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FIGURE 1.13 Airflow entering a round duct with a venturi inlet at the duct entrance.

In a propeller fan, where the blades are longer (since there is no hub or only a small
hub), a flow increase of about 12 percent can be expected. Furthermore, the lack of
a venturi inlet (when no inlet duct is used) will result in an increased noise level
because the blade tips will operate in extremely turbulent air.

In centrifugal fans without an inlet duct, a venturi inlet will boost the flow by
about 6 percent. The improvement here is somewhat less, for the following three rea-
sons:

L The turbulent airflow here will hit the leading edges (not the blade tips), which
are moving at lower velocities.

2, Centrifugal fans normally run at lower speeds (rpms) than axial fans.

3. The flow pattern is different in centrifugal fans. The airflow makes a 90° turn
before it hits the leading edges of the blades. The airflow ahead of the blades.
therefore, contains some turbulence to begin with, and some additional turbu-
lence, due to the lack of a venturi inlet, therefore, is less harmful.
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FIGURE 1.14 Venturi inlet ahead of a vaneaxial fan.

AIRFLOW ALONG A SURFACE

Let’s look at the flow pattern of air passing through an elbow of rectangular cross
section, as shown in Fig. 1.15. It is easy to understand that the airflow will tend to
crowd on the inside of the outer wall. Call it inertia or centrifugal force, if you will.
Obviously, it is mainly the outer wall of the elbow that keeps the air from flowing
straight, as it would like to do, due to inertia.

=R

!

FIGURE 115 Airflow through a rectangular elbow.

Now let’s look at the flow pattern of the air when the inner wall of the elbow has
been removed, as shown in Fig. 1.16. The outer wall still keeps the air from flowing
straight, and the flow pattern is quite similar to that of Fig. 1.15. Possibly, the air will
crowd a little more near the outer wall.
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FIGURE 1.16 Airflow along the outer wall only.

Negative

FIGURE 1.17 Airflow along the inner wall only.

Now let’s go one step further and look at Fig. 1.17, which shows the flow pattern
when the outer wall has been removed and only the inner wall has been retained.
The air still will not flow straight to the right, as one might expect. It will still attempt
to adhere to the inner wall. It may not be 100 percent successful in this attempt, but
let’s say it will be 70 percent successful. Why does the airflow turn at all, you ask?
The reason is that a negative pressure will develop just outside the inner wail, and
this negative pressure will tend to keep the airflow fairly close to the inner wall. Thus
we can make the following statement: A curved wall will try to keep an airflow on its
outside attached to itself. This is an important statement. We will come back to it in
Chap. 2, on airfoils.






CHAPTER 2

AIRFOILS AND
SINGLE-THICKNESS
SHEET METAL PROFILES

DESCRIPTION AND FUNCTION OF AN AIRFOIL

An airfoil is a strcamline shape, such as shown in Fig. 2.1. Its main application is as
the cross section of an airplane wing. Another application is as the cross section of a
fan blade. This is the application we will discuss now. There are symmetric and asym-
metric airfoils. The airfoils used in fan blades are asymmetric. Figures 2.1 and 2.2
show an asymmetric airfoil that has been developed by the National Advisory Com-
mittee for Aeronautics (NACA). It is the NACA airfoil no. 6512. Table 2.1 shows the
dimensions (upper and lower cambers) as percentages of the airfoil chord ¢. Let us
make a list of the features shown in Figs. 2.1 and 2.2:

1. The airfoil has a blunt leading edge and a pointed trailing edge. The distance from
leading edge to trailing edge is called the airfoil chord c.

2. The airfoil has a convex upper surface, with a maximum upper camber of 13.3
percent of ¢, occurring at about 36 percent of the chord ¢ from the lead-
ing edge.

3. The airfoil has a concave lower surface, with a maximum lower camber of 2.4 per-
cent of ¢, occurring at about 64 percent of the distance ¢ from the leading edge. In
some airfoils used in fan blades. the lower surface is flat rather than concave.

4. The airfoil has a baseline, from which the upper and lower cambers are mea-
sured. The cambers are not profile thicknesses.

5. The angle of attack o is measured between the baseline and the relative air
velocity.

6. As the airfoil moves through the air (whether it 1s an airplane wing or a fan
blade), it normally produces positive pressures on the lower surface of the airfoil
and negative pressures (suction) on the upper surface, similar to the phe-
nomenon discussed with Fig. 1.17. While one might expect that the positive pres-
sures do most of the work, deflecting the air stream, this is not the case. The
suction pressures on the top surface are about twice as large as the positive pres-
sures on the lower surface, but all these positive and negative pressures push and
pull in approximately the same direction and reinforce each other.

The combination of these positive and negative pressures results in a force F. as
shown in Fig. 2.1. This force F can be resolved into two components: a lift force L
(perpendicular to the relative air velocity) and a drag force D (parallel to the rela-
tive air velocity). The lift force L is the useful component. In the case of an airplane
wing. . acts upward and supports the weight of the airplanc. In the case of an axial
fan blade. L (by reaction) deflects the air stream and produces the static pressure of

2.1
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FIGURE 2.1 Shape of typical airfoil (NACA no. 6512).
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FIGURE 2.2 Dimensions of NACA airfoil no. 6512.

the fan. The drag D is the resistance to the forward motion of the airfoil. It is the
undesirable, power-consuming component. We therefore would like to use airfoil
shapes that have not only a high lift L but also a good lift-drag ratio L/D. As the
angle of attack changes, lift, drag, and lift-drag ratio all change considerably. as will
be seen in Fig. 2.4
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TABLE 2.1 Dimensions of NACA Airfoil No. 6512

Distance from Upper Lower
leading edge camber camber
(% of chord) (% of chord) {% of chord)
0 2.1 2.71
1.25 5.25 1.34
2.50 6.21 0.83
5 7.60 (.32
1.5 8.65 (.09
10 9.51 (.00
15 10.89 0.05
20 11.88 0.28
30 13.00 0.95
40 13.23 1.61
50 12.71 2.13
60 11.51 2.37
70 9.66 2.29
80 7.18 1.88
90 4.06 1.10
95 2.25 0.58
100 0.24 0
INFLUENCE OF SHAPE ON
AIRFOIL PERFORMANCE

The National Advisory Committee for Aeronautics (NACA) and the Gottingen
Aerodynamische Versuchsanstalt have tested many airfoil shapes in wind tunnels
in an attempt to find some shapes that will produce high lift forces and at the same
time have good lift-drag ratios. These groups found, however, that these are con-
flicting requirements. As the cambers increase, the lift normally increases, too, but
the lift-drag ratio tends to decrease. Selection of airfoil shapes therefore will
depend on the application. In a high-pressure vaneaxial fan, we will use a high-
cambered airfoil, particularly near the blade root. On the other hand, if fan effi-
ciency is more important than high static pressure, we will use a low-cambered
airfoil shape.

You may wonder why the leading edge of an airfoil is blunt. Wouldn't the drag be
smaller if the leading edge were pointed. like the trailing edge? This would indeed be
the case, if the relative air velocity at the leading edge were exactly tangential. How-
ever, this tangential condition would e¢xist for only one operating condition (i.e., for
one flow rate and static pressure). Over most of the performance range, the relative
air velocity would deviate from the tangential condition. and this would result in tur-
bulence and in an increased drag. Another reason for the blunt leading edge is struc-
tural strength.

LIFT COEFFICIENT, DRAG COEFFICIENT

From the test data for lift L. and drag D obtained from wind tunnel tests, we can cal-
culate the corresponding coefficients as follows:
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844 L
Lift coefficient C; =——5 (2.1
l LT AV? for standard )
N 344D air density
Drag coefficient Cp = AV? (2.2)

where L and D are in pounds, A is the area of the tested airfoil plate in square feet,
V is the relative air velocity in feet per second, and C, and C;, are dimensionless
coefficients. From these formulas we note that C,;/C;, = L/D. In other words, the lift-
drag ratio is also the ratio of the corresponding coefficients.

CHARACTERISTIC CURVES OF AIRFOILS _

As mentioned earlier, many airfoil shapes have been tested in wind tunnels. The air-
foil plates tested by NACA usually have an airfoil chord of 5 in and a length of 30 in,
as shown in Fig. 2.3. This is called an aspect ratio of 6.

30

3

FIGURE 2.3 Airfoil plate for wind tunnel test, aspect ratio
of 6. '

Figure 2.4 shows the characteristic curves NACA obtained for its airfoil no. 6512
for an aspect ratio of 6. Note that the lift coefficient is much larger than the drag
coefficient so that the lift-drag ratios are in the range of about 10 to 20.

For use in fan bladeS) the characteristic curves have to be converted from an
aspect ratio of 6 to an infinite aspect ratio. This conversion further increases the lift-
drag ratio so that the maximum lift-drag ratio will about triple. Table 2.2 shows the
calculation for this conversion. Figure 2.5 shows the resulting characteristic curves
for an infinite aspect ratio.

Please note the considerable difference between Figs. 2.4 and 2.5. Figure 2.5 (infi-
nite aspect ratio) shows lower drag, resulting in higher lift-drag ratios. The reason for
this considerable difference is turbulence at the two ends of the airfoil plate. which
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FIGURE 24 Charactceristic curves for NACA airfoil no. 6512 (size of plate:
5 % 30 in; aspect ratio: 6).

occurs only for finite aspect ratios but is eliminated for an infinite aspect ratio and
therefore also for axial-flow fans, where the fan blades are bordered by the fan hub
and the housing wall so that no turbulence at the ends can develop. In designing
axial-flow fans, therefore, one should use the airfoil’s characteristic curves for an
infinite aspect ratio.

Looking again at the characteristic curves of the NACA airfoil no. 6512 for an
infinite aspect ratio, as shown in Fig. 2.5, we note the following points:

TABLE 2.2 Calculation for Converting the Characteristic Curves from an
Aspect Ratio of 6 to an Infinite Aspect Ratio: NACA Airfoil No. 6512

Oy LiD CL C[)(, A .. ACD CD... (:," /C[)..

-5 12.3 0.16 0.013 0.49 -5.5 0.001 0.012 133
-1 224 0.47 0.021 1.43 -2.4 0.012 0.009 522
3 17.8 0.75 0.042 2.28 0.7 0.030 0.012 62.5
7 13.8 1.01 0.073 3.07 39 0.054 0.019 53.2

15 9.5 1.52 0.160 4.62 104 0.123 0.037 411
23 5.9 1.74 0.295 5.29 17.7 0.161 0.134 13.0
29 3.2 1.40 0.43 4.26 24.7 0.104 0.326 4.3

Note: Ao = 18.24C, x Y = 3.04C;: o, = &, - Ao AC, = Ciin x Y% = (LOS305CH,
Cp.,., = (‘m - AC;).
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FIGURE 2.5 Characleristic curves for NACA airfoil no. 6512 (infinite
aspect ratio).

FIGURE 2.6 At a 5° angle of attack, the airflow is smooth and follows the contours of the air-

foil. The direction of the airflow is deflected by 13.5°.
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The lift coefficient is zero at an angle of attack of about —-8°. (If this were a sym-
metric airfoil, the zero lift coefficient would occur at zero angle of attack.)

As the angle of attack is increased, the lift coefficient rises, until it reaches a max-
imum of about 1.7 at an angle of attack of about 15°. This is the top of the oper-
ating range for this airfoil.

The lift-drag ratio has its maximum of 62.4 at an angle of attack of 1°. The best
operating range, then. will be at angles from 1° to about 10°, where the L/D
ratio is still good (between 62 and 41) and the airflow is smooth, as shown in
Fig. 2.6.

For angles of attack from 10° to 15°, the airflow can still follow the contour of the
airfoil, but the fan efficiency will be somewhat impaired because of the lower lift-
drag ratios.

For angles of attack larger than 15°, the airfoil will stall, resulting in a decrease in
the lift coefficient. At these large angles of attack, the airflow can no longer fol-
low the upper contour of the airfoil. It will separate from that contour, as shown
in Fig. 2.7.

FIGURE 2.7 At a 16° angle of attack, the airfoil stalls, and separation of
airflow takes place at the trailing edge and at the suction side of the airfoil,
with small eddies filling the suction zones. The deflection of the airflow past

the trailing edge is close to zero.
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FIGURE 2.8 Dimensions of Géttingen single-thickness profile no. 417a.
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Please note that angle of attack is not identical with blade angle. The blade angle
of an axial-flow fan is much larger than the angle of attack, as will be discussed in

Chap. 4.

SINGLE-THICKNESS SHEET METAL PROFILES

It sometimes is desirable to use single-thickness sheet metal blades rather than
airfoil blades. The reason might be a dust-laden airflow or simply lower cost. The
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FIGURE 2.9 Performance of Géttingen single-
thickness profile no 417a (infinite aspect ratio).
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shape and characteristic curves for such a single-thickness profile are given in a
Géttingen publication. Gottingen calls it profile no. 417a. Figure 2.8 shows the
shape and Figure 2.9 shows the characteristic curves, converted to an infinite aspect
ratio. Comparing these with the shape and characteristic curves for the NACA air-
foil no. 6512, as shown in Figs. 2.2 and 2.5, we find the following similarities and dif-

ferences:

1.

The single-thickness profile has a maximum camber of 8 percent, which is about
halfway between the upper (13.3 percent at 36 percent) and lower (1.3 percent at
36 percent) cambers of NACA airfoil no. 6512.

The maximum camber of the single-thickness profile is located at 38 percent of
the chord from the leading edge, about the same as for NACA airfoil no. 6512.
The maximum lift coefficient for profile no. 417a is lower, 1.25 instead of 1.74.
The maximum lift-drag ratio is somewhat lower, 57 instead of 62.

The angle of attack at which the maximum lift coefficient occurs is considerably
lower, 10° instead of 17°. This results in a narrower operating range and particu-
larly in a narrower range for good lift-drag ratios. For example, the range for lift-
drag ratios of 35 or more is 21° wide for NACA airfoil no. 6512 but only 6° wide
for the single-thickness profile.

Despite these disadvantages, single-thickness profiles are often used in fan

blades, especially in propeller fans and in tubeaxial fans.

Trailing edge of airfoil blade

Suction side on convex side

— Trailing edge

{

Incoming S

Hub Wheel
dia. o.d.

4

Leading edge of airfoil blade

Pressure side on concave side of airfoil blade

FIGURE 2.10 Airfoil as used in an axial-flow fan blade.
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FUNCTION OF AIRFOIL BLADES IN AXIAL
AND CENTRIFUGAL FANS

Let us now examine how the airfoil is used as the cross section of a fan blade. Figure
2.10 shows how an airfoil is used in an axial-flow fan blade. Here the concave side of
the airfoil is the pressure side (just like in an airplane wing). so this is a normal con-
dition,

w _—

Suction side

Pressure side

on concave side .
on convex side
Incoming /
air flow
Incoming Leading
air flow edge \
Trailing

edge

FIGURE 2.11  Airfoil as used in a backwardly curved centrifugal fan blade. Note that here the
pressure side is on the convex side of the airfoil blade.

Rot.

T~

De
ﬂected Suction side

ajr
‘W on convex side

of airfoi! blade
Pressure side

on concave side

Incoming

ir f]
air flow _//"
Leading
edge
\\\\\\\\\\\\‘\
Trailing
edge

FIGURE 2.12  Airfoil as used in a centrifugal fan with radial-tip blades, a design that is rarcly
used but results in good efficiencies.
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Figure 2.11 shows how the airfeil is used in a centrifugal fan with backwardly
curved blades. Here the convex side of the airfoil is the pressure side, whigh, of
coturse, is abnormal. This type of blade does not really have the function of an airfoil,
since there is no lift force in the conventional sense. It is simply a backwardly curved
blade with a blunt leading edge that helps broaden the range of good efficiencies.

Figure 2.12 shows how an airfcil could be used in a centrifugal fan with radial-tip
bilades. Here the concave side is the pressure side, as it should be. However, this con-
figuration is rarely used, partly because of higher cost and partly because radial-tip
blades are often used for handling dust-laden air and this is done better by thick,
single-thickness blades.






CHAPTER 3

TYPES OF FANS,
TERMINOLOGY, AND
MECHANICAL
CONSTRUCTION

SIX FAN CATEGORIES

This book will discuss the following six categories of fans:

Axial-flow fans
Centrifugal fans
Axial-centrifugal fans
Roof ventilators
Cross-flow blowers

AR S 2 B

Vortex or regenerative blowers

AXIAL-FLOW FANS

There arc four types of axial-flow fans. Listed in the order of increasing static pres-
sure, they are

1. Propeller fans (PFs)

2. Tubeaxial fans (TAFs)
3. Vaneaxial fans (VAFs)

4. Two-stage axial-flow fans

Propeller Fans

The propeller fun, sometimes called the panel fan, is the most commonly used of all
fans. It can be found in industrial, commercial. institutional. and residential applica-
tions. It can exhaust hot or contaminatcd air or corrosive gascs from factories. weld-
ing shops. foundries, furnace rooms, laboratories, laundrics, stores, or residential
attics or windows.

Sometimes several propeller fans are installed in the walls of a building. oper-
ating in parallel and exhausting the air. Figure 3.1 shows two propeller fans with

3.1
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FIGURE 3.1 Two 21-in propeller fans with direct drive, mounted in a wall
and exhausting air from a factory building.

direct drive mounted in the wall of a factory, near the ceiling where the hot air is
located.

Figures 3.2 and 3.3 show the general configuration for a propeller fan with a belt
drive from an electric motor. The units consist of the following eleven components:
a spun venturi housing, a bearing base (plus braces), two bearings, a shaft, a motor
base, an electric motor, two pulieys, a belt, and a fan wheel. In Fig. 3.2 the fan wheel

_Venturi housing panel

Bearing base
Bearings __

Fan blade

Motor base -

FIGURE 32 A 24-in propeller fan with belt drive. Note the location of the motor
opposite the rotating blades.
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has four blades, and the motor is mounted on a separate, vertical motor base. In Fig.

3.3 the fan wheel has six blades, and a horizontal base supports both the motor and

the two bearings. In both figures, however, the motor is located opposite the rotating

fan blades. This results in good motor cooling but some obstruction to the airflow.
Figure 3.4 shows the simpler configuration of a propeller fan with direct drive

from an electric motor. This unit consists of only four components: a spun venturi

housing, a motor base (plus braces), an electric motor, and a four-bladed fan wheel.
The belt-drive arrangement has the following three advantages:

1. It resnlts in flexibility of performance, since any speed (rpms) can be obtained for
the fan wheel by selection of the proper pulley ratio. However, when the speed is
increased to boost the flow (cfin}), the brake horsepower will increase even more,
as the third power of the rpm ratio, as will be explained later.

2. In large sizes, belt drive is preferable, since it will keep the speed of the fan wheel
low or moderate while keeping the motor speed high, for lower cost. (High-speed
motors are less expensive than low-speed motors of the same horsepower.)

3. The motor will get good cooling from the air stream passing over it.
The direct-drive arrangement has the following five advantages:

1. It has a lower number of components, resulting in lower cost.
2. It requires no maintenance and reguiar checkups for adjustment of the belt.

3. It has a better fan efficiency, since a belt drive would consume an extra 10 to 15
percent of the brake horsepower.

Fan wheel
impeller
]'r['q 1]1:_' | |\‘ r

Fan blade

Shatft

Motor and

bearing base

Fan pulley

-_... -

FIGURE 3.3 A 36-in propeller fan with belt drive. Note the large pulley ratio for a low speed of the
fan wheel. (Courtesy of Chicago Blower Corporation, Glendale Heights, 111}

Motor pulley
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Venturi housing
panel

Fan blade

Motor base

FIGURE 34 A 24-in propeller fan with direct drive. Note the height adjustment of motor
base for an even fip clearance. -

4, It results in more flow (cfm) because the central location of the motor does not
obstruct the airflow.

5. The performance flexibility of the belt-drive arrangement also can be obtained,
but at an extra cost, by means of adjustable-pitch blades and by a variation in the
number of blades. A 3° increase in the blade angle will result in a 10 to 15 percent
increase in flow (15 percent in the range of small blade angles, 10 percent for
larger blade angles). The static pressure can be boosted by an increase in the
number of blades, up to'a point.

Conclusion: Direct drive is less expensive and more efficient. It is preferable in
small sizes. Belt drive is preferable in large sizes and results in better performance
flexibility than direct drive, unless adjustable-pitch blades are used.

Figure 3.5 shows a 46-in propeller fan wheel of aluminum with a 13-in-diameter
hub and with eight narrow airfoil blades welded to the hub. The hub-tip ratio is 0.28,
a good ratio for a propeller fan. This is an efficient but expensive prope].ter-fau
wheel. Most propelier-fan wheels have sheet metal blades riveted to a so-called spi-
der, as shown in Fig. 3.6. This is a hghtwetghr., lower-cost construction that is some-
what less efficient but adequate in small and medium sizes, Many propeller-fan
wheels are plastic molds. In very small sizes, where cost is more important than effi-
ciency, one-piece stampings are sometimes used.

Shuiters. Most propeller fans are used for exhausting from a space. They are
mounted on the inside of a building, with the motor located on the inlet side, inside
the building, and the air stream blowing outward. A shutter is mounated on the out-
side. There are two types of shutters: automatic shutters and motorized shutters.
Figure 3.7 shows an automatic shutter having three shutter blades linked
together and mounted on hinged rods. The shutter will be opened by the air stream
on start-up of the fan. It will be closed by the weight of the shutter blades when the
fan is turned off. The motonzed shutter, used mainly in larger sizes, is opened and
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Hub

Airfoil blade

FIGURE 335 Cast-aluminum propeller-fan
whee] with a 46-in o0.d., 13-in hub diameter, and
eight narrow airfoil blades welded to hub.

3.5

Central spider

__Wide steel blade

FIGURE 3.6 A 24-in propeller-fan wheel with
four wide steel blades riveted to central spider.

closed by a separate small motor mounted on the shutter frame. When the shutter is
closed, it will prevent heat losses due to backdraft and keep out wind, rain, and snow.

Screen Guards, Figure 3.8 shows a fan guard, sometimes fitted over the motor side
of a propeller fan for safety, whenever the fan is installed less than 7 ft from the floor.
It uses a steel mesh, designed for minimum interference with the air stream.

FIGUREJ? Antomaticshutter having a square
frame and three shutter blades linked together for
simultaneous opening and closing,

70 v
74 m
0.0’00000
m
0‘0
0 .0

g

FIGURE M8 Fan guard, used for safety and
mounted on the inlet side of a propeller fan.
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FIGURE 39 Man cooler mounted on a
pedestal for cooling people, products, or pro-
cesses. {Courtesy of Coppus Engineering Divi-
son, Tuthill Corporation, Millbury, Mass.}

Man Coolers. Another application for
propeller fans (besides exhausting from
a space) is for cooling people (as the
term man coolers implies) or products
or for supplying cool air to certain pro-
cesses. These cooling fans are located in
hot places, such as steel mills, foundries,
and forge plants. They are also used for
cooling down furnaces for maintenance
work, for cooling electrical equipment
(such as transformers, circuit breakers,
and control panels}, or for drying chem-
ical coatings.

Figure 3.9 shows a man cooler
mounted on a heavy pedestal for stabil-
ity. It has a lug on top so that it can be
moved easily to various locations. It has
a 30-in propeller-fan wheel with six nar-
row blades and direct drive from a 3-hp,
1740-rpm motor.

Figure 3.10 shows a similar type of
man cooler. It has a 30-in propeller-fan
wheel with eight narrow blades and
direct drive from a 3-hp, 1150-rpm
motor. It has a bracket for mounting it
on a wall, up high enough so that it can-
not be damaged by trucks and the wires
cannot be cut by wheels. As a special
feature, this unit has a conical discharge
nozzle that boosts the outlet velocity for

deeper penetration. The nozzle contains some straightening vanes, almost like a
vaneaxial fan, to prevent excessive air spin at the narrow end of the cone.

FIGURE 310 Man cooler with a bracket for
mounting it on a wall, with conical discharge nozzle
for deeper penetration. (Courtesy of Bayley Fan
Group, Division of Lau Industries, Lebanon, Ind. }
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Tubeaxial Fans

Figure 3.11 shows a tubeaxial fan with direct drive from an electric motor. It has a
cylindrical housing and a fan wheel with a 33 percent hub-tip ratio and with ten
blades that may or may not have airfoil cross sections. The best application for
tubeaxial fans is for exhausting from an inlet duct. A short outlet duct can be toler-
ated, but the friction loss there will be larger than normal because of the air spin. If
no inlet duct is used, a venturi inlet is peeded to prevent a 10 to 15 percent loss in
flow and an increased noise level, Figure 3.11 shows the motor on the inlet side, but
it could be located on the outlet side as well.

In case of belt drive, the motor is located outside the cylindrical housing, and a
belt guard is needed. Direct drive has fewer parts and therefore lower cost, the same
as for propelier fans, and the performance flexibility again can be obtained by means
of adjustable-pitch blades.

Vaneaxial Fans

Figure 3.12 shows a vaneaxial fan with belt drive from aa electric motor. It has a
cylindrical housing (like a tubeaxial fan) and a fan wheel with a 46 percent hub-tip
ratio and with nine airfoil blades. It also has eleven guide vanes, neutralizing the air
spin, so that the unit can be used for blowing (outlet duct) as well as for exhausting
(inlet duct). Again, direct drive is simpler and less expensive than belt drive. Also,
performance flexibility for direct drive can be obtained by means of adjustable-pitch
blades. Again, a venturi inlet is needed if no inlet duct is used.

Figure 3.13 shows an axial-flow fan wheel with a 42 percent hub-tip ratio and with
eight single-thickness steel blades. It could be used in a tubeaxial fan or in a vane-
axial fan.

Cylindrical housing

Access door

Fan wheel
impeller
propeller

FAGURE 3.11 Tubeaxial fan with direct drive from an electric motor on the inlet side
(in the background) and with a fan wheel having a 33 percent hub-tip ratio and with ten
blades. (Courtesy of General Resource Corporation, Hopkins, Minn.)
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Electric motor

Internal belt
guard, belt tube Inner casing

bearing casing

Cylindrical
housing or
casing

Fan wheel
impeller

Guide vanes
cutlet vanes
discharge vanes

Shaft and bearings

FIGURE 312 Vaneaxial fan with belt drive from an electric motor and with a fan
wheel having a 46 percent hub-tip ratio and nine airfoil blades. (Courtesy of General
Kesource Corporation, Hopkins, Minn.)

Figure 3.14 shows a vaneaxial fan wheel with a 64 percent hub-tip ratio and with
five wide airfoil blades. This hub-tip ratio would be too large for a tubeaxial fan but
is quite common in vaneaxial fans.

Two-Stage Axial-Flow Fans

‘Two-stage axial-flow fans have the configuration of two fans in series so that the pres-
sures will add up. This is an easy solution when higher static pressures are needed, but
excessive tip speeds and noise levels cannot be tolerated. The two fan wheels may
rotate in the same direction, with guide vanes between them. Or they may be coun-
terrotating, without any gunide vanes, as will be explained in more detail in Chap. 4.

CENTRIFUGAL FANS

There are six types of centrifugal fan wheels in common use. Listed in the order of
decreasing efficiency, they are

1. Centrifugal fans with airfoil (AF) blades
2. Centrifugal fans with backward-curved (BC) blades



TYPES OF FANS, TERMINOLOGY, AND MECHANICAL CONSTRUCTION 3.9

FIGURE 3.13 Axial-flow fan wheel with a 42
percent hub-tip ratio and with eight single-
thickness steel blades for use as a tubcaxial fan
wheel or as a vaneaxial fan wheel.

(a)

3. Centrifugal fans with backward-

inclined (BI) blades

4. Centrifugal fans wirh radial-tip (RT)
blades

5. Centrifugal fans with forward-curved
(FC) blades

6. Centrifugal fans with radial blades
(RBs)

These six types are used in a variety of
applications, as will be discussed in more
detail in Chap. 7.

Centrifugal Fans with AF Blades

The centrifugal fan with AF blades has
the best mechanical efficiency and the
lowest noise level (for comparable tip
speeds) of all centrifugal fans. Figures
3.15 and 3.16 show two constructions
for centrifugal fan wheels with AF
blades. Figure 3.15 shows hollow airfoil
blades, normally used in medium and
large sizes. Figure 3.16 shows cast-
aluminum blades, which are often used
in small sizes and for testing and devel-

FIGURE 3.14 Vancaxial fan wheel with a 64 percent hub-tip ratio and with five wide cast-
aluminum airfoil blades: (a) without inlet hood: (b) with inlet hood.
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_ Shroud

retaining ring
S inlet plate
ack plate inlet rim
Fan blade
Fan wheel —
impeller

rotor

FIGURE 3.15 Centrifugal fan wheet, SISW, with nine hollow airfoil steel blades welded to back
plate and shroud. (Courtesy of General Resource Corporation, Hopkins, Minn.)

FIGURE 316 Experimental centrifugal fan wheel, SISW, with
eleven cast-aluminum airfoil blades welded to the back plate but
not yet welded to the shroud (held above the blades).
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opment work. with the shroud held above the airfoil blades prior to welding it to
the blades.

Centrifugal Fans with BC Blades

BC bladcs are single-thickness steel blades but otherwise arc similar to AF blades
with respect to construction and performance. They have slightly lower efficiencies
but can handle contaminated air streams because the single-thickness steel blades
can be made of heavier material than can be used for hollow airfoil blades.

Centrifugal Fans with Bl Blades

Figure 3.17 shows a sketch of an SISW (single inlet. single width) centrifugal fan wheel
with Bl blades. These are more economical in production, but they are somewhat
lower in structural strength and efficiency. Figure 3.18 shows the same fan wheel in a
scroll housing. Figure 3.19 shows a BI centrifugal fan with scroll housing, noting the
terminology for the various components.

Incidentaliy. scroll housings are not always used in connection with centrifugal
fan wheels. Centrifugal fan wheels also can be used without a scroll housing, in such
applications as unhoused plug fans, multistage units, and roof ventilators. An excep-
tion is FC centrifugal fan wheels. They require a scroll housing for proper function-
ing, as will be explained in Chap. 7.

FIGURE 3.17 Centrifugal fan wheel, SISW, with BI blades
welded to back plate and shroud.
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FIGURE 3.18 Angular view of centrifugal fan with BI wheel inside showing
scroll housing, inlet side, and outlet side with cutoff all the way across housing
width.

Centrifugal Fans with RT Blades

RT blades are curved, with good flow conditions at the leading edge. Only the blade
tips are radial, as the term radial-tip blades indicates. Figure 3.20 shows a radial-tip
centrifugal fan wheel. These RT wheels are used mainly in large sizes, with wheel
diameters from 30 to 60 in, for industrial applications. often with severe conditions
of high temperature and light concentrations of solids.

Centrifugal Fans with FC Blades

FC blades. as the name indicates, are curved forward, i.e., in the direction of the
rotation. This results in very large blade angles and in flow rates that are much
larger than those of any other centrifugal fan of the same size and speed. Figure
3.21 shows a typical SISW FC fan wheel. with many short blades and a flat shroud
with a large inlet diameter for large flows. These fans are used in small furnaces, air
conditioners, and electronic equipment. whenever compactness is more important
than efficiency.
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FIGURE 319 Angular view of centrifugal fan with BI wheel inside showing scroll housing, inlet
side {inlet collar and inlet cone), and cutlet side with recirculation shield opposite the inlet cone only.
(Courtesy of General Resource Corporation, Hopkins, Minn.)

Contrifugal Fans with Radial Blades

Radial blades (RBs) are rugged and self-cleaning, but they have comparatively low
efficiencies because of the nontangential flow conditions at the leading edge. Figure
3.22 shows an SISW RB fan wheel with a back plate but without a shroud. Some-
times even the back plate is omitted (open fan wheel), and reinforcement ribs are
added for rigidity. These fans can handle not only corrosive fumes but even abrasive
materials from grinding operations.

AXIAL-CENTRIFUGAL FANS

These fans are also called tubular centrifugal fans, in-line centrifugal fans, or mixed-
flow fans (especially if the fan wheel has a conical back plate). The following two
types of fan wheels are used in these fans:

1. A fan wheel with a flat back plate, as shown in Fig. 3.17, i.e., the same type as is
used in a scroll housing. When used in an axial-centrifugal fan. howevar sk~ -*
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Shroud

Shroud _

Center plate

Blade with
wear plate

FIGURE 320 DIDW (double inlet, double width) centrifugal fan wheel with ten RT blades. Note
potched-out center plate and replaceable wear plates on pressure side of blades.

FEGURE 321 SISW centrifugal fan wheel with 52 FC
blades fastened through corresponding slots in back plate
and shroud.
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FIGURE 3.22 SISW centrifugal fan wheel with six radial
blades welded to a back plate,

stream has to make two 90° turns, which, of course, results in some extra losses,
especially if the diffuser ratio (housing i.d./wheel o0.d.) is small.

2. A fan wheel with a conical back plate, as shown in Fig. 3.23. This fan wheel is more
expensive to build, but the air stream here has to make only two 45° turns, a more
efficient arrangement. In either case, the fan wheel usually has BI blades or occa-
sionally AF or BC blades.

The following three types of housings are in common use in axial-centrifugal fans:
L A cylindrical housing, as shown in Figs. 3.23 and 3.24.

Stationary
Cylindrical strgamliner

, otating blades,
housing -
\ e -
— — - T
Conical
back
™ \ plate

-

FIGURE 323 Mixed-flow fan showing direct motor drive, venturi inlet, fan wheel with conical
back plate, and with a 45° diverging air stream discharging into a cylindrical housing,

\
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FIGURE 324 Axial-centrifugal fan showiag belt drive from an outside motor, venturi inlet, fan
wheel with flat back plate, and outlat guide vanes, all assembled in a cylindrical housing. (Courtesy of
General Resource Corporation, Hopkins, Minn,)

2. A square housing, as shown in Fig. 3.25.
3. A barrel-shaped housing, as shown in Figs. 3.26 and 3.27.

Various wheel and housing combinations are possible. Figure 3.27 shows a spe-
cial type of barrel-shaped housing which is covered by my U.S. patent no. 3,312,386.
It has a separate chamber for the motor so that direct drive can be used, even if hot
or corrosive gases are handled. This fan has the trade name Axcentrix Bifurcator,
implying that the air stream is divided into two forks, flowing above and below the
motor chamber but never coming into contact with the motor. The various types of
axial-centrifugal fans will be discussed further in Chap. 9.

ROOF VENTILATORS

Figure 3.28 shows an exhaust roof ventilator with direct drive, 2 BI centrifugal fan
wheel, and radial discharge using various spinnings. Various other models of roof
ventilators are in common use. Some may have belt drive instead of direct drive,
some may have axial fan wheels instead of centrifugal fan wheels, and some may be
for upblast instead of radial discharge. While most models are for exhausting air
from a building, sorne are for supplying air into a building. The various combinations
of these features lead to ten different models, which will be illustrated and described
in Chap. 10.
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(a) (b)

FIGURE 325 Mixed-flow fan in a square housing. Two models are shown, one for
direct drive and one for belt drive. Both models have 2 ventusi inlet, a fan wheel with a
conical back plate, and an access door. The square housing resuits in lower cost and allows
connection to either square or round ducts. (Courtesy of FloAire, inc., Bensalem, PA,)

FIGURE 326 Mixed-flow fan with barrelshaped spun housing for
smaller diameters of inlet and outlet ducts. Direct drive. The fan wheel has
a conical back plate. Outlet guide vanes (not shown) prevent excessive air
spin at the small outlet diameter, {Countesy of FloAire, Inc.,, Bensalem, Pa.)
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FIGURE 327 Mixed-flow fan with barrel-shaped housing for smaller diameters of
inlets and outlets. The fan wheel with conical back plate is directly driven by a motor
in a separate chamber. Qutlet vanes (not shown) prevent excessive outlet spin.
{Courtesy of Bayley Fan, Division of Lau Industries, Lebanon, ind.)

)

L |

FIGURE 328 Schematic sketch of a centrifugal
roof exhauster, direct drive, radial discharge, 15-in
wheel diameter, 1 hp, 1725 rpm. (Courtesy of Flo-
Aire, Inc., Cornwells Heights, Pa.)
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CROSS-FLOW BLOWERS

A cross-flow blower is a unique type of centrifugal fan in which the airflow passes
twice through a fan wheel with FC blading, first inward and then outward, as shown
in Fig. 3.29. The main advantage of cross-flow blowers is that they can be made axi-
ally wider, in fact to any width desired. This makes them particularly suitable for cer-
tain applications such as air curtains. long and narrow heating or cooling coils, and
dry blowers in a car wash. The flow pattern and principle of operation will be
explained in Chap. 12.

FIGURE 3.29 Cross-flow blower showing airflow
passing twice through the rotating fan wheel.

Stationary housing Rot.
,§/ Rotating blades
)

§ _Hecsiemoor | _ f\
Ab — W

Air Air
inlet outlet

FIGURE 3.30 Vortex blower showing blades rotating in right haif of the torus-shaped housing,
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VORTEX OR REGENERATIVE BLOWERS

The vortex or regenerative blower is another unique type of centrifugal fan. Here
the airflow circles around in an annular, torus-shaped space, similar to the shape of
a doughnut. On one side of the torus are rotating fan blades, throwing the air out-
ward, as shown in Fig. 3.30. The airflow then is guided back inward by the other side
of the torus so that it must reenter the inner portion of the rotating blades. This
results in a complicated flow pattern that will be discussed in detail in Chap. 9.

CONCLUSION

From the preceding we note that there are many different types of fans. Neverthe-
less, only two basic operating principles are used in all these fans: deflection of air-
flow and centrifugal force.

In axial-flow fans, the operating principle is simply deflection of airflow. Here the
pressure is produced exclusively by the lift of the airfoil or of the single-thickness
sheet metal profile used for the cross sections of the blades. Since an airfoil has a bet-
ter lift-drag ratio over a wider range of angles of attack than a single-thickness pro-
file (see Chap. 2), airfoil blades will result in better efficiencies than single-thickness
profiles.

In centrifugal fans (including mixed-flow, cross-flow, and vortex fans), the operat-
ing principle is a combination of airflow deflection plus centrifugal force. This results
in the following two differences between the performances of axial-flow fans and
centrifugal fans:

1. Centrifugal fans normally produce more static pressure than axial-flow fans of
the same wheel diameter and the same running speed. (Axial-flow fans, on the
other hand, have the advantages of greater compactness and of easier installa-
tion.)

2. Since in centrifugal fans the airfoil lift contributes only a small portion of the
pressure produced (while most of it is produced by centrifugal action), the
improvement in performance due to airfoil blades (over sheet metal blades) is
not as pronounced in centrifugal fans as it is in axial-flow fans.



CHAPTER 4
AXIAL-FLOW FANS

NOMENCLATURE

In past years, “fans and blowers” was a common expression. Axial-flow fans were
called “fans,” and centrifugal fans were called “blowers.” Calling centrifugal fans
blowers was misleading because centrifugal fans can be used for exhausting as well
as for blowing. Axial-flow fans also can be used for either blowing or exhausting.
Today the accepted terms are axial-flow fans and centrifugal fans.

The term axial-flow fan indicates that the air (or gas) flows through the fan in an
approximately axial direction, as opposed to centrifugal fans (sometimes called
radial-flow fans), where the air flows through the fan wheel approximately in a radi-
ally outward direction.

MATHEMATICAL FAN DESIGN VERSUS
EXPERIMENTAL CUT-AND-TRY METHOD

The casual observer in general will not realize that the dimensions of an axial-flow
fan (fan wheel outside diameter, hub diameter, number and width of the blades and
vanes, blade and vane angles, curvature of blades and vanes, fan speed, and motor
horsepower) can be calculated from the requirements (air volume in CFM and static
pressure).

Let us dwell on the casual observer for a moment, and let us try to put ourselves
in his or her place and look at the problem of fan design as he or she would do. The
point of view of the casual observer will be about as follows: Fasten a number of
blades somehow symmetrically around a hub. Put this fan wheel, together with a
motor, into a housing, and run a test on it. If it does not give you “enough air,” make
certain changes on the unit. Make the hub diameter larger or smaller, and increase
the number of biades, the blade angles, the blade widths, and the famous “scooping
curvature.” Keep on changing and retesting until you just about get what you want,

This viewpoint of the casual observer naturally is rather primitive. In some
respects, it is even incorrect, since it overlooks certain limitations. such as the fact
that the addition of blades or an increase in blade curvature does not always result
in an increased air delivery. However, you cannot blame this casual observer if you
stop and realize that many years ago this also was the conception of the fan designer.
And you must admit one thing: As primitive as this purely experimental cut-and-try
method may be, with a sufficient amount of persistence. time, and moneyi. it often will
be possible to obtain the desired air volume and static pressure by the application of
this method. There are only three objections to this method:

1. The resulting units often will be larger. run at higher speeds, and consume more
brake horsepower than necessary.

2. The method is too expensive because in general it will require the building and
testing of three to five samples until the desired air volume and static pressure is
obtained.

4.1
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3. This method will practically always lead to units with uneven and turbulent air-
flow and with stalling effects in certain portions of the blade. As a result of all this,
these units usually will be inefficient and noisy.

Once the nceessity of fan design on a theoretical basis has been recognized. the
first question is: Is it at all possible to determine the dimensions for a fan unit so that
it will perform in accordance with a certain set of specifications, by pure calculation.
this way completely climinating the usc of any e¢xperimental cut-and-try method?
The answer to this question is: In most cases. this is possible, and even more than
that. it is possible in more than one way. In other words. several designs are possible
that will meet a certain sct of requirements with respect to air delivery and pressure.

This naturally leads to the next guestion: If this problem of meeting the require-
ments can be solved by several designs, is 1t possible to find one optimal design? The
answer is yes. providing that a definition for the word optimal can be agreed on.

‘The question "What is the optimal design?” is rather complex. and the answer to
it will vary with the prospective application of the fan unit. In the majority of cases,
it will include. among other things, the call for high efficiency and low sound level.
both over the widest possible range of operation. Other requirements may be, for
instance. a nonoverloading brake horsepower characteristic: or a flat pressure curve,
which means a large free delivery; or a steep pressure curve, which means little vari-
ation in air delivery throughout the operating range; or a large pressure safety mar-
gin; or compactness: or some other supplementary requirement that may be
desirable in a certain application. The combination of these requircments often
results in interference problems and in conflicting specifications whose relative
importance has to be considered before a decision is made.

AXIAL FLOW AND HELICAL FLOW

Let’s be more specific about the statement that air flows through an axial-flow fan in
an “approximately axial direction.” On the inlet side, as the flow approaches the fan
blades, the direction of the flow is axial, i.e., parallel to the axis of rotation, provided
there are no inlet vanes or other restrictions ahead of the fan wheel. The fan blade
then deflects the airflow, as shown in Fig. 2.10 (see Chap. 2).

The operating principle of axial-flow fans is simply deflection of airflow. as
explained in Chap. 2 (page 2.1). on airfoils, and Chap. 3 (page 3.20), on types of fans.
Past the blades, therefore. the pattern of the deflected airflow is of helical shape. like
a spiral staircase. This is true for all three types of axial-flow fans: propeller fans,
tubeaxial fans, and vaneaxial fans. Accordingly, the design procedures and design
calculations are similar for all three types. As to both construction and performance,
however, there are some differences.

We may anticipate one statement right here: The sequence propeller, tubeaxial,
and vaneaxial also indicates the general trend of increasing weight. price. hub diam-
eter, static pressure, aerodynamical load. and efficiency.

Coming back to the helical pattern of the airflow past the blades of an axial-flow
fan. the air velocity there can be resolved into two components: an axiaf velocity and
a tangential or circumferential velocity.

The axial velocity is the useful component. It moves the air to the location where
we want it to go. In a propeller fan, the axial velocity moves the air across a wall or a
partition. In a tubeaxial or vancaxial fan. the axial velocity moves the air through a
duct on the inlet side or on the outlet side or both.
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The tangential or circumferential velocity component is an encrgy loss in the case
of a propelier fan or a tubeaxial fan. In a vaneaxial fan, however, the tangential com-
ponent is not a total loss; some of it is converted into static pressure, as will be
explained later. This is the main reason why vaneaxial fans have higher efficiencies
than propeller or tubeaxial fans.

BLADE TWIST, VELOCITY DISTRIBUTION

For good efficiency, the airflow of an axial-flow fan should be evenly distributed aver
the working face of the fan wheel. To be more specific, the axial air velocity should be
the same from hub (or spider) to tip. The velocity of the rotating blade, on the other
hand, is far from evenly distributed: It is low near the center and increases toward the
tip. This gradient should be compensated by a twist in the blade, resulting in larger
blade angles near the center and smalier blade angles toward the tip. This can be seen
clearly in Fig, 4.1, which shows two views of a 30-in tube axial fan whee] with a 13-in
hub diameter and eight single-thickness steel blades welded to the hub. Low-cost fan
wheels (especially propeller-fan wheels) sometimes do not have this variation of the
blade angle from hub to tip. They sometimes have the same blade angle from hub to
tip (or worse, a slightly larger blade angle at the tip). This will result in a loss of fan
efficiency because most of the airfiow then will be produced by the outer portion of
the blades, even at low static pressures. At higher static pressures, the blade twist is
even more important, because without it, the inner portion of the blade will stall and
permit reversed airflow, which, of course, will seriously affect the fan efficiency.

The propelier fan, as shown in Figs. 4.2 through 4.4, is the lightest, least expensive,
and most commonly used fan. As mentioned, normally it is installed in a wall or in a
partition to exhaust air from a building. This exhausted air, of course, has to be

/

FIGURE 41 Two views of a fabricated tube- FIGUREA42 Propeller fan with motor on inlet
axial fan wheel, 30-in od., 45 percent hub-tip  side,25 percent hub-tip ratio, and direct drive,
ratio, and eight dic-formed steel blades, with

larger blade angles at the hub and smaller blade

angles at the tip.
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FIGURE 43 Two views of an 18-in propeller fan with direct drive

from a ¥-hp, 1150-rpm motor, 40 percent hub-tip ratio, and five cast-
aluminum airfoil blades that are backswept for 2 lower noise level.

FIGURE 44 A 48.-in propeller fan with direct drive
from a 7v4-hp, 1150-rpm motor, 28 percent hub-tip ratio,
and seven cast-aluminum airfoil blades.
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replaced by fresh air. coming in through other openings. If these openings are large
enough. the suction pressure needed is small. The propeller fan. therefore, is
designed to operate in the range near free delivery, to move large air volumes
against low static pressures. As can be seen from Figs. 4.2 through 4.4, the unit con-
sists of a narrow mounting ring, a motor support, a motor, and a fan wheel. The
mounting ring normally has a spun inlet bell that often is extended to a square
mounting panel. The mounting pancl carries some tubes or braces, which in turn sup-
port the motor base and the motor.

The motor is usually on the inlet side. as shown in Figs. 4.2 through 4.4, but in spe-
cial applications it can be on the outlet side, which means slightly less noise. If the
motor is on the inlet side, it is inside the building, protected from rain and snow by a
shutter on the outside. When the fan is in operation. the shutter will be held open by
the air stream. When the fan is not running. the shutter will close and prevent any
backdraft from entering the building.

Large-size propeller-fan wheels usually run at low speeds (rpms) and therefore
are belt driven. If the motor horsepower is large, good efficiency is desired. and to
accomplish this, the fan wheel has a 20 to 40 percent hub-tip ratio and airfoil blades
with a twist, resulting in blade angles between 30° and 50° at the hub and between
10° and 25° at the tip. As mentioned earlier, the larger blade angles at the hub will
compensate for the lower blade velocities there, and this will result in a fairly even
air velocity distribution over the face of the fan. This, as mentioned. i1s required for
good fan efficiency.

Small propeller fans can be built with either direct drive or belt drive. Here the
motor horsepower is small, and fan efficiency, therefore, is of minor importance.
Lower cost is more important. These small propeller fans therefore do not have a hub
and airfoil blades. Instead. they use a so-called spider with radial extensions to which
sheet metal blades are riveted. The blade angles here are often constant from spider to
blade tip. This results in most of the air being moved by the outer half of the blade. The
inner portion of the blade produces mostly turbulence and, of course, consumes just as
much power (or perhaps more) as it would if it were functioning properly. Sometimes
there is some reverse flow near the spider when the static pressure increases. In other
words, the tips of the blades move faster and produce say Y2 in of static pressure, but
the spider portion of the blades moves slower and may produce no static pressure.
Therefore, some of the air past the blade tips will flow inward and then backward.
Some small, low-cost fan wheels are stamped in one piece to keep the cost down.

The tubeaxial fan, as shown in Figs. 4.1 and 4.5, s a glorified propeller fan. It has
a cylindrical housing, about one diameter long, containing a motor support, a motor,
and a fan wheel. The motor can be located either upstream or downstream of the fan
wheel. An upstream motor has the advantage that the airflow has a chance to
smoothen out before it hits the fan blades. but this is only important if the venturi
inlet is too small and therefore not effective. If the venturi inlet is adequate, the air-
flow will be smooth to begin with and does not need any extra space for smoothing.
The upstrcam motor, on the other hand. has the disadvantage that some turbulence
will be produced by the motor support ahead of the fan wheel. This may affect the
efficiency and will result in a somewhat increased noise level.

In general, we should keep in mind that a blade, operating in turbulent airflow,
will not function properly. Turbulence past the fan wheel, therefore. is not too harm-
ful. It just increases the resistance of the system and therefore the static pressure
against which the fan will operate. Turbulence ahead of the fan wheel. however, is
harmful. It not only increases the static pressure required. but it also results in the
blades operating in turbulent airflow and therefore with lower efficicncy and a
higher noise level.
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FIGURE 4.5 ‘lubeaxial fan with motor on outlet
side and with separate venturi inlet. 43 percent hub-
tip ratio, and direct drive.

The fan wheel of a tubeaxial fan can be similar to that of a propeller fan. It often
has a medium-sized hub diameter. about 30 to 50 percent of the blade outside diam-
eter, in the case of direct drive preferably not too much different from the motor
diameter, for streamline flow conditions. The unit is designed to operate in the range
of moderate static pressures, higher than for a propeller fan (due to the larger hub
diameter) but not as high as for a vaneaxial fan (due to the smaller hub diameter and
the lack of guide vanes. which in a vaneaxial fan convert some of the tangential air
velocity into static pressure).

A tubeaxial fan can be connected to an inlet duct or an outlet duct or both. If
there is no inlet duct. a spun venturi inlet is required. as shown in Fig. 1.13,to prevent
vena contracta, as shown in Fig. 1.11. Small tubeaxial fans usually are designed with
direct drive; large units are designed with belt drive.

The vaneaxial fan, as shown in Figs. 4.6 and 4.7, is a more elaborate unit. It has the
outside appearance of a cylindrical housing at least one diameter long. As in a
tubeaxial fan, this housing contains the motor support, the motor, and the fan wheel,

- N/, =4

FIGURE 4,6 Vaneaxial fan with outlet vanes around the
motor and with separate venturi inlet. 66 percent hub-tip
ratio, and direct drive.
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FIGURE 4.7 Vancaxial fan with inlet vanes around the motor and with separate venturi
inlet, 66 percent hub-tip ratio. direct drive, and outlet diffuser and tail picce for static regain,

but the vancaxial fan housing contains in addition a sct of guide vanes and some-
times an inner ring. a converging tail piece. and an expanding diffuser for static
regain (see Chap. 1, page 1.12, on basics).

The guide vanes usually are arranged around the motor. This makes the unit
more compact, since the same axial length is used for both the motor and the guide
vanes. Motor and guide vanes can be located either past the fan wheel (see Fig. 4.6)
or ahead of the fan wheel (sce Fig. 4.7).

Hub Diameter d of Vaneaxial Fans

The hub diameter of a vaneaxial fan is larger (than that of a tubcaxial fan), usually
between 50 and 80 percent of the wheel diameter, sometimes even slightly larger.
The vaneaxial fan is designed to operate in the range of fairly high static pressures,
and this requires a larger hub diameter. The customer usually specifies the required
air volume, static pressure. fan diameter D, and speed (rpms). In designing a vane-
axial fan to meet these requirements, the first step will be to determine the hub
diameter 4. This can be done from the formula

do = (19.000/rpm) V'SP (4.1)

where d is in inches and SP is in inches of water column. Hub diameter also can be
determined from the graph shown in Fig. 4.8.

Suppose the customer requires that the vaneaxial fan should run at 1750 rpm and
produce 12.000 cfm against 3 in of static pressure at the point of operation. Figure 4.8
indicates that the corresponding minimum hub diameter will be 18.8 in. (Please note
that this is the hub diameter, regardless of the requirements for air volume and for
wheel diameter D.) If for some reason a somewhat larger hub diameter d is desired.
this will be acceptable. (It would merely result in a slight reduction in the annular
area and therefore in the air volume. which could be compensated by a slight
increase in the blade angles. [t would not be critical.) A smaller hub diameter, on the
other hand. could be critical. It might result in an inadequate performance of the
inner blade portion. i.e.. turbulence and possible reversed air flow near the hub. This
inadequate performance is called stalling.
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FIGURE 48 Minimum hub diameter 4 of a vancaxial fan as a function of speed (rpms) and static
pressure.

The static pressure SP produced by a vaneaxial fan can be calculated for each
radius from the following formula:

SP=343x10"xrpmx 2y x C; xIxW (4.2)

where SP = static pressure, in inches of water column
zp = number of blades
C. = lift coefficient of airfoil at the angle of attack. used at this radius
I = blade width at this radius, in inches
W = air velocity relative to the rotating blade. in feet per minute (fpm) (a
formula for W will be given later)

This formula indicates again that a larger hub diameter will result in a larger
static pressure because, for a larger hub diameter.

1. The relative velocity W will be larger (due to the increased blade velocity).
2. There will be more room available for wider blades without overlapping.

For good efficiency, the static pressure produced should be the same for any
radius from hub to tip. Since the relative air velocity W is smallest at the hub. this
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must be compensated by a larger / x (', at the hub. but both [ and C; can be increased
only up to a certain limit (/ up to the point where the blades would overlap and C; up
to the maximum lift coefficient the airfoil can produce). This 1s why the hub diameter
d can be slightly larger but not smaller than d = (19,000/rpm)\/S_P. If ¢ were too
small, [ x C; could not be made large enough to compensate for the smaller W at the
hub, and stalling would occur near the hub.

Wheel Diameter D of Vaneaxial Fans

After the hub diameter d has been determined. the next step is to check whether the
wheel diameter D requested by the customer is acceptable. Obviously, it is not
acceptable if it is smaller than the hub diameter d we just determined. but this is an
extreme case that will happen rarely. However. even if D 1s larger than 4, it may not
be large enough.

In order to check whether the wheel diameter D requested by the customer is
acceptable, we use the formula

Do = V. + 61 (cfm/rpm) (4.3)

or the graph shown in Fig. 4.9. Using the preceding values of d = 18.8 in and c¢fm/rpm
= 12,000/1750 = 6.86, we find D,,, = 27.2 in. This i1s the minimum wheel diameter. It
would result in a hub-tip ratio of 18.8/27.2 = (.69, a good hub-tip ratio for a vaneaxial
fan. If the customer requested a wheel diameter of 28, 29, or 30 in, we would use this
size. If the customer suggested, for example, a wheel diameter of 24 in or anything
else smaller than 27 in, we would point out that this would be risky because the pres-
sure safety margin would be too small and that we would prefer a larger wheel diam-
eter D.

If the customer cannot accept a larger wheel diameter, a two-stage axial-flow fan
may solve the problem. Then each stage has to produce only about one-half the
static pressure, and the hub diameter ¢ as well as the wheel diameter D can be
reduced. This two-stage unit will be longer and more expensive. This may or may not
be acceptable to the customer. If it is not acceptable, a centrifugal fan may have to
be considered instead of a vaneaxial fan.

Summarizing, we found that the hub diameter d is a function of static pressure
and speed and that the wheel diameter D is a function of d and of cfm/rpm.

Vaneaxial Fans of Various Designs

Best efficiencies for vaneaxial fans are obtained with airfoil shapes as cross sec-
tions of the blades because airfoils have large lift-drag ratios (see Chap. 2. page 2.9.
on airfoils). Airfoils. then, result in higher static pressures (produced by the airfoil
lift) and lower power consumption (produced by the airfoil drag) and therefore
higher fan efficiencies.

Airfoil blades usually are made as aluminum castings and sometimes as steel
castings. incorporating both features. the twist in the blade angles and the airfoil
shape in the cross sections. Figures 4.10 through 4.17 show such fan wheels with cast-
aluminum airfoil blades. Let us examine the different designs shown in these pic-
tures,

Figures 4.10. 4.11, and 4.12 show three experimental fan wheels for the same
vaneaxial fan. All three wheels have the same hub diameter and the same blade sec-
tion (blade width, airfoil shape. and blade angle) at the hub, but the width at the blade
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FIGURE 4.9 Minimum fan-wheel diameter D of a vancaxial fan as a function of ofm. rpm. and hub
diameter .

tip is varied. Figure 4.10 shows a wide blade tip. Figure 4.11 shows a medium tip, and
Figurc 4.12 shows a narrow tip. | tested the three wheels and found the following:

1. Wide blade tips result in high pressure. high efficiency. and quict operation, but
they cause in considerable motor overload at the point of no delivery.

2. Mecdium tips reduce the maximum static pressure and the no-delivery overload.
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FIGURE 410 A 31-in vaneaxial fan wheel, of cast aluminum,
with a 63 percent hub-tip ratio, direct drive, and seven aitfoil
blades with wide tips for high pressure and quiet operation at
high efficiency.

FIGURE 411 A 31-in vaneaxial fan wheel, of cast aluminum, with
a 63 percent hub-tip ratio, direct drive, and seven airfoil blades with
medium-wide tips for medium pressure and less overload at no
delivery.,

(a) (h)

FIGURE 412 A 31-in vanesxial fan with a 63 percent hub-tip ratio, direct drive from 10-hp,
1750-rpm motor, and seven airfoil blades with narrow tips for nonoverloading brake horsepower
characteristics. Twelve outlet vanes go well with seven blades. (@) Inlet side. (b) Outlet side.

3. Narrow tips result in a nonoverloading brake horsepower characteristic. This was
the fan wheel I adopted for production, even though the efficiency was slightly
lower and the noise level was slightly higher, but still acceptable. A compromise
between conflicting performance features had to be made.
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FIGURE 4.13 Inlet view of a 5-in vaneaxial fan,
of cast aluminum, with a 78 percent hub-tip ratio,
seven airfoil blades, eight outlet vanes, belt drive
from Yr-hp shaded-pole motor, and a fan speed of
3800 rpm.

FIGURE 4.14 A 5-in vaneaxial fan for projector lamp
eooling showing belt drive in assembled projector. Fan
pulley is part of the fan-wheel casting.

Figures 4.13 and 4.14 are views from the inlet side of a 5-in vaneaxial fan that was
designed for cooling a projector lamp. A large 78 percent hub-tip ratio was needed
in order to produce sufficient static pressure to force the cooling air through some
narrow passages. Not as many guide vanes are needed because of the small size.
Eight vanes go well with seven blades.
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FIGURE 415 A 34-in tank engine cooling fan
wheel, of aluminum casting, 35 hp, 2400 rpm.
View from the inlet side showing teeth inside the
hub for gear drive from engine.

FIGURE 4,17 The same 34-in cast-ajuminum
tank engine cooling fan wheel, view from the
outlet side showing a 63 percent hub-tip ratio
and twelve blades with blade width slightly
decreasing from hub to tip.

FIGURE 416 Angular side view of the same
34-in cast-aluminum tank engine cooling fan
wheel showing the airfoil cross sections of the
blades and the variation in the blade angles from
hub to tip.

An interesting design is shown in Fig-
ures 4.15, 4.16, and 4.17. These are three
views of a cast-aluminum fan wheel with
airfoil blades. This 34-in fan wheel was
designed to cool the engine of an Army
tank. It used gear drive from the engine,
as shown in Fig. 4.15, a view from the inlet
side. Figure 4.16 is an angular side view
showing the airfoil sections of the blades
and the variation of the blade angles
from hub to tip. Figure 4.17 is a view from
the outlet side showing the 63 percent
hub-tip ratio and the twelve blades.

Figures 4.18 through 4.20 are three
views of the 34-in fan wheel redesigned
in steel, by request of the customer, to
replace the cast-aluminum fan wheel.
Here, some single-thickness steel blades
with slots were welded to a heavy steel
disk, even though the aerodynamic con-
ditions of the steel disk were not ideal.
Furthermore, certain other difficulties
had to be addressed, such as the lower
lift cocfficients of the single-thickness
blades and the risk of blade vibration

due to the lesser rigidity of the mngle-th;ckness blades. These difficulties were over-
come by an increase in the hub-tip ratio and by using more blades of narrower
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FIGURE 418 A 34-in tank eagine cooling fan
wheel redesigned in steel, 35 hp, 2400 rpm. View
from the inlet side showing the welds on the
slots and on the tabs of the blades.

CHAPTER FOUR

width. Various shapes of welding tabs
were tried out. The steel blades were
subjected to vibrations in order to deter-
mine which shape would have the best
resistance to fatigue failure. Figure 4.21
shows the test setup, in which six blades
(differing only in the way they were
attached to the heavy steet disk) were
vibrated several million times by con-
necting rods from solenoids. The
solenoids were kept cool by air streams
from a separate pressure blower.

Figure 4.22 shows another vaneaxial
fan wheel with cast-aluminum airfoil
blades. Figure 4.23 shows the corre-
sponding vaneaxial fan housing. This unit
was designed for grain drying. It had an
18-in wheel outside diameter and direct
drive from a 10-hp, 3450-rpm motor.

Single-thickness blades, as shown in
Figs. 4.1, 4.18, 4,19, and 4.24 also have
the desired variation in the blade angles
from hub to tip. For accuracy, uniformity,

and economy of production, single-thickness steel blades are press-formed in a die
that takes care of the springback of the material.

In small sizes, the entire fan wheel can be molded in plastic, as shown in Fig. 4.25,
This is a goed and efficient fan wheel, even though it has only single-thickness
blades, The figure shows a good blade twist from hub to tip.

FIGURE 419 Angular side view of the same
34-ip tank engine cooling fan wheel of welded
steel showing single-thickness steel blades
welded to a heavy disk.

FIGURE 428 The same 34-in tank engine cool-
ing fan wheel. View from the outlet side showing
a 68 percent hub-tip ratio and 16 steel blades of
constant width from hub to tip and the heavy disk
with mounting holes and balancing holes.
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FIGURE 421 Setup for testing single-thickness steel blades for
fatigue failure due to vibration of the blades

inlet Bell

Figures 4.12 through 4.14 and Fig. 4.24 showed vaneaxial fans with inlet bells
attached. In vaneaxial fans, the inlet bell (also called the venturi inler) is even more
important than in propeller fans or tubeaxial fans because, owing to the larger hub
diameter the annular area between the hub outside diameter and the housing inside

FIGURE 422 Front view of an 18-in vancaxial fan
wheel, of cast aluminum, with a 48 percent hub-tip ratio,
six airfoil blades with medium-wide tips for grain drying,
and direct drive from 10-hp, 3450-rpm motor.
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FIGURE 423 Inlet view of housing for an 18-in vaneaxial
fan, direct drive. Motor and fan wheel were sremoved so that
the inner ring, motor base, and outlet guide vanes can be seen.

diameter is smaller and the acceleration of the entering air stream is therefore
greater. Without an inlet bell, the vena contracta would be worse and would affect a
larger portion of the blades (to operate in turbulent air and to be starved for air),
particularly if the fan wheel is located near the housing inlet, a5 in Fig. 4.6. The use of
an inlet bell, therefore, will boost the flow rate by 10 to 15 percent. It also will
increase the fan efficiency and reduce the noise level considerably.

(a) (b)

rivURE 424 A so-m vancaxial fan with a 54 percent hub-tip ratio, direct drive from 25-hp,
1150-rpm motor, ten single-thickness steel blades welded to the fabricated hub, and nine outlet
vanes: {a) inlet side; {b) outlet side,
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FIGURE 428 Side view of a 10-in vaneaxial
fan wheel, plastic mold, with a 64 percent hub-tip
ratio, seven single-thickness blades, and blade
angles varying from 50° at the hub to 34° at the
tip, for a 16° twist. (Courtesy of Coppus Engi-
neering Division, Tuthill Corporation, Millbury,
Mass.)
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For the shape of the inlet bell, an
elliptic contour is ideal, but a circular
contour is a good approximation and
reduces the depth of the spinning. As
mentioned in Chap. 1 (page 1.14), on
basics, the radius of curvature of the
inlet bell should be at least 14 percent of
the housing inside diameter. This is
graphically shown in Fig. 4.26. For exam-
ple, for a 42-in throat inside diameter {(or
housing inside diameter), the radius of
curvature should be at least 5% in.

Figures 4.27 and 4,28 show an oversize
inlet bell that was built for experimental
purposes to confirm by test that not much
would be gained if the radius of curvature
were made much larger than 14 percent
of the housing inside diameter. Figure
4.27 shows the fan blades stationary. Fig-
ure 4.28 shows a curved string being
drawn by the air stream while the fan is
running; note the shadow of the string,
indicating that it did not touch the sur-
face of the inlet bell but followed the cur-
vature of the converging air stream.
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FIGURE 426 Recommended radius of curvature versus throat inside diameter for a venturi inlet.
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FIGURE 427 Anp ovemsize inlet bell shown on 2 vaneaxial fan with
five wide-tip airfoil blades in stationary position.

Direct Drive, Belt Drive, Duct Connection

As in tubeaxial fans, direct drive generally is preferable in small vaneaxial fans so
that obstructions to airflow (from the belt housing), belt losses, maintenance, and the
extra expense for bearings, brackets, and belt housings is avoided. Beit drive, on the
other hand, is preferable in large sizes so that the running speed can be kept low
without the use of expensive low-speed motors. Belt drive also permits better cover-

FIGURE 428 The same inlet bell with the fan wheel running and a
string being drawn in by the air stream entering the unit.
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FIGURE 429 Inlet view of a §4-in vaneaxial
fan (930 rpm, belt drive from 25-hp, 1750-rpm
motor} with a 45 percent hub-tip ratio, six cast-
aluminum aitfoil blades, and the equivalent of
eleven outlet vanes. (Courtesy of Ammerman
Division, General Resource Corporatian, Hop-

kins, Minn.)
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age of the range so that requirements
for air volume and static pressure can be
met more closely. Figure 4.29 shows a
belt-driven vaneaxial fan.

The cylindrical shape of vaneaxial
fans makes them suitable for straight-
line installation. Like tubeaxial fans,
they can be connpected to an inlet duct,
an outlet duct, or both.

Guide Vanes

As mentioned previously, the airflow
past an axial-flow fan wheel has a helical
pattern. This means that the air moves
along cylindrical surfaces with practi-
cally no radial component, only an axial
and a rotational or circumferential com-

nent.

It is the function of the guide vanes to
eliminate or at least reduce the air spin
past the fan blades. There are two ways

in which guide vanes can be provided to
perform their function of reducing the
rotational energy loss: They can be located on the outlet side or on the inlet side of
the fan blades. In the case of outlet vanes, the static pressure is produced partly by
the blades and partly by the vanes. In the case of inlet vanes, the vanes do not pro-
duce any static pressure; they merely prepare the airflow for the blades.

In order to study the two types of guide vanes, let us make a schematic sketch of
the flow pattern along a cylindrical surface for each type of vane. In order to do this,
we have to “unroll” or develop this cylindrical surface into a flat plane. This is done
in Fig. 4.30 for outlet vanes and in Fig. 4.31 for inlet vanes. These two figures show
not only the shapes of the blades and vanes but also the different v * .~ities of the air
flowing past the blades and vanes.

Outlet Guide Vanes

The function of outlet vanes is easier to understand. Figure 4.30 shows how the air-
flow will pass first through the rotating blade section and then through the station-
ary guide vane section. The airflow approaches the blades with an air velocity V; of

cfm

annular area (44)

V(] = V, =
The airflow then gets deflected by the blades and leaves the blades with velocity
V.. This velocity ¥, has an axial component Vo that, of course, has to be retained
for continuity {sc¢ Chap. I, page 1. 10 on basics). V, also has a rotational compo-
nent V,, resulting in

Vi=VVE+V? {4.5)
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FIGURE 430 Function of outlet vanes. They guide the helical airflow, produced by the rotating
blades, back 1o an axial direction, thereby decelerating the air velocity from V, to Vo,
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FIGURE 431 Function of inlet vanes. They guide the approaching axial airflow into a helical
motion, with the rotational component opposite to the fan rotation. The rotating blades then

deflect the airflow back into a more or less axial direction, thereby decelerating the air velocity
from V| to Va.
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so that V| is about 20 to 30 percent larger than V|, at the hub. At the tip, the increase
will be smaller, about 10 to 15 percent. In other words. the deflection of the airflow

will be largest at the hub, according to the following formula:
33 i
V< 233 x 10 y SP

r

(4.6)
rpm r

where V, = rotational component of the helical airflow, in fpm
SP = static pressure, in inches of water column
r = radius of the rotating blade section, in inches

The airflow then passes through the stationary vane section. These outlet vanes
guide the air stream back into the axial direction. The air leaves the guide vane sec-
tion with a velocity V, that again must be the same as V,, for continuity. In the vane
section, therefore, the airflow is decelerated from V, to V.. Some of this difference
V, — V, is converted to static pressure. This phenomenon of static recovery was
explained in Chap. 1. Figure 4.24 shows a vaneaxial fan housing with the outlet guide
vanes visible.

Inlet Guide Vanes

The function of inlet vanes is different. It is illustrated in Fig. 4.31. Here, the air is
first drawn through the stationary vane section. These inlet vanes are curved in such
a way that they guide the airflow into a helical motion whose rotational component
is opposite to the fan rotation. This rotational component should be just sufficient to
neutralize the subsequent deflection in the direction of the fan rotation that is
imposed on the airflow by the rotating blades. As a result, the air should leave the
blades in an approximately axial direction. In this arrangement, the airflow
approaches the guide vanes with air velocity

V=V, =cfm/annular area (4.4)

The airflow then is guided into a spin by the stationary inlet vanes and leaves them
with velocity

Vi=VVi+ Vi (4.5)

Again, V, is larger than V. Finally, as the air passes through the rotating blade sec-
tion, it is deflected back into an approximately axial direction and thereby is slowed
down to V, again, with some of the difference V-V, converted to static pressure.

Shape of the Guide Vanes

The shape of the guide vanes can be determined from the requirement of tangential
conditions at the leading edge of the outlet vanes and the trailing edge of the inlet
vanes. The width and spacing of the vanes follow considerations similar to those gen-
erally used in the design of turning vanes in duct elbows. The considerations are,
however, not quite the same because the airflow in elbows usually does not change
its velocity (except for the direction), whereas outlet vanes operate in decelerated
airflow and inlet vanes in accelerated airflow.

Since the guide vanes are stationary. the relative air velocities and therefore the
losses here are much smaller than in the blade section. From this 1t might be sur-
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mised that the shape of the guide vanes is not quite as critical as that of the blades.
This is actually true for the outlet vanes. The shape of inlet vanes, however, is still
critical. not because of the comparatively small losses occurring in them. but because
of the indirect effect on the subsequent blades. If the helical air motion entering the
blade section is not in accordance with the calculation. the blades will not operate
under the precalculated conditions and naturally will not perform as expected. This
is one of the disadvantages of inlet vanes and an advantage of outlet vanes (others
will be discussed later).

The cross section of the guide vanes—Ilike that of the blades—can be either an
airfoil shape or a single line (as shown in Figs. 4.30 and 4.31) of proper curvature.
Airfoil vanes are made as aluminum castings (or sometimes of hollow-steel con-
struction). whereas single-sheet steel vanes are fabricated. The single-sheet steel
construction is used more commonly and will result in satisfactory performance, so
the extra expense of the airfoil construction is seldom justified. Only for certain per-
formance features (such as a wider efficiency curve) will airfoil vanes be useful.
especially in the case of the more critical inlet vanes.

The Pros and Cons of Guide Vanes

Now that the function of the guide vanes has been clarified. the first question to be
asked naturally is: In which cases is it worthwhile to provide such guide vanes? Or in
other words. in which cases should the more elaborate and more expensive vane-
axial tan be used instead of the tubeaxial fan? The answer is: The vaneaxial fan
should be used whenever higher pressure and higher efficiency are requested or
desired. The vaneaxial fan is indicated for high-pressure requirements because it
converts some of the rotational component V, back into static pressure. thereby pro-
ducing more static pressure than the tubeaxial fan. The vaneaxial fan is indicated
whenever high efficiency is desired because—owing to the higher static pressure—
the vanecaxial fan produces a larger air horsepower and therefore a higher efficiency.

The next question to be asked is: Which is the better location for the stationary
guide vanes, ahead or past the rotating blades? The answer is: Qutlet vanes will be
preferable in most cases. Let’s analyze this answer. Inlet vanes (ahead of the blades)
are occasionally (but not too often) the preferred configuration. For example, if the
motor should be on the inlet side (in order to be more accessible) and the guide
vanes should be around the motor (to save space). this would be a good reason to
use inlet vanes. Another example: If strong inlet turbulence (due to an inlet damper
or an inlet elbow or duc 10 an inadequate venturi inlet) can be expected, the inlet
vanes will give the air strcam an opportunity to somewhat smooth out before it hits
the rotating blades, so this would be another reason for inlet vanes. On the other
hand. inlet vanes have the following five disadvantages:

1. The shape of inlet vanes is more critical. as was discussed earlier.

2. By giving the air strcam a spin oppositc the fan rotation. inlet vanes obviously
result in larger relative air velocitics (relative to the blades), almost as if the fan
wheel were to rotate at a higher speed. This results in a higher noise level, however.

3. Inlet vanes, while reducing a strong inlet turbulence. will themselves produce some
slight inlet turbulenc§:. again resulting in a slightly increased noise level. In other
words, outlet vanes will be quicter if the blades operate in a fairly smooth airflow.

4. Inlet vanes are designed to compensate for the subsequent deflection of the air
stream by the rotating blades, but they can do this only for one point on the per-
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formance curves. At lower static pressures, there will still be some air spin oppo-
site the fan rotation, even past the blades. At higher static pressures, there will be
an air spin in the fan rotation despite the inlet spin from the inlet guide vanes. The
reason for this is that the deflection by the rotating blades (the rotational com-
ponent V,) is not constant but is proportional to the static pressure. as can be seen
from the formula for V.. given earlier. A remaining air spin could be quite harm-
ful. particularly if there is a converging cone past the fan, which would amplify
the spin. as illustrated in Fig. 1.8 in Chap. 1. Outlet vanes. on the other hand, will
do a better job of removing the air spin past the blades. They will do this for any
point on the performance curves, by brute force. so 10 speak. even if tangential
conditions do not prevail at the leading edge of the outlet vane.

5. The deceleration from V; to V,, with simultaneous partial conversion of kinetic
energy (velocity pressure) to potential energy (static pressure), of the airflow is
done by the rotating blades in the case of inlet vanes but by the stationary guide
vanes in the casc of outlet vanes. Obviously. the air velocity retative to the sta-
tionary outlet vancs 1s considerably smaller and therefore has smaller losses due
to turbulence than the air velocity relative to the rotating blades. This conversion.
called static regain, therefore wiil be more efficient for outlet vanes. In other
words, outlet vanes will provide more static regain.

On balance. we can say that outlet vanes will be preferable in most applications.

Velocity Diagrams, Relative Air Velocities, Blade Angles f + o

Let us repeat the formula for the static pressure SP produced at each radius of a
vancaxial fan:

SP=343x10"xrpmxzpx C; xIx W (4.2)

This formula indicates that the static pressure produced is proportional to W, the air
velocity relative to the blade. Figure 4.32 shows the velocity diagram for outlet vanes
and explains the meaning of the various velocities.

From Fig. 4.32. we note that W consists of two components: V, in axial direction
and Vy - AV, in circumferential direction. Thus we get

7 TV
W= Vis(V,—=V, 7
Jvit(va-y v A7)

and that the corresponding air angle B can be calculated from

Va
tan f = —1 (4.8)

Vg 5 v,
The corresponding blade angle must be made somewhat larger. namely.  + o. where
o 1s the angle of attack (see Figs. 2.1 and 2.4. Chap. 2. on airfoils). The angle o is deter-
mined from the characteristic curves (for an infinite aspect ratio) for the airfoil used.
The angle ot is largest at the hub (about 2° to 5°) and smallest at the tip (about 0° to 3°).
The angle & indicates the air angle past the blades. but as can be seen from Fig.
4.32, 8 is measured from the axial direction (not from the circumferential direction
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FIGURE 432 Velocity diagram for outlet vanes,
(D} -dn
A= e annular area in square feet if D and 4 are in inches
V,=cfm/A.  axial air velocity in feet per minute through the annutus
33x10° SP
V= ™/ x e rotational component in feet per minute of the helical air velocity past
R the blades

$P = static pressure in inches of water column
r=radius in inches of the rotating blade section under consideration
V, = helical air velocity in feet per minute past the blades, thatis, V="V V.2 4 V2
W, = air velocity in feet per minute relative to the leading edge of the blade
Wr = air velocity in feet per minute relative to the trailing edge of the blade
W = air velocity in feet per minute relative to the blade, average of W, and W
Va=(2m/12)xrpm  blade velocity in feet per minute of the rotating blade section

W= JV.H(V,—%IZ)’
V.

tan = v ] average direction of the relative air velocity W while passing the blade section
3= vr
2

vV,
tan5='V— direction of the air velocity V, past the blade, entering the guide vane section; also
‘ angle of the leading edge of the guide vane
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like B). The angle 8 is also the angle at the leading edge of the outlet vane. It can be
calculated from

t S—EL (4.9
an _V,, )

Figure 4.33 shows the velocity diagram for inlet vanes and again explains the
meaning of the various velocities. Here, the formula for the relative air velocity Wis

different:

f Y
W= (VI+(Vy+ZV, _
V7 +( Bt 7 ) (4.10)

The corresponding air angle B now can be calculated from

vﬂ'
tan B=——"— 4.11)

Ve+ =V,
gt 3
Again, the angle of attack « is added to B to obtain the blade angle B + o. The angle
d here is the air angle past the vane section. i.e., the angle at the trailing edge of the
guide vane. Again, it can be calculated from

tan § =2 (4.9)
and=— .
Va

Number of Blades z;

Let’s discuss a question that has been asked many times: Is there such a thing as an
optimal number of blades for a vaneaxial fan. and if there is an optimal number.
what 1s it? Let’s analyze this interesting question.

From the formula for the static pressure produced, we already know that this
pressure is proportional to the product z; x /, the number of blades times the blade
width. This means that a certain design can be modified by, for instance, doubling the
number of blades and reducing their width to one-half without any appreciable
change in the fundamental design and in the resulting performance of the unit, at
least as far as air volume and static pressure are concerned. But what about turbu-
lence and noise? They are—and this is an important point—mostly produced by the
edges (both leading and trailing edges) and not by the blade surface. Therefore.
fewer and wider blades will result in a better fan efficiency and a lower noise level.
On the other hand., if the number of blades becomes too small and the blade width.
therefore, too large. the fan hub becomes too wide axially and thus heavy. bulky,
expensive, and hard to balance. We are facing two conflicting requirements: fewer
blades for better efficiency and less noise but more blades for less weight. etc.

Aerodynamically, the optimal number of blades would be one very wide blade,
draped around the entire hub, becausc this would keep the number of blade edges
and the turbulence losses to a minimum. One wide blade, therefore, would result in
the best efficiency and in the lowest noisc level but in an impractical and costly fan
wheel. As a compromise between efficiency and cost. five to twelve blades are good
practical solutions.
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FIGURE 433 Velocity diagram for inlet vanes.
(D*-P)=n
Az T o1 annular area in square feet

V.=cim/A,  axial air velocity in feet per minute through the annulus
233x10° SP

o X7 rotational component in feet per minute of the helical air velocity past
™ the vanes

SP = static pressure in inches of water column
r = radius in inches of the rotating blade section under consideration

Vi=VV2+ V2 helical air velocity in feet per minute past the vanes
W, = air velocity in feet per minute relative to the leading edge of the blade

Wr= air velocity in feet per minute relative to the trailing edge of the blade

W = air velocity in feet per minute refative to the blade, average of W, and W
Ve=(2r/12) x1pm  blade velocity in feet per minute of the rotating blade section

V.=

W= JV.’+ V,+%V,)z
V.
tan P = Vet IV average direction of the relative air velocity W while passing the blade section
BT Yy
2
v,

tan§="7,  direction of the air velocity V, past the vane, entering blade section; also angle of the
‘ trailing edge of the guide vane

Width of Blades /

The width of the blades is measured along a curve or, to be exact, along the inter-
section of a cylindrical surface with the blades. However, measuring the blade width
straight across will resuit in almost the same dimension, except for very wide blades.
The pressure produced, as mentioned before, is proportional to the product zg x /
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After we have decided on the number of blades 2z we must now determine the
width of the blades.

At the hub, the blades must be nonoverlapping. for two reasons: Overlapping
blades might choke the airflow. and—if a simple sand casting is used—they could not
be drawn from the sand. Usually, overlapping blades will be avoided if the blade
width /1s made equal to or smaller than [ = 3.4d/z4. where o is the hub diameter and
zx 18 the number of blades. This, then. will be the blade width at the hub. In some
designs. the blade width is constant all the way from the hub to the tip of the blades.
but often it varies.

As far as the point of design is concerned. the designer has a certain amount of
freedom in selecting the blade width for the outer portion of the blades, since varia-
tions in blade width at cach radius can be compensated by corresponding variations
in the lift coefficient €, of the profile used in that section. This freedom can be used
to control certain performance features. not just concerning the point of design. The
first and most natural idea would be to make the blade narrower toward the tip
because of the greater blade velocity Vi, at the tip. In fact. many fan wheels are
designed this way. Sometimes, however, conditions are such that wide-tip blades
have certain advantages. such as a significantly lower noise level. a steeper pressure
curve, and a higher maximum pressure. However, wide-tip blades result in a deeper
stalling dip (especially for large blade angles) and in a larger brake horsepower at
the no-delivery point. The fan, of course, should never operate at the no-delivery
point. but if by an unforeseen accident it does. the brake horsepower overload might
damage the motor. Narrow-tip blades. on the other hand. result in a flatter pressure
curve, a larger free-delivery air volume. a lower no-delivery brake horsepower, and
less sensitivity of the sound level to inlet turbulence.

Number of Guide Vanes 2z,

We have already discussed the number of blades z, and have reached the conclusion
that five to twelve blades will be an acceptable compromise between good fan effi-
ciency and a reasonably low cost. Now we wonder what the number of guide vanes
Zy should be. There are only two simple rules for the determination of z,:

1. zy should be larger than z, because the guide vanes should be closer to cach
other. The risk of choking the airflow due to overlapping is remote.

2. The numbers for z; and z,- should have no common divisor; otherwise, two
blades would pass two vanes simultancously. thereby increasing the noise level.
In other words. the occurrence of blades passing vanes should be staggered
rather than concentrated. Supposce that zz = 6. This would rule out the numbers
8.9.10.12. 14, and 15 for z,. Seven vanes would be spaced too far apart. except
in a very small fan. say, a fan of 5-in diameter or less. Thus 11 or 13 vanes would
be a good selection.

Suppose that z; = 7. This would be a good selection for the number of blades. It
would make the fan wheel fairly narrow in axial direction and easy to balance. And
it would go with any number of vanes 2, except 14, In fact. 10. 11,12, 13, and 15 vanes
would all go well with seven blades.

Suppose that we have 13 guide vanes. but 2 or 3 of them have to be skipped
because they would interfere with a belt housing or a motor support. The remaining
10 or 11 guide vanes then would be spaced as if there were 13 guide vanes.
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TWO-STAGE AXIAL-FLOW FANS

Two-stage axial-flow fans are sometimes a good solution for applications where
higher static pressure is required or (as mentioned on page 4.9) where the static pres-
sure per stage should be reduced so that a smaller hub diameter can be used. There
are two ways to design a two-stage axial-flow fan: (1) with two fan wheels rotating in
the same direction and with guide vanes placed between the two stages (Fig. 4.34) or
(2) with two counterrotating fan wheels and no guide vanes at all (Fig. 4.35). By either
method, the two-stage unit will approximately double the static pressure.

Two-Stage Axial-Flow Fan with the Same Rotation for Both Stages

In the first configuration, a double-shaft extension motor can be placed between the
two fan wheels, as shown in Fig. 4.34, or two separate motors can be used. The sta-

N N o

/‘

FIGURE 4.34 Two-stage axial-flow fan with a 66 percent hub-tip ratio and
direct drive from a double-shaft extension motor. Guide vanes between the
two fan wheels act as outlet vanes for the first stage and as inlet vanes for the
second stage.
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FIGURE 4.35 Two-stage axial-flow fan with a 66 percent hub-tip ratio, two counter-
rotating fan wheels, direct drive from two motors, and no guide vanes.
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tionary guide vanes also will be between the two fan wheels. Their function is shown
in Fig. 4.36. They pick up the helical airflow produced by the rotating blades of the
first stage and—due to their curvature—reverse the rotational component V, to the
opposite rotation, whereby the air velocity first decelerates and then accelerates
again. In other words, they act as outlet vanes for the first stage and as inlet vanes for
the second stage, as shown in Figs. 4.34 and 4.36. The rotating blades of the second
stage then deflect the airflow back into a more or less axial direction, thereby decel-
erating the air velocity from V. to V; = V,,. This configuration has the advantage that
the same fan wheel usually is used for both stages, even though theoretically the sec-
ond-stage fan wheel should have slightly smaller blade angles.

Two-Stage Axial-Flow Fan with Counterrotating Stages

In the second configuration, as illustrated in Fig. 4.35, the two fan wheels run in
opposite directions and are driven by two separate motors. The air spin produced by

¢ e
First stage y y AXS@
rotating blades Rotatton
\ 0 |

v,

Stationary guide vanes
between the stages

/ V/ "o/
‘—
Second stage
rotating blades _ Rotation

FIGURE 4.36 Function of two-stage axial-flow fan with both stages rotating in the same direction
and with guide vancs between the two stages. The stationary vanes reverse the helical airflow from
the first stage into the opposite rotation, whereby the velocity first decclerates and then accelerates
again. The rotating blades of the second stage then deflect the airflow back into a morce or less axial
direction, thereby decelerating the air velocity from Vs to Vs,
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the first stage is more or less neutralized by the deflection produced by the second
stage, as shown in Fig. 4.37. As a result. no guide vanes are needed. which reduces the
manufacturing cost somewhat and compensates for the possible extra expense of
two motors instead of one. Another advantage of this configuration is that in case
that one of the two motors should fail. the unit can still deliver some air with only

one stage running.

Performance of Axial-Flow Fans

The performance of fans is determined by laboratory tests. The test methods are
described in a manual prepared jointly by the Air Movement and Control Associa-
tion, Inc. {AMCA) and the American Society of Heating, Refrigeration and Air
Conditioning Engineers, Inc. (ASHRAE). Various standard setups (such as test
ducts and test chambers, both for blowing and for exhausting) are specified in the
manual. They will be discussed in detail in Chap. 18. After a test has been run. the test
data are processed (subjected to certain calculations). and the results are plotted on
a graph. such as shown in Figs. 4.38 and 4.39.

Pressure Curve

Figure 4.38 shows the shape of a typical static pressure versus air volume curve. It
certainly has a strange shape, first going up, then going down, and then going up
again. What causes this obviously inconsistent behavior of an axial-flow fan? Let's

¢ e
First stage
rotating blades Rotation

Vo | \ V1

vr

Second stage ]
rotating blades %% % , Rotation

V2=V

FIGURE 4.37 Function of two-stage axial-flow fan with two counterrotating fan wheels and no
guide vanes. The rotating blades of the first-stage fan wheel deflect the airflow into a helical motion.
thereby accelerating the velocity from V; to V.. The rotating blades of the second-stage fan whee!
then deflect the airflow back into a more or less axial direction, thereby decelerating the air velocity
from V, to V..
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FIGURE 4.38 Static pressure versus air volume for a vaneaxial fan with a large hub-tip
ratio and with large blade angles.

analyze it. Starting at the free-delivery (S = 0) point, the static pressure rises to a
peak value. This is the good operating range of the fan, from free delivery to the
peak pressure. As the air volume—due to increasing restrictions—gradually
becomes smaller in this operating range, the axial air velocity V, gradually
decreases, too. As a result, both the angle of attack (between the relative velocity W
and the airfoil or single-thickness profile) and therefore the lift coefficient C, will
increase (see Fig. 2.5). This increase in the lift coefficient is the reason why the static
pressure increases as the air volume decreases. When the maximum lift coefficient
is reached, the angle of attack has become so large that the airflow is no longer able
to follow the upper contour of the airfoil or profile, and it separates from that upper
contour. The fan then stalls. From here on. the lift coefficient starts to decrease, as
shown in Fig. 2.5, and the static pressure decreases with it. If nothing else wouid
happen, the static pressure would go all the way down to zero. as indicated by the
dashed line in Fig. 4.38. In other words. the static pressure versus air volume curve
would look similar to the C, versus o curve in Fig. 2.5, It would first rise and then
fail. However. something else happens. After a more or less pronounced stalling dip
in the static pressure curve, the axial-flow fan starts acting like an inefficient and
noisy mixed-flow fan. (Low efficiency and high noise level usually go together in
fans because they both are the result of air turbulence and eddies.) As the airflow
approaches the fan inlet. the blades throw the air outward by centrifugal force and
in this way produce the static pressures of the stalling range, which keep increasing
until the point of no delivery (zero cfm) 1s reached. Figures 4.40 and 4.41 show a
comparison of the airflow in the operating range and in the stalling range. In the
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Volume (CFM)

FIGURE 4.39 Static pressure, brake horsepower, mechanical efficiency, and sound level
versus air volume for a vaneaxial fan with a large hub-tip ratio and with large blade angles.

operating range, the airflow passing through the unit is smooth and quiet, without
any eddies. In the stalling range, the airflow is turbulent, inefficient. and noisy. It
crowds toward the tips of the blades, and some of it even forms eddies past the
blades and returns to the roots of the blades to be thrown outward again. especially
as the point of no delivery is approached.

The depth of the stalling dip is minor if the hub-tip ratio and the blade angles are
Zmall. For larger hub-tip ratios and larger blade angles, the stalling dip becomes

eeper.

Pressure Safety Margin

Precaution must be taken in the selection of axial-flow fans so that the unit, when
installed in the field. will not operate in any part of the inefficient and noisy stalling
range. For this reason, a pressure safety margin of 30 to 50 percent should be pro-
vided. This means that the maximum operating pressure of the selected unit.i.e.. the
peak pressure of the operating range, should be 30 to 50 percent higher than the
pressure required for the application. This pressure safety margin will allow for pos-
sible errors that may have been made in the determination of system resistance and
to allow for possible fluctuations of the system.

Using a 30 to 50 percent pressure safety margin is good practice. If the safety mar-
gin were too small, there would still be the risk that the installed unit might operate
in the stalling range. On the other hand., if the safety margin were larger than really
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FIGURE 4.40 In the good operating range, the airflow passing through a
vaneaxial fan is smooth and has no radial components.
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FIGURE 4.41 In the stalling range, the airflow passing through a vane-
axial fan is turbulent, with eddies and with radially outward components.
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necessary, this would increase the motor horsepower required. Thus 30 to 50 percent
is a good compromise between risk and excessive brake horsepower.

Curves for Brake Horsepower, Efficiency, and Sound Level

Coming back to Fig. 4.39.it shows the gencral shape of the performance curves for an
axial-flow fan. Four curves are plotted against volume output (cfm).showing the vari-
ation of the static pressure. brake horsepower. mechanical efficiency. and sound level
for varving air volumes. We have already discussed the shape of the pressure curve,
The following characteristics are to be noted 1n the shape of the three other curves

The brake horsepower curve also first goes up. then goes down, and then goes up
again, but the variations are less than in the pressure curve. The brake horsepower at
the no-delivery point may be higher or lower than the maximum brake horsepower
in the operating range, depending on the design. As mentioned previously, wide-tip
blades have the advantage of a lower noise level but the disadvantage of motor over-
load at the no-delivery point.

The efficicncy curve has its maximum point at 65 to 80 percent of the peak pres-
sure. As can be seen in Fig. 4.39, the curve drops off on both sides of this maximum
point.

The sound-level curve has its minimum somewhere in the operating range. usu-
ally ncar the point of maximum efficiency. It shows little variation within the oper-
ating range but shows a sudden increase as the stalling point is approached. where
the airflow becomes turbulent. After this sudden increase. which in the range of
higher tip speeds is often as much as 25 dB. the unit stays noisy throughout the
stalling range and again shows little variation within this range. We might say that
the sound-level curve has two levels: a ow level in the operating range and a high
level in the stalling range. The quality of the sound also changes noticeably from a
predominantly musical note in the operating range to a low-pitch rumbling noise in
the stalling range. The frequency of the musical note is equal to the number of blades
times the revolutions per second. This is s0 accurate that one can even use this as a
mcthod to determine the revolutions per minute (speed) of an unaccessible axial-
flow fan installed in a system. We simply check the musical note with a pitch pipe.
look up its frequency fin Table 4.1, and calculate the speed from the frequency fand
the number of blades 2, using the following formula:

rpm = 60f/z, (4.12)

Suppose the fan has seven blades and the musical note is A+ having a frequency of 220
vibrations per second. The running speed of the fan then will be 60 x 220/7 = 1886 rpm.

Influence of Hub-Tip Ratio on Performance

We have already c:s‘lablishcd that a larger hub diameter enables a vaneaxial fan to
produce more static pressure. In the section on minimum hub diameter we intro-
duced the formula

e = (19.000/rpm)\ SP (4.1)
Solving this equation for static pressure. we gel

SP = (dp,, x rpm/19,000Y (4.13)
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TABLE 4.1 Musical Notes and Their Frequencies (vibrations per second)

Musical Frequency Musical Frequency Musical Frequency
note / note ! note f
A 110 A, 220 A, 440
Au.‘ 1 17 An 233 As.l 466
B. 123 B 247 B, 494
C. 131 C, 262 Cs 523
Cax 139 Cia 277 Ca 554
D. 147 D, 294 D, 587
D.: 156 D, 311 D 622
E; 165 E, 330 E 659
F: 175 F, 349 Fes 698
Fex 185 | 370 Fs 740
G; 196 G, 392 G« 784
G 208 Gy 415 Gus 831
Aq 880

This indicates that the static pressure produced increases as the square of the hub
diameter or, for a constant wheel diameter D, as the square of the hub-tip ratio. In
order to illustrate this. let’s compare the performances of two vaneaxial fans having
the same wheel diameter and running at the same speed but having different hub-tip
ratios. Such a comparison of performances is shown in Fig. 4.42. I tested two 29-in
vaneaxial fans with outlet vanes and plotted their performance curves. Both fans had
five blades and 16° blade angles at the tip, and both ran at 1750 rpm, but their hub-
tip ratios were 52 and 68 percent, respectively. Analyzing the graph shown in Fig.
4.42, we find the following differences between the two static pressure curves:

1. The first fan, with the 52 percent hub-tip ratio. produced a maximum static pres-
sure of 3.05 inWC. The second fan, with the 68 percent hub-tip ratio. produced a
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FIGURE 442 Comparison of the performances of two 29-in vaneaxial fans at 1750 rpm with five
blades. cleven outlet vances, 167 tip angles, and hub-tip ratios of 52 and 68 percent.
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considerably higher maximum static pressure (as could be expected). namely,
4.75 inWC,

2. According to the formula. the second tan should produce (0.68/0.52) x 3.05 =
5.22 inWC of maximum static pressure. The reason why it actually produced
about v~ inWC less than this is that the hub diameter is not the onlv parameter
influencing the static pressure. The blade width is the other parameter. It so hap-
pened that the second fan had a slightly narrower blade tip. and this resulted in a
slightlv lower maximum static pressure.

3. On each curve, the point of maximum efficiency is indicated. It occurs at 2.1
inWC for the first fan and at 3.4 inWC for the second fan. According to the for-
mula. the sccond fan should produce (0.68/0.52)° x 2.1 = 3.6 inWC at the point of
maximum efficiency. Again, the slightly lower static pressure actually produced is
a result of the slightly narrower tip.

4. While the first fan produces less static pressure, it delivers more air volume and
therefore has a flatter pressure curve. The reason for this is the larger annular
area resulting from the smaller hub diameter.

5. The second fan has a pronounced stalling dip. whereas the first fan has just a
slight reversed curvature in the pressure curve. Vaneaxial fans with larger hub-tip
ratios have deeper stalling dips.

Influence of the Blade Angle on Performance

Figure 4.43 shows the performance of a typical 36-in vaneaxial fan running at 1750
rpm. This fan has a 23-in hub diameter, corresponding to a 64 percent hub-tip ratio,
and ten blades with sheet metal profiles (not airfoils), with the blade widths varying
from 7V in at the hub to 11 in at the tip. The blades had a 12° twist from hub to tip,
and the blade angles were varied over a wide range. resulting in tip angles from 13°
(10 hp) to a maximum of 33° (50 hp). In Fig. 4.43, we note the following:

1. Seven static pressure curves are shown, for tip angles of 13° (10 hp). 16° (15 hp),
19° (20 hp). 22° (25 hp). 25° (30 hp). 29° (40 hp), and 33° (50 hp).

2. Let’s analyze the performance shown for the middle curve, which uses a 22° tip
angle and a 25-hp motor. It has a maximum static pressure of 6.2 inWC. The max-
imum efficiency occurred at a static pressure of 4.5 inWC, so the pressure safety
margin was 38 percent. The volume at this point was 22,700 c¢fm. Calculating the
minimum hub diameter. we get doi, = (19.000/rpm)VSP = (19.000/1750)\/4.5 =
23.0in. This is the hub diameter we actually used. Calculating the minimum wheel
diameter, we get Dy, = \/d" + 61 (cfm/rpm) = /137 + 61 x 22,700/1750 = V529 + 791
="V1320 =36.3 in. We actually used a 36-in wheel diameter.

3. Asthe b_lade angles were increased from 13° to 33°, the air volume (cfm) dou-
bled, while the maximum static pressure increased by about 50 percent and the
stalling dip deepened.

Some manufacturers make axial-flow fan wheels with adjustable-pitch airfoil
blades. This angular adjustment can be accomplished in various ways. My U.S. patent
no. 4,610,600 describes one method that maintains good fan efficiency. Usually, the
adjustment is done with the power shut off, but some designs permit automatic “in-
flight™ adjustment.

From the performance curves shown for this 36-in vaneaxial fan at 1750 rpm, one
could calculate the performance curves for other running speeds and for other sizes
as long as they are in geometric proportion with the 36-in size. These conversions for
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FIGURE 4.43 Pecrformance of a 36-in vancaxial fan at 1750 rpm with tip angles varied from 13°
(10 hp) 10 33° (50 hp). (From Bleier, F. P., Fans, in Handbook of Energy Systems Engineering. New
York: Wiley, 1985.)

other speeds and sizes are done by using certain formulas known as fan laws. These
will be discussed in Chap. 5.

Comparison of Performance for the Four Types of Axial-Flow Fans

Figure 4.44 shows a comparison of the static pressure curves for the four types of
axial-flow fans, all having the same wheel diameter and the same running speed.
While the general shape of the four curves is similar, the range of static pressures
is quite different. The propeller fan delivers the largest air volume but produces
the lowest static pressure and therefore has the flattest pressure curve. The tube-
axial fan is in the middle. The vaneaxial fan delivers less volume in the low-
pressure range but produces the highest static pressure and therefore has the
steepest pressure curve.

Figure 4.44 also shows some parabolic curves that intersect the pressure curves.
These parabolic curves are called system characteristics because they characterize
the system (ducts, coils, elbows, dampers, etc.). the same as the pressure curves char-
acterize the fan. System characteristics will be discussed in more detail in Chap. 5.
For the time being, let’s just say that they show the static pressure nceded to over-
come the resistance of the system and that this static pressure increases as the square
of the air volume to be blown or drawn through the system. The point of intersection
of the fan's pressure curve with the system characteristic will be the point at which
the fan will operate in this system.

Table 4.2 shows the highlights of this discussion of the four types of axial-flow
fans: propeller fans. tubeaxial fans. vancaxial fans. and two-stage axial flow fans. This
table again shows that the sequence propeller, tubeaxial, and vaneaxial indicates the
general trend of increasing hub diameter, static pressure, and efficiency. The effi-
ciencies shown on the last line of the table arc the maximum mechanical efficiencies
that can be obtained with a superdeluxe model. Practical fan efficiencies usually are
slightly lower. Belt-driven units, again, have slightly lower efficiencies.
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FIGURE 4.44 Comparison of static pressure curves for four types of axial-
flow fans having the same wheel diameter and the same running speed.
Parabolic curves indicate four system characteristics through the maximum
efficiency point of cach fan. (From Bleier F. P, Fans, in Handbook of Energy
Svstems Engineering. New York: Wiley, 1985.)

INFLUENCE OF THE TIP CLEARANCE ON THE
PERFORMANCE OF VANEAXIAL FANS

Figures 4.45 through 4.47 show the results of a series of tests I conducted on a 29-in
vaneaxial fan running at 1750 rpm. I started with a unit having a Vie-in tip clearance
and then machined the fan wheel outside diameter down by ¥is in on the radius for
a Y-in tip clearance and retested the unit. I repeated this process several times until
I finally had a 1-in tip clearance. Not that I ever expected to use such a large tip
clearance. I just wanted to determine exactly what the performances at these differ-
ent tip clearances would be. These curve sheets indicate that for increasing tip clear-
ances, the following changes in performance occur:

1. The air volume decreases, but not too much.

2. The maximum static pressure in the operating range decreases considerably,
from 2.5 in at a Vie-in tip clearance to 1 in at a 1-in tip clearance.

3. The brake horsepower in the operating range decreases considerably, but not as
much as the static pressure.

4. As a result, the mechanical efficiencies decrease considerably, from a maximum
of 82 percent at a Vis-in tip clearance, to 72 percent at %« in, to 60 percent at '¥ie
In, to 58 percent at | in.
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TABLE 4.2 Tvpical Features of Axial-Flow Fans with Direct Drive

4.39

Single-stage

Two-stage

Type Propeller Tubeaxial vaneaxial axial-flow
of fan fan fan fan fan
Casing Mounting ring Short Cvlindrical Long
or cylindrical housing cylindrical
Mounting panel housing housing
Motor Inlet side Inside housing,  Inside housing.  Inside housing,
support of pancl outlet side outlet side between the
preferred preferred preferred two stages
Guide None None Past fan wheel  Between the two
vanes preferred stages or none
Hub-tip 0-40% 30-50% 45-80% 50-80%
ratio
SP (inW() -1 V-2V 1-9 4-18
Blade 30-50° 30-50° 30-60° 30-60°
angle
at hub
Blade 10-25° 10-25° 10-35° 10-35°
angle
at tip
Maximum 70% 75% N % 70%
mechanical

efficiency

5. The noise level at free delivery increases somewhat, from 73.5 dB at a Vie-in tip
clearance to 76 dB at a ¥-in tip clearance.

6. The noise level in the stalling range goes up and down periodically. fluctuating
between 96 and 108 dB. This seems to be the result of a resonance condition. It
reaches maxima at tip clearances of V4, 2, and % in. This may be an interesting
finding, but it is of no practical value, since the fan should never be used in the
stalling range.

What is of practical value is what we found about the performance in the operat-
ing range, that the smallest possible tip clearance will result in optimal performance
in all respects: pressure, efficiency, and noise level. In small vaneaxial fans, it would
be worthwhile to machine the wheel outside diameter and the housing inside diam-
eter so that a small tip clearance can be held. In larger fans, this would be too expen-
sive, and as a compromise between cost and performance, a somewhat larger tip
clearance will have to be accepted.

Tubeaxial and propeller fans produce lower pressures and efficiencies than
vaneaxial fans. A larger tip clearance. therefore, is less harmful in these fans.

VANEAXIAL FANS WITH SLOTTED BLADES

Figure 2.6 showed how the airflow will pass smoothly over an airfoil blade, thereby
producing a lift (see Fig. 2.1). most of which is the result of negative suction pressure
on the top side of the airfoil. This lift results in the static pressure produced by the
fan. As the angle of attack gets larger and larger, the lift and therefore the static pres-
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FIGURE 4.45 Influcnce of tip clearance on the pressure and brake horsepower curves of
a 29-in vancaxial fan running at 1750 rpm.

sure become larger too, but there comes a point where the angle of attack becomes
so large that the airflow can no longer follow the airfoil contour and will separate
from the upper (suction) side of the airfoil. as shown in Fig. 2.7. In a typical airfoll,
this will happen when the angle of attack reaches about 10° to 15°.

Please note that this 10° to 15° is not the blade angle. The blade angle is much
larger. The blade angle is § + o where B is the air angle, which can be calculated from
the velocity diagrams (Fig. 4.32 for outlet vanes or Fig. 4.33 for inlet vanes):

Va

tan f = for outlet vanes (4.8)
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FIGURE 4.46 Influence of tip clearance on the efficiency and noise-level curves of a 29-in
vaneaxial fan running at 1750 rpm.

Vv :
tan = —'l—- for inlet vanes (4.11)

V” + '2_V,
As mentioned previously, outlet vanes are preferable in most applications.
In other words, whenever the angle of attack exceeds about 15°, separation of air-
flow will occur, and the stalling range of the vaneaxial fan will start.
The so-called slotted blade was patented by Dr. Herman E. Sheets in 1943 and is
manufactured in small sizes by General Dynamics Corporation. The slotted blade
will delay separation of the airflow and thereby extend the good operating range of
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FIGURE 447 Summary of the influence of tip clearance on the performance of a 29-in
vaneaxial fan running at 1750 rpm.

a vaneaxial fan. It will permit larger blade angles and larger angles of attack, result-
ing in higher lift coefficients and thereby in higher maximum static pressures before
stalling starts. How does the slotted blade accomplish this?

Figure 4.48 shows how the slotted blade functions. It really is not one slotted
blade but consists of two slightly overlapping airfoil blades with a slot between the
trailing edge of the first blade and the leading edge of the second blade. Figure 4.48
shows this configuration and the air velocities relative to the rotating blades. As the
airflow approaches the leading edge of the first blade, it divides into an upper air-
flow and a lower airflow, the same as in a normal (not slotted) blade.

The lower airflow passes under the bottom of the first blade and then again
divides into two branches. Most of it will pass under the second blade and past the
second blade, but a small portion will pass through the slot between the two blades
with a high velocity because the slot is narrow. After passing through the narrow
slot, this small portion of the lower airflow then will flow over the top of the second
blade and join the rest of the lower airflow.
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First blade

Rotation

P Air flow, trying to scparate
" from first blade. is drawn

e back by suction from the
\ _ high-velocity air flow through

_.~~" the slot between the two blades.
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the combined . '/
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FIGURE 4.48 Function of the slotted blade. The flow arrows shown represent relative air veloci-
tics (relative to the moving blades). The absolute air velocities would be the vector sum of the rela-
tive air velocities plus the blade velocity. The absolute air velocities past the blades would have a
strong spin to the left, which then would be neutralized by the outlet guide vanes, the same as for a
solid blade.

The upper airflow will pass over the top of the first blade and then over the top
of the second blade, as long as the angle of attack at the first blade is small. However,
as the resistance of the system increases, the angle of attack at the first blade
increases too, until a point is reached where the angle of attack at the first blade
becomes too large and the airflow can no longer follow the upper contour of the first
airfoil so that the airflow would separate from the top contour of the first airfoil, if
nothing else happens.

However, something else does happen that will delay the separation of the air-
flow from the top of the first airfoil. Actually. two things happen:

1. One is the high-velocity air stream through the slot. According to Bernoulli, this
high-velocity air stream will produce a low-pressure area—in fact. a negative suc-
tion pressure past the slot. This suction pressure will draw the airflow coming
from the top of the first blade back to the top contour of the second blade.

2. The second thing is the negative pressure produced by the suction side of the scc-
ond airfoil. This negative pressure assists in drawing the airflow back. Both phe-
nomena together will prevent flow separation for awhile.

This means that the slotted blade can go to steeper blade angles, larger lift coef-
ficients, and higher static pressures. Furthermore, because of the larger blade angles.
there is room for more blades. which again results in higher static pressures. The
maximum static pressure thus obtained casily can be double that of a normal blade.
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The air volume also 1s increased due to the larger blade angles. This means that a cer-
tain requirement for air volume and static pressure can be fulfilled with a lower
speed or with a smaller fan. This will make up for some of the increased cost of the
slotted blade.

The high static pressure produced by the slotted blade results in a deep stalling dip
and in a no-delivery static pressure that is smaller than the maximum static pressure
in the operating range. With this unconventional appcarance of the pressure curve,
the user must be doubly careful that the fan will not operate in the stalling range.

APPLICATIONS WITH FLUCTUATING SYSTEMS

Figure 4.39 showed the usual shape of the performance curves for a vaneaxial fan.
The brake horsepower curve shown has a no-delivery value just slightly above the
maximum brake horsepower in the operating range. This is still acceptable. In some
designs, however, the no-delivery brake horsepower rises considerably above the
maximum brake horsepower in the operating range. This happens whenever the
blade width at the tip is much wider than the blade width at the hub and the blade
angles are small. As mentioned, wider tips have the advantage of lower noise levels.

Even though the fan should never operate in the stalling range, there are instal-
tations where the fluctuations of the system become so great that—despite the pres-
sure safety margin—the operating point is temporarily switched into the stalling
range, sometimes even to the no-delivery point. This may happen. for example, when
wind pressure works against the outlet of a system, when intake dampers for the
makeup air of an exhaust system are accidentally closed, or when the cooling coils of
a refrigerating system freeze up.

In applications where this could happen, the unit should be designed in such a
way that the no-delivery brake horsepower is kept below the motor horsepower. In
other words, wide-tip blades may have to be avoided in such applications. The prob-
lem of controlling the no-delivery brake horsepower is hardest in cases of small
aerodynamic load, such as propeller fans and fans with small blade angles. The prob-
lem is relatively easier in cases of hcavy aerodynamic load such as vaneaxial fans
with large blade angles or with slotted blades.

Since the operating range is the most important range, it occasionally may hap-
pen that the no-delivery brake horsepower would overload the motor. In such cases,
the motor should be equipped with overload protection.

NOISE LEVEL

The noise level produced by well-designed axial-flow fans is lower than that of cen-
trifugal fans of the same tip speed, but it is more sensitive to the effect of turbulent
airflow (which will raise the noise level). Here is a list of factors (in the order of
importance) that produce noise and therefore should be avoided when quiet opera-
tion is desired:

1. Operation in the stalling range
2. High tip speed
3. Lack of an inlet bell if installed without an inlet duct
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4. Obstructions in the air stream ahead of and close to the blades (support arms.
belt housing, conduit pipes)

Elbows in the duct work ahead of and close to the fan inlet

Inlet guide vanes as opposed to outlet guide vancs

Obstructions in the air stream past and close to the fan blades

Vibrations due to poor balance or due to a resonance condition
Single-thickness blades as opposed to airfoil blades.

10. Many narrow blades as opposed to fewer and wider blades (because as men-
tioned previously, it is the blade edges, particularly the trailing edges. rather than
the blade surfaces that produce turbulence and therefore noise)

© ® N

Figure 4.49 shows a comparison of the noisc-level curves for two vaneaxial fans
of the same size and speed, one having outlet vanes (solid line) and one having inlet
vanes (dotted line). The curve for outlet vanes has the typical shape that was shown
in Fig. 4.39. The pronounced difference between the operating and stalling levels
indicates that the airflow in the operating range is smooth and stable. If it were tur-
bulent, the operating level would be almost as high as the stalling level.

The curve for inlet vanes has the same basic shape, but it shows a higher operat-
ing noise level than the curve for outlet vanes. The difference between the two
ranges, therefore, is smaller for inlet vanes. This is due to the increase in the relative
air velocities caused by the inlet vanes, which naturally has the strongest effect in the
operating range and practically no effect in the stalling range.

OUTLET DIFFUSER AND OUTLET TAIL PIECE

An outlet diffuser and an outlet tail piece, as shown in Fig. 4.7, are sometimes used
in large vaneaxial fans. Their function is to provide for a gradual increase in the
annular area toward the outlet and consequently for a gradual decrease in the air
velocity, thereby avoiding abrupt changes and improving the flow conditions with

Qutlet vanes

Sound level (Db)

Volume (cfm)

FIGURE 4.49 Sound-level curves for vaneaxial fans.
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respect to static regain. i.e. (sce page 1.12), the reconversion of useless to useful
energy. For best results, the two cones, one diverging and one converging, are long
and have small angles, about 6 with the center line. Such a diffuser and tail piece will
increase the fan efficiencies by about 4 percent. due to a slight increase in air volume
and static pressure. This may permit a slight blade angle reduction and consequently
a slight reduction in the brake horsepower. In large units, such as thosc used for mine
ventilation, this brake horsepower reduction may be considerable.

The diffuser and tail piece. on the other hand. have the disadvantages that they
make the unit longer and more expensive, and in case of direct motor drive. they reduce
the motor cooling effect of the air stream and the accessibility of the motor.if the motor
is located on the outlet side. They are therefore often omitted in small and medium-
sized units. In very large units, however, where belt drive is used and the motor is
located outside the housing, the outlet diffuser and tail picce are usually included.

SELECTION OF AXIAL-FLOW FANS

Table 4.2 indicated that the sequence propeller. tubeaxial. vaneaxial, and two-stage
axial indicates the general trend of increasing static pressure. For even higher pres-
sures, centrifugal fans are used, as will be discussed in Chap. 7. The ranges of the var-
ious types overlap. For example, the borderline between tubeaxial and vancaxial
fans is quite flexible. In addition, the range for centrifugal fans widely overlaps with
the range for two-stage axial-flow fans and even with the range for single-stage
vaneaxial fans. Keeping all this in mind, T will give four examples of how to select
axial-flow fans. This section will explain certain procedures used in fan selection. The
same procedures then can be applied in other fan selections.

The problem of fan selection usually presents itself in the following manner: A
certain air volume and static pressure are required for a certain system. Often the
customer will even make a fan selection, by suggesting the type and size of fan. the
fan speed. and the motor horsepower. The first step will be to check whether all
these data are acceptable and whether perhaps a better selection could be made.

Example 1: Suppose the requirements call for 20,600 cfm at a static pressure of 2
inWC to be produced by a 30-in vaneaxial fan with a belt drive at 2000 rpm from a
10-hp motor. Let's check these data. A 30-in vaneaxial fan will have an outlet area
OA of 5.1 ft*. As mentioned in Chap. 1. the outlet velocity OV will be 20.600/5.1 =
4039 fpm. and the corresponding velocity pressure VP will be (4039/4005)° = 1.02
inWC. The total pressure will be TP=SP+ VP =2.00+ 1.02 =3.02 in WC, and the air
horsepower ahap will be (cfm x TP)/6356 = (20.600 x 3.02)/6356 = 9.29. With a 10-hp
motor, as required by the customer. this fan would have to have a 93 percent
mechanical efficiency. which is more than can be expected. This means that a 10-hp
motor would be overloaded. A 15-hp motor will be needed in order to get 20,600 c¢fm
at a static pressurc of 2 inWC from a 30-in vaneaxial fan.

Please note that the fan speed did not enter into this calculation. In other words.
in order to get 20.600 ¢fm at a static pressure of 2 inWC from a 30-in vaneaxial fan.
a 15-hp motor will be required. regardless of what the fan speed will be.

Next, let’s calculate the minimum hub diameter d,,,, and the minimum wheel
diameter D, for these requirements, using our formulas (see pages 4.7 and 4.9).
The minimum hub diameter d,,, will be d,, = (19.000/rpm)VSP = (19.000/
2000)V/2 = 13.44 in. We decide to make d = 14 in. This will give us a hub-tip ratio
of 14/30 = 0.47. Table 4.2 shows that vaneaxial fans have hub-tip ratios from 45 to
80 percent, so our 47 percent is within this range.
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Next, we calculate the minimum wheel diameter Dy, [t will be

Dy = Vd& + 61(cfm/rpm) = V' 147 + 61(20.600/2000)
=V 196 + 628 =28.71 in

Our 30-in wheel diameter is larger than the 28.71-in minimum wheel diameter we
obtained by calculation. The 30-in wheel diameter suggested by the customer. there-
fore, is a good figure.

Now we are ready to study the rating tables published in vaneaxial fan catalogs.
Table 4.3 shows such a rating table for a 30-in vaneaxial fan with belt drive, taken
from the vancaxial fan catalog of the Ammerman Division of the General Resource
Corporation. Figure 4.29 shows a photograph of this belt-driven vaneaxial fan. From
table 4.3 we note the following:

1. This is the customary format to present the performance of belt-driven vaneaxial
fans, with the static pressures shown on top, the volumes and outlet velocities
shown on the left side. and the speed (rpms) and brake horsepowers shown at the
cross points. Later we will explain how these performance tables can be calcu-
lated from performance tests.

2. For this 30-in vaneaxial fan, we find figures rather close to our requirements. For
20,629 cfm and a static pressure of 2 inWC, this fan will run at 2061 rpm and con-
sume 14.1 bhp. A 15-hp motor would be all right.

As a rule, we can obtain the same air volume and static pressure with a larger fan
at a lower speed. This larger fan will have two advantages:

1. It will have a lower power consumption (bhp) and therefore a lower operating
cost.

2. Tt will have a lower tip speed and therefore a lower noise level.
The smaller fan, on the other hand, also will have two advantages:

1. It will be more compact.
2. It will have a lower first cost.

To check these four points, let us look at the rating table for the next larger size in
the Ammerman catalog, i.e., the 36-in size. 1t 1s shown in Table 4.4. We find the fol-
lowing comparative data for these two sizes of vaneaxial fans:

Size (in) 30 36
Speed (rpm) 2061 1395
Volume (cfm) 20,629 20,625
SP (inWC() 2.00 2.00
Brake horsepower (bhp) 14.1 11.1
Tip speed (fpm) = 16,187 13.148

= (D/12)nrpm

Comparing these figures for the 30- and 36-in sizes, we find the following:

1. For the 36-in size. the tip spced will be 19 percent lower, for a reduced noise level,
an important consideration.
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452 CHAPTER FOUR

2. For the 36-in size, the brake horsepower will be 21 percent lower, so the operat-
ing cost will be considerably lower. This will offset the higher first cost of the 36-
in fan. With an 11.1 bhp, we might even get by with a 10-hp motor, This, again, will
compensate for the higher first cost of the 36-in fan.

In view of these conditions, the 36-in vanecaxial fan probably will be preferable.

Example 2: An inexpensive fan should be selected that will deliver 5100 cfm or
preferably more against a static pressure of ¥ inWC and that will be quiet enough
for installation as an exhaust fan in a record store. Since the static pressure is only ¥4
inWC, it will be a propeller fan, as pictured in Fig. 4.50. We look at Table 4.5, show-
ing an Ammerman catalog sheet for propeller fans, both for direct drive and for belt
drive. We select a 36-in propeller fan with belt drive at 575 rpm from a %-hp motor.
This fan will deliver 5142 cfm at a static pressure of ¥4 inWC. 1t has a low tip speed
of 5419 fpm, so it will have a low noise level.

If this fan were for installation in a factory, where quiet operation is not required,
we wolld select from the same Ammerman catalog sheet a 24-in propeller fan with
direct drive from a %-hp, 1140-rpm motor. This fan will deliver 5811 cfm at a static
pressure of ¥4 inWC, It will have a tip speed of 7163 fpm (32 percent larger) and
therefore will have a higher noise level, but it will deliver 13 percent more volume
and it will be less expensive due to the smaller size and the direct-drive arrangement,
which eliminates two pulleys, two bearings, a bearing base, and a belt. The %-hp,
1140-rpm motor will be slightly more expensive than the ¥-hp, 1750-rpm motor used
for the belt-drive arrangement in the 36-in propeller fan.

Example 3: An axial-flow fan should be selected that will deliver 25,000 cfm at a
static pressure of 3%z inWC, a considerable static pressure that probably will require
a vaneaxial fan but possibly could be produced by a less expeansive tubeaxial fan. We
first look at an old catalog by International Engineering, Inc., Dayton, Ohio, cover-
ing their line of tubeaxial fans. International calls them “duct boosters.” Figure 4.51
shows the fan wheel. It has a 52 percent hub-tip ratio and eight wide blades Table 4.6
shows the performance for International’s 15 direct-drive models. The ninth model

Direct drive Belt drive

FIGURE 4.50 Propeller fans with sheet metal blades for low cost, (Courtesy of Ammerman Divi-
sion of General Resource Corporation, Hopkins, Minn.}
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has a 36-in diameter and is driven by a 30-hp, 1750-rpm motor. By interpolation
between static pressures of 3 and 4 inWC, we find that this tubeaxial fan will deliver
the required 25,000 cfm at a static pressure of 3¥2 inWC.

Looking again at Table 4.4, showing the performance for Ammerman’s 36-in
vaneaxial fan, we find that the required 25.000 c¢fm at a static pressure of 3v2 inWC
can be obtained with their 36-in vaneaxial fan at 1779 rpm and that this fan will con-
sume only 23.0 bhp, due to the fact that a vaneaxial fan has a higher efficiency than
a tubeaxial fan and therefore consumes less brake horsepower for the same duty.
This means that the 36-in vaneaxial fan will have two advantages over the 36-in
tubeaxial fan:

1. The 36-in vaneaxial fan will have a lower operating cost because of lower power
consumption.

2. The 36-in vaneaxial fan will have a lower first cost too {(an unusual combination),
since it will need only a 25-hp motor instead of a 30-hp motor.

The 36-in vaneaxial fan therefore will be a better selection.

Example 4: A vaneaxial fan for straight-line installation should be selected that
will deliver 4000 cfm against a static pressure of 4 inWC. Table 4.7 shows the perfor-
mance in an old Aerovent catalog for belt-driven vaneaxial fans. For the 15-in size,
we find that we can obtain 3970 cfm at a static pressure of 4 inWC with belt drive at
3486 rpm, with a power consumption of 4.77 bhp. We could use direct drive from a 5-
hp, 3450-rpm motor. This would eliminate the belt losses and reduce the power con-
sumption to about 4.5 bhp. The outlet area will be 1.27 ft?, so the outlet velocity will
be OV =3970/1.27 = 3126 fpm and the corresponding velocity pressure will be VP =
(3126/4005)* = 0.61 inWC, resulting in a total pressure TP=SP +VP=4.00+ 0.61 =
4.61 inWC, with an air horsepower ahp = cfm x TP/6356 = 3970 x 4.61/6356 = 2.88
and a mechanical efficiency of 2.88/4.5 = (.64 = 64 percent.

If good accessibility to the motor is important, we would use belt drive instead of
direct drive, or since the static pressure of 4 inWC is fairly high relative to the small
4000 cfm, we might consider using a centrifugal fan if it would fit into the geometric
configuration of the system.

OVERLAPPING PERFORMANCE RANGES

The four examples presented for the selection of an axial-flow fan tend to indicate
that the requirements for air volume and static pressure often determine what type of
fan should be used for a specific application. If the static pressure is low, say, less than
¥ inWC, it probably should be a propeller fan (if it can be mounted in a wall or par-
tition) or a tubeaxial fan (if it should exhaust from a duct). If the static pressure is
between V2 and 3 inWC and the fan should exhaust from a duct, it probably should be
a tubeaxial fan: if the fan should blow into a duct. a vaneaxial fan would be preferable
because the tubeaxial fan would produce a spin in the outlet duct, and this would
increase the friction path and therefore the static pressure beyond the estimated
pressure loss in the outlet duct. If the static pressure i1s more than 1¥2 inWC and good
efficiency is desired. it probably should be a vaneaxial fan rather than a tubeaxial fan.
regardless of whether the fan is blowing or exhausting, If the static pressure is more
than 6 inWC. it could be a two-stage axial-flow fan, but then the efficiency would be
somewhat lower; for better efficiency. it should be a centrifugal fan.
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FIGURE 451 High-pressure tubeaxial fan wheel with
a 52 percent hub-tip ratio and cight wide blades (Cour-
tesy of International Engineering, Inc., Dayton, Ohio.)

As mentioned previousiy, the performance ranges for the various types overlap,
50 the decision on the type of fan can be based on other considerations, such as those
listed below.

The vaneaxial fan has the following advantages over the centrifugal fan:

1. Greater compactness

2. Lower first cost

3. Straight-line installation, resulting in a lower installation cost
4. Lower sound ievel at the same tip speed

The centrifugal fan, on the other hand, has the following advantages over the

vaneaxial fan:

L Natural adaptability to installations requiring a 90° turn of the air stream

2. Betier accessibility of the motor compared with direct-drive vaneaxial fans

3. Better protection of the motor against hot or contaminated gases than for a
vaneaxial fan with direct drive

4. Greater assurance for operation in the efficient and quiet performance range,
particularly for systems with fluctuating flow resistance

SAMPLE DESIGN CALCULATION FOR A 27-IN
VANEAXIAL FAN

Suppose a customer wants several 27-in vaneaxial fans with direct drive from a 74%-
hp, 1750-rpm motor to deliver 11,500 cfm against a static pressure of 2.5 inWC. A
noise level not more than 86 dB is desired; therefore, we will use
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4.60 CHAPTER FOUR

1. Airfoil blades rather than single-thickness blades
2. Blades that are somewhat wider at the tip than at the hub
3. Outlet guide vanes rather than inlet guide vanes

A 7%-hp, 1750-rpm motor will have an outside diameter of 10%2 to 11% in,
depending on the type of motor. We can calculate the dimensions of this 27-in
vaneaxial fan using the various formulas discussed previously.

As a first step, we will calculate the hub diameter 4 using Eq. (4.1):

Aemin = (19,000/rpm) V' SP
= (19,000/1750)V 2.5
=17.17in

We decide to make the hub diameter d = 17V in.
Next, we will check whether the desired 27-in wheel diameter is acceptable, using

Eq. (4.3):

Dpin= V2 + 61(cfm/rpm) = V17.252 + 61 (11500/1750)
=V/297.56 + 400.86 = \/698.42
=26.43in

The 27-in wheel diameter will be all right.

We will use a Y-in tip clearance, small enough for good performance yet large
enough for easy assembly. This will make the housing inside diameter 27V4 in. We will
use nine airfoil blades {zg = 9) and 14 outlet guide vanes (zy = 14) of single-thickness
sheet metal.

Next, let’s check whether the 7¥2-hp motor will be adequate. The outlet area of
the fan housing will be

27.25
24

2
OA = ( ) 7 =4.050 ft?

so the outlet velocity at the specified point of operation will be
11,500

oV = 2050 - 2840 fpm
the velocity pressure will be
28402 :
VP = (m) =0.503 inWC

the total pressure will be
TP =250+0.503=3.003 inWC
and the air horsepower will be

ahp = cfmx TP B 11.500 x 3.003
P="" 6356 6356

=5.43
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so the mechanical efficiency will be

at the specified point. This is acceptable. so the 7¥2-hp motor will be adequate. In
fact, we can expect a higher efficiency than this.

The annular area A, between the between the hub outside diameter and the
housing inside diameter will be

25\ 252
A,,=(272 )n—(172 )n=4.050—1.623:2.427&2

24 24

and the axial velocity V, through the annular area will be

11,500
T 2.427

=4738fpm  and  V7=2245x 10" (fpm)*

We will need this figure to calculate the relative air velocity.

Now we can go ahead with the calculation of the various dimensions for three
radii: hub (8.625 in radius). middie (11.0625 in radius). and blade tip (13.500 in
radius). Table 4.8 shows the dimensions we obtained and the various formulas we
used to calculate them.

For the first nine lines of Table 4.8, the formulas we used are shown. For line 10, we
have some freedom in selecting the blade width /, as long as / is below a certain value
for each radius. The formula for this value is shown on line 10. We selected a tip width
46 percent larger than the blade width at the hub. As mentioned, a wider blade tip will
result in a lower noise level. Unfortunately, it also will result in an increased no-
delivery brake horsepower, but this will be acceptable if the overload is not too much.
The tests later showed a no-delivery overload of 20 percent, which is acceptable.

Line 11 shows the airfoil section selected for each radius. Figure 4.52 shows the
shape of the three airfoil sections selected for this 27-in vaneaxial fan. The section at
the bottom is for the 8%-in radius, adjacent to the hub, the next one is for the 11Vie-
in radius, in the middle of the blade, and the section on top is for the 13%-in radius,
at the blade tip. The hub section is the NACA airfoil no. 6512. The two other sections
are thinner airfoils. They are modifications of the NACA no. 6512, with the cambers
reduced to 72 and 53 percent, respectively. There are two reasons why the hub sec-
tion of the blade is made thicker than the other sections:

1. The hub section has to have more mechanical strength.

2. The hub section needs a higher lift coefficient C, because of the lower blade
velocity there. Airfoils with larger upper cambers normally will have higher lift
coefficients.

Line 12 shows the upper maximum camber for each of the three airfoil shapes:
13.2 percent (NACA no. 6512).9.5 percent (72 percent of 13.2 percent). and 7.0 per-
cent (53 percent of 13.2 percent).

Lines 13 and 14 show the angle of attack a and the corresponding lift coefficient
C, for each section. These data can be obtained from the graph shown in Fig. 4.53.

Line 15 shows the static pressure that will be produced at each radius, calculated
from the formula shown. We selected / and C; in such a way that this static pressure
is about 2.5 inWC, as was requested by the customer.
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FIGURE 4,52 Three airfoil sections (reduced size) for the 27-in vanecaxial fan wheel.

Line 16 shows the blade angle 8 + o. Line 17 shows how the absolute air angle &
past the blade is calculated. Line 18 shows this absolute air angle. This also will be
the angle at the leading edge of the outlet guide vane.

Figure 4.54 shows how the principal blade dimensions vary from hub to tip. The
blade width increases uniformly (in a straight line), while the blade angle and the
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FIGURE 4.53 Lift coefficient C; versus angle of attack o (for an infinite aspect ratio)
for the three airfoils used in the 27-in vaneaxial fan blade.
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FIGURE 4.54 Blade width, blade angle, and maximum upper camber versus
radius for the 27-in vaneaxial fan blade.

maximum upper camber decrease, but not uniformly. They decrease at a faster rate
near the hub and at a slower rate near the tip.

Figure 4.55 shows the vector diagrams for the various absolute and relative veloc-
ities, which were explained in detail in Fig. 4.32. Figure 4.55 shows three velocity dia-
grams, for the three blade sections in Table 4.8, at the hub, in the middle of the blade,
and at the tip. We note the following:

1. The axial air velocity V, through the annulus between the hub and the housing is
constant from hub to tip.

2. The blade velocity V; and the air velocity W relative to the blade increase from
hub to tip.

3. The angle B of the relative air velocity W decreases from hub to tip.
4. The rotational component V, of the air velocity decreases from hub to tip.

Figure 4.56 shows a sketch of the 27-in cast-aluminum vaneaxial fan wheel at a
scale of Vie. This sketch was made using the dimensions we obtained from our calcu-
lations. A sketch of the corresponding vaneaxial fan housing would look similar to
Figs. 4.6 and 4.40.

Figure 4.57 shows the performance obtained when this 27-in vaneaxial fan was
tested. We note the following:

1. The SP curve passes through the point of requirement, 11,500 cfm at a static pres-
sure of 212 inWC.
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FIGURE 458 Velocity diagrams for 27-in vaneaxial fan blade. Scale: 1 in = 3800 fpm:,
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FIGURE 458 A 15-in tubeaxial fan with
direct drive from a compressed-air turbine
mounted above the inlet side of the fan housing.
Note the space provided between the fan hous-
ing and the turbine, allowing the airflow o enter
without excessive obstruction. (Courtesy of Cop-
pus Engineering Division, Tuthill Corporation,
Millbury, Mass.)
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FIGURE 459 Schematic sketch of 20-in
tubeaxial fan assembly driven by compressed-air
jets, showing compressed-air inlet, hollow shaft,
ball bearings, and two-biaded fan wheel. (Corr-
tesy of Coppus Engineering Division, Turhill
Corporation, Millbury, Mass.}

2. The maximum static pressure is 3.3 inWC. This provides a 32 percent pressure
safety margin over the specified 2.5 inWC.,

3. The maximum mechanical efficiency is 83 percent. It occurs at the point of

requirement.

4, The operating range is from 14,200 cfm at free delivery to 9400 cfm at a static

pressure of 3.3 inWC.
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Airway for Trailing edge of
compressed air i

<

FIGURE 4.60 Schematic diagram of an axial-flow fan blade showing the airway for the com-
pressed air, first flowing radially outward and then tuming 90° to a circumferential direction for
propulsion.

FIGURE 461 An 1l-in tubeaxial fan whee! FIGURE 462 An 11-in tubeaxial fan assem-
driven by compressed-air jets with a 34 percent  bly. View from the inlet side, again showing the
hub-tip ratio and two airfoil blades. View from  two-bladed fan wheel with the compressed-air
inlet side showing the compressed-air nozzles at  nozzles at the blade tips. (Courtesy of Coppus
the blade tips. (Courtesy of Coppus Engineering  Engineering Division, Tuthill Corporation, Miil-
Division, Twhill Corporation, Millbury, Mass.) bury, Mass.)
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FIGURE 463 A 20-in vaneaxial fan wheel driven by com-
pressed-air jets with a 31 percent hub-tip ratio and four airfoil
blades. View from inlet side showing the compressed-air nozzles
on two of the four blades. (Courtesy of Texas Preumatic Tools,

Inc., Reagan, Texas.)

5. The maximum power consumption in the operating range is 7.7 bhp. It occurs at
9600 cfm, close to the point of maximum static pressure,

6. The no-delivery brake horsepower overloads the motor by a moderate 20 per-
cent.

7. The sound-level curve has two plateaus, one around 84 dB in the operating range
and one around 100 dB in the stalling range, for a considerable 16-dB difference.

AXIAL-FLOW FANS DRIVEN
BY COMPRESSED AIR

Most fans are driven by electric mofors, ¢ither by direct drive or by belt drive or
occasionally by gear drive, However, there are three other methods for driving a fan:

1. It can be driven by an engine (gasoline, propane, or diesel). As an example, a mul-
tistage turbo blower, driven by a diesel engine, will be described in Chap. 7.

2. A fan can be driven by a mrbine (compressed air, steam, or water). Figure 4.58
shows a 15-in tubeaxial fan directly driven by a turbine (compressed air or steam)
located on the inlet side of the fan housing. Turbine-driven fans are used in loca-
tions of hazardous atmospheres or where electric power is not available. A typi-
cal application would be a marine ventilator used to exhaust the gas from the
inside of an oil tanker.

3. A fan can be driven by reacrion to compressed-air jets discharging circumferen-
tially through small openings at the blade tips and shooting toward the trailing
edge. Figure 4.59 shows how this can be accomplished. The path of the com-
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FIGURE 4.64 Same 2{0-in vancaxial fan wheel
driven by compressed-air jets. View from outlet
side, again showing the compressed-air nozzles
on two of the four blades. (Courtesy of Texas
Pneumatic Tools, Inc., Reagan, Texas)

CHAPTER FOUR

pressed air is as follows: First, it is ducted
from the outside into a chamber inside 3
stationary hub that is supported by some
struts or possibly by some guide vanpes,
From this chamber, the compressed air
flows into the inside of a hollow, rotating
shaft and then passes through some
cored airways in the rotating hub and ip
the blades, first flowing radially outward
and then turning 20° to a circumferentia)
direction. Finally, a high-velocity jet of
compressed air is ejected through an
opening at or near the trailing edge of
the blade tip, thereby pushing the blade
forward and producing the fan rotation,
just like a jet plane is pushed forward by
the high-velocity jet ejected from the
rear of the engine.

Figures 459 through 4.66 show
examples of axial-flow fans driven by
compressed-air jets. Some have two
blades, and some have four blades. Some
are tubeaxial fans, and some are vane-
axial] fans. They all have discharge noz-

zles at the blade tips but not mecessarily on all blades. The discharge nozzles
protrude above the surface of the blades and therefore will somewhat impair fan
efficiency. To minimize this effect, the four-bladed fan wheels provide discharge noz-

FIGURE 465 A 20-in vanecaxial fan assembly. View
from the inlet side showing the four-bladed fan wheel and
the outlet guide vanes, partly covered by the fan blades.
(Courtesy of Texas Pneumatic Tools, Inc., Reagan, Texas.)
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FIGURE 466 Same 20-in vaneaxial fan assembly.
View from the outlet side showing the outlet guide vanes
and the four-bladed fan wheel behind them. (Courtesy of
Texas Pneumaric Tools, Inc., Reagan, Texas.)

zles on only two blades, The ratio of the volume delivered divided by the volume of
the compressed air consumed is called the defivery ratio. It is a measure of the fan
efficiency.

Compressed-air-driven fans can be used for exhaust as well as for supply. They
are particularly well suited for the ventilation of confined spaces, for the removal of
hazardous fumes or of contaminated air from welding and sandblasting operations,
and for locations where compressed air is available but electric power is not.






CHAPTER S
FAN LAWS

CONVERSION OF FAN PERFORMANCE

There are certain general fan laws that are used to convert the performance of a fan
from one set of variables (such as size, speed, and gas density) to another. Suppose a
fan of a certain size and speed has been tested and its performance has been plotted
for the standard air density of 0.075 1b/ft>. We then can compute the performance of
another fan of geometric similarity by converting the performance data in accor-
dance with these fan laws without running a test on this second fan.

We call them general fan laws because they apply to any type of fan: axial-flow,
centrifugal, and mixed-flow fans, roof ventilators, cross-flow blowers, and vortex
blowers.

We have already seen that the performance of a fan can be presented in the cat-
alog in two ways:

1. In the form of a performance graph, such as Fig. 4.39, showing static pressure,
brake horsepower, efficiency, and noise level versus air volume.

2. In the form of a rating table, such as Table 4.3, showing air volume, fan speed, and
brake horsepower at certain static pressures.

The performance graph is the original presentation. It is the result of a test on the
fan. The rating table then was derived from the performance graph by using the fan
laws. The calculation of rating tables is one important application of the fan laws.
However, the fan laws also are used for other purposes, such as the conversion of a
customer requirement from high temperature to the standard air density of the cat-
alog or the prediction of the performance of a new fan design.

VARIATION IN FAN SPEED

In order to convert the performance of a fan at one speed to another speed, we take
a number of points on the performance graph and convert the corresponding data
for air volume, static pressure, brake horsepower, efficiency, and noise level from the
speed of the graph to the desired speed using the following rules:

The air volume (cfm) varies directly with the speed:

¢fm, r1pm;
cfm, B rpm,

(5.1)

The pressures vary as the square of the speed:

2
5Py _ (ﬂ ) (52)
SP, rpm,

5.1
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The brake horscpower varics as the cube of the speed:

bhpg _ (rpmg )3
bhp, \rpm,

(5.3)

The efficiency remains constant but, of course. shifts to the new air volume val-
ues.

The noise level is increased (or decreased) by 50 times the logarithm (base 10) of
the speed ratio:
rpm

pm-
No=N; =501 — 5.
2 1 ngrpml (5.4)

At this point, three things should be noted:

All pressures vary as the square of the speed: the static pressures. the velocity
pressures, and the total pressures.

All powers vary as the cube of the specd: the brake horsepower and the air horse-
power.

The exponents add up: 1 (for air volume) plus 2, (for static pressure) equals 3 (for
brake horsepower). This is no coincidence. The air horsepower is proportional to
the product air volume times total pressure (see Eq. 1.7). Therefore, if air volume
varies as the first power of the speed and total pressure varies as the second
power of the speed, their product (air horsepower) must vary as the third power
of the speed, and if air horsepower varies that way, brake horsepower must vary
that way, too.

Here is an example of how these rules are applied. Let’s take the performance

graph shown in Fig. 4.57 for our 27-in vaneaxial fan at 1750 rpm and replot in Fig. 5.1
the four performance curves (static pressure. brake horsepower, ctficiency and noise
level) in dashed lines. What will be the performance of this 27-in vaneaxial fan if we
run it, say, at a 50 percent higher speed, i.e., at 2625 rpm? Let’s take the performance
data for six points and enter them in the top half of Table 5.1. Our conversion factors
will be as follows:

2 2625
Alr volume (cfm) conversion factor = %}% =750 = 1.5
. _ pm, \2 2625\
Stat S8 = = =2.25

atic pressure conversion factor (rpml) ( 1750

2\ (26253

Brake horsepower conversion factor = ( dius ) = ) =3.375

rpm, 1750

Efficiency conversion factor =1

For conversion of the noise level. we do not use a factor, but we add an amount that
can be calculated as

2650
501 —_= .
Og]() ]750 50 logm l S

=50x0.17609 =8.8 dB
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FIGURE 5.1 Performance of 27-in vaneaxial fan at 1750 and 2625 rpm.

We apply these conversion factors to obtain the performance data for this 27-in
vaneaxial fan at 2625 rpm and enter these data in the bottom half of Table 5.1. We
now plot these new data in solid lines in Fig. 5.1. We notice the foliowing:

1. The increased speed results in a steeper static pressure curve because the con-
version factor for static pressure is larger than the conversion factor for air vol-
ume. In other words, an increased speed boosts the static pressure more than the
air volume.

2. The power-consumption brake horsepower becomes considerably higher be-
cause the conversion factor equals the third power of the speed ratio. At 1750
rpm a 7Y>-hp motor is adequate, but at 2625 rpm a 25-hp motor is needed.

3. The efficicncy remains the same.
4. The noise level increases by 8.8 dB.

Figure 5.1 also shows two parabolic curves (dotted lines) connecting correspond-
ing points on the pressure curves. These parabolic curves indicate how the perfor-
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TABLE 5.1 Conversion of Fan Performance to a Diffcrent Speed

Free In-between Maximum Maximum  Stalling No
delivery Point cfficiency SP dip  delivery
27-in cfm  14.200 13.020 11,500 9.200 6.100 0
vaneaxial SP 0 1.25 2.50 3.30 2.64 5.59
fan, bhp 345 5.10 6.65 7.70 5.80 9.00
1750 rpm ME 0.630 0.776 0.828 0.700 0.421 0
Noise 83.2 83.5 84.7 89.6 99.1 101.3
27-in cfm 21300 19.530 17.250 13.800 9.150 0
vaneaxial SP 0 2.81 5.63 7.43 5.94 12.58
fan, bhp 11.64 17.21 22.44 25.99 19.58 30.38
2625rpm  ME 0.630 0.776 0.828 0.700 0.421 0
Noise 92.0 92.3 935 98.4 107.9 110.1

mance points would move if the speed were varied gradually rather than by the ratio
1.5. We will say more on this later.

VARIATION IN FAN SIZE
Another important fan law concerns the conversion of fan performance if the fan
size is varied. Most fan companies manufacture a certain fan design in various sizes
and offer a complete line of geometrically similar fans. They do not have to run tests
on all sizes of the line. They usually test only three sizes (say 12. 24, and 42 in) and
compute the performance of the in-between sizes by using the fan laws for variations
in size and speed.

The fan laws for size, however, can be used only if the two fans are in geometric
proportion. Here is what geometric proportionality means:

1. Both fans have the same number of blades.

2. Both fans have the same blade angles and any other angles on the fan wheel and
fan housing,

3. If the diameters of the two fan wheels are D, and D,, for a size ratio D,/D,, all
other corresponding dimensions of wheel and housing have the same ratio.

If all these requirements are fulfilled. we can proceed with the performance conver-
sion using the {ollowing rules:

The air volume (cfm) varies as the cube of the size:

cfm, (D: )

cfm, \D,

(5.5)

The pressures vary as the square of the size:

SP, D,V
SP, '(Dl) (>6)
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The brake horsepower varies as the fifth power of the size:

bhpz D-; §
— == 5.7
bhpn (DI ) -7)

The efficiency remains almost constant.

There is a minor increase in efficiency for larger sizes. For a size ratio of 1.5, the
maximum efficiency will increase by less than 1 percent. This is called the size effect.

The noise level is increased (or decreased) by 50 times the logarithm (base 10) of
the size ratio:

D,
Ng—Nl =50 long (5.8)

Again, we note that the exponents add up: 3 (for air volume) plus 2 (for static pres-
sure) equals 5 (for brake horsepower).

Let’s again apply these rules in a specific example, the performance of our 27-in
vaneaxial fan at 1750 rpm, as shown in Fig. 4.57. We replot the four performance
curves in Fig. 5.2 in dashed lines. What will be the performance of this fan, converted
in geometric proportion to, say, a 50 percent larger size, i.e..to 40% in. Again, we take
the performance data at six points and enter them in the top half of Table 5.2. Our
conversion factors will be as follows:

)

)

Brake horsepower conversion factor = ( D )
l

S’

K]
( )—15’—3375

2
( )—152 2.25

5
(—) =1.5=7.59

Air volume conversion factor = (

S O

2

Static pressure conversion factor (

53 >

Efficiency conversion factor = 1

For the conversion of the noise level, we add an amount that can be calculated as

40 5
50 log.., =50log, 1.5

=50x0.17609 = 8.8 dB

This is not quite accurate. It is approximate.

We apply these conversion factors to obtain the performance data for the 40Y2-in
vaneaxial fan at 1750 rpm and enter these data in the bottom half of Table 5.2. We
now plot these new data in solid lines in Fig. 5.2. We notice the following:

1. The geometrically similar, larger fan results in a flatter static pressure curve
because the conversion factor for air volume is larger than the conversion factor
for static pressure. In other words, the increased size boosts the air volume more
than the static pressure. Note that we found the opposite condition for an
increased speed.
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FIGURE 5.2 Performance of two geometrically similar vaneaxial fans, 27 and 40%: in. both run-

ning at 1750 rpm.

2. The power-consumption brake horsepower becomes very much higher because
the conversion factor equals the fifth power of the size ratio. In the 27-in size a
7'2-hp motor is adequate, but in the 40V2-in size a 60-hp motor is nceded. Note

that only a 25-hp motor was necded for the increased speed.

3. The efficiency remains the same, as it did for the increased speed.

4. The noise level increases by about 8.8 dB. approximately the same as for the
increased speed.

VARIATION IN BOTH FAN SIZE AND FAN SPEED

If both the fan size D and the fan speed (rpm) are varied. the two sets of rules dis-
cussed above can be applied consecutively, in either sequence. In fact, this is the



FAN LAWS 5.7

TABLE 5.2 Conversion of Fan Performance to a Geometrically Similar, Larger Fan
Running at the Same Speed

Frec in-between Maximum Maximum  Stalling No
delivery point efficiency SP dip delivery
27-in cfm 14,200 13.020 11,500 9,200 6,100 0
vaneaxial SP 0 1.25 2.50 3.30 2.64 5.59
fan, bhp 345 5.10 6.65 7.70 5.80 9.00
1750 rpm ME 0.630 0.776 0.828 0.700 0.421 0
Noise 83.2 83.5 84.7 89.6 99.1 101.3
40%2-in cfm 47,925 43,943 38,813 31,050 20,588 0
vaneaxial SP 0 2.81 5.63 743 5.94 12.58
fan, bhp 26.20 38.73 50.50 58.47 44,04 68.34
1750 rpm ME 0.630 0.776 0.828 0.700 0.421 0
Noise 92.0 92.3 935 98.4 107.9 11041

safest way to proceed. It most likely will avoid any possible errors. However, the
two sets of rules also can be combined. The combined rules then will read as
follows:

cfm, (D> rpm,

cfm, —(Dl) X rpm, (5.9)

P (D) foms

o _(Dl) X(om, (5.10)

bhp, (D, (rpmz)-‘

o~ _(D]) (o (5.11)

ME,

Yind (5.12)
Na— N, =50 logy 22 + 50 logo B2 (5.13)

2 1 10 D] 1 Ipm, .

VARIATION IN SIZE AND SPEED
WITH RECIPROCAL RATIOS

A special case of variation in size and speed occurs when the speed ratio is the recip-
rocal of the size ratio. This can be expressed as

rpm> D,
=— 5.14
rpm; D ( )
This equation also can be written as
D, xrpm; =D, xrpm, (5.15)

which means that the two fans will have the same tip speed. Our rules then will read
as follows:
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o (93)2 (5.16
cfm, \D, >-16)
SP,
EI—JI——l (5.17)
bhp, D\

P: =( ) (5.18)
bhp, \D,
ME,

=1

VE (5.19)

N2=N| (520)

Note that the exponents still add up: 2 + 0 =2.

Let’s apply these rules to a specific example, the performance of our 27-in
vaneaxial fan at 1750 rpm, as shown in Fig. 4.57. We replot the four performance
curves in Fig. 5.3 in dashed lines. What will be the performance of this fan, converted
In geometric proportion to 40%2 in (a 50 percent larger size) and running at 1750/1.5
=1167 rpm so that the higher speed is 50 percent larger than the lower speed. Again,
we take the performance data at six points and enter them in the top half of Table
5.3. Our conversion factors now will be as follows:

L\ £40.5\?
Air volume conversion factor = (&) = (——) =1.52=225

Static pressure conversion factor = 1

D\ [(405Y
Brake horsepower conversion factor = ( D-) = (—) =1.52=225
1

Efficiency conversion factor = |
N>,—N,;=0 (approximately)

We apply these conversion factors to obtain the performance data for the 40Y%-in
vaneaxial fan at 1167 rpm and enter these data in the bottom half of Table 5.3. We
now plot these new data in solid fines in Fig. 5.3. We notice the following:

1. The larger fan again results in a flatter static pressure curve because the conver-
sion factor for air volume is larger than the conversion factor for static pressure.
In other words, the increased size boosts the air volume more than the static pres-
sure. Even though the reduced speed works against this trend, the combination
still boosts the air volume more than the static pressure.

2. The static pressure remains the same as a result of the same tip speed for both
fans—an important observation.

3. The power-consumption brake horsepower becomes moderately higher. For the
27-in fan at 1750 rpm a 7V%-hp motor is adequate, but the 402-in fan at 1167 rpm
requires a 15- or 20-hp motor.

4. The efficicncy remains the same.
5. The noise level remains approximately the same.
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FIGURE 5.3 Performance of two gcometrically similar vaneaxial fans having the
same tip speed. 27 in at 1750 rpm and 40%: in at 1167 rpm.

VARIATION IN DENSITY

This fan law is used when the fan operates at high altitude where the air density is
less (see Table 1.1), where the fan handles hot or cold air (the air density is inversely
proportional to the absolute temperature), or where the fan handles a gas other than
air, while the size and speed of the fan remain constant. Our conversion rules then

will read as follows;

The air volume remains constant:

cfms

=1 (5.21)
cfm,
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TABLE 5.3 Conversion of Fan Performance 10 a Geometrically Similar, Larger Fan Having
the Same Tip Speed and Resulting in the Same Static Pressure

Free In-between Maximum Maximum  Stalling No
delivery point cfficicncy SP dip delivery
27-in cfm 14.200 13.020 11500 9.200 6.100 0
vancaxial §P 0 1.25 250 3.30 2.64 5.59
fan. bhp 3.45 5.10 6.65 7.70 5.80 9.00
1750 rpm  ME 0.630 0.776 0.828 0.700 0.421 (1
Noise 83.2 83.5 84.7 89.6 99.1 101.3
40%-in cfm 31950 29.295 25875 20,700 13,725 0
vancaxial SP 0 1.25 2.50 3.30 2.64 5.59
fan, bhp 1.76 11.48 14.96 17.33 13.05 20.25
1167 rpm ME 0.630 0.776 0.828 0.700 0.421 0
Noise 83.2 83.5 84.7 89.6 99.1 101.3

The pressures vary directly as the density p:

SP2 P2

—_— = 5.22

SP] £ ( )
The brake horsepower varies directly as the density p:

bhp,

2o _Pr (5.23)

bhp, - Pi

The efficiency remains constant.
The noise level remains constant,

Again, we note that the exponents add up: 0 + 1 = 1.

Let’s again apply these rules to a specific example, the performance of a 27-in
vaneaxial fan at 1750 rpm, as shown in Fig. 4.57. We replot the four performance
curves in Fig. 5.4 in dashed lines. What will be the performance of this fan if it han-
dles air of 335°F instead of standard air at 70°F? The high temperature of 335°F
corresponds to an absolute temperature of 460 + 335 = 795 K. The standard air tem-
perature of 70°F corresponds to an absolute temperature of 460 + 70 = 530 K. The
ratio of these two absolute temperatures is 795/530 = 1.5. This ratio (or its reciprocal)
also will be the ratio of the two air densities. Since the density of standard air is 0.075
Ib/ft’. the density of the 335°F air will be 0.075/1.5 = 0.050 1b/ft’.

Again, we take the performance data at six points in Fig. 4.57 and enter them in
the top half of Table 5.4. Our conversion factors will be as follows:

Air volume conversion factor = 1
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FIGURE 5.4 Performance of 27-in vaneaxial fan at 1750 rpm at
two air densities: 0.075 and (.050 b/t

Efficiency conversion factor = 1
Noise difference = N, - N; =0

We apply these conversion factors to the datain the top half of Table 5.4 to obtain
the performance data for the lower density and enter these new data in the bottom
half of Table 5.4. We now plot these new data in solid lines in Fig. 5.4. We notice the
following:

1. The smaller air density results in a flatter static pressure curve because the con-
version factor for static pressure is smaller than the conversion factor for air vol-
ume.

2. The power-consumption brake horsepower becomes moderately lower because
the conversion factor equals only the first power of the density ratio. While for
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TABLE 5.4 Conversion of Fan Performance to a Different Density p

Free In-between Maximum Maximum  Stalling No
delivery point efficiency SP dip delivery
27-in cfm 14,2(X) 13.020 11.500 9.200 6.100 0
vancaxial SP 0 1.25 2.50 3.30 2.64 5.59
fan, bhp 3.45 510 6.65 7.70 5.80 9.00
1750 rpm. ME .630 0.776 0.828 0.700 0.42t 0
p=0075 Noise 83.2 83.5 84.7 89.6 99.1 101.3
Ib/ft*
27-in cfm 14,200 13.020 11.500 9,200 6,100 0
vaneaxial SP 0 0.83 1.67 220 1.76 373
fan, bhp 2.30 3.40 4.43 5.13 3.87 6.00
1750 rpm, ME 0.630 0.776 0.828 0.700 0.421 0
p=0.050 Noise 83.2 83.5 84.7 89.6 99.1 101.3
Ib/ft’

standard air density a 7v%-hp motor is needed, for the lower air density a 5-hp

motor might suffice. To be on the safe side, however, we probably will do the fol-

lowing two things:

a. Use a 7%2-hp motor anyway, even for the lower air density, so that the motor
will not be overloaded if the fan should ever be operated at standard air con-
ditions.

b. Use belt drive rather than direct drive so that the motor will be located outside
the housing and will not be heated up by the hot air stream passing through
the fan housing.

3. The efficiency remains the same.
4. The noise level remains the same.

Again, this fan law for density can be combined with other fan laws whenever
required in either sequence.

MACHINING DOWN THE FAN WHEEL
OUTSIDE DIAMETER

Suppose that a company manufactures a line of turbo blowers. These are centrifugal
fans for high static pressure and relatively small air volumes. They will be discussed
in more detail in Chap. 7. Suppose that this line consists of the following eight sizes:
0.12.15.18.21,24,27, and 30 in and that the fan wheels are aluminum castings. The
company has patterns for these eight sizes of fan wheels. They have narrow blades
and run at high speeds, often at 3500 rpm for direct drive.

Figure 5.5 shows the static pressure and brake horsepower curves for two sizes of
the line: a 15-in fan (dashes) and an 18-in fan (solid lines). both running at 3500 rpm.
A customer wants one turbo blower to deliver 1600 c¢fm against a static pressure of
18 inWC. Figure 5.5 indicates that this is somewhat below the performance of the
18-in fan. Obviously. the company does not want to build a new pattern for just one
unit with about a 17-in wheel diameter. Thus the company decides to use the 18-in
fan wheel machined down to 17 in. The dotted lines in Fig. 5.5 show the performance
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FIGURE 5.5 Performance of three sizes of turbo blowers, 15-, 17-, and 18-in wheel
diameters, running at 3500 rpm.

we can expect from this 17-in fan. How did we obtain this predicted performance?
Can we use Egs. (5.5), (5.6), and (5.7) for variation in size, using the ratios (17/18)°
for air volume, (17/18)’ for static pressure, and (17/18)° for brake horsepower? Not
really. Why not? Because these equations apply only if the units are in geometric
proportion. By machining the wheel outside diameter down from 18 to 17 in, the
wheel inlet diameter and the blade width will remain the same instead of being
reduced in geometric proportion. In other words, the machined-down fan wheel will
give us slightly more air volume than if we were to reduce all the dimensions in geo-
metric proportion. We should modify our formulas as follows:

The air volume will vary as the square (not the cube) of the size:

Cfmg 2& 2
cfm, (D,) (5.24)
The static pressure will still vary as the square of the size:
SP. (DY
o (D.) (5.25)
1

the same as in Eq. (5.6).
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TABLE 5.5 Conversion of Fan Performance to a Machined-Down Fan Wheel Running at
the Same Speed

18-in wheel outside diameter, cfm 3490 2880 1850 950 0
214-in blade width., SP 0 10 20 24 212
3500 rpm bhp 13.4 12.5 8.5 47 0.9

17-in wheel outside diameter, cfm 3113 2569 1650 847 0
24-in blade width, SpP 0 8.92 17.84 21.41 18.91
3500 rpm bhp 10.66 9.95 6.76 374 0.72

The brake horsepower will vary as the fourth (not the fifth) power of the size:

bhpg _ (D‘_) )4
bhp, \D,

(5.26)

The efficiency will remain constant.

The noise level will be slightly decreased by 50 times the logarithm (base 10) of
the size ratio:

D
Ny — N, =50 logy Fz (5.27)
1

the same as in Eq. (5.23).

These formulas are not based on theory, as the other fan laws are, so they may not
be 100 percent accurate, but they are close enough for practical purposes, and they
help to solve a problem that is encountered often. Table 5.5 shows the data we
obtained by using the preceding formulas.

This much for the fan wheel. What about the scroll housing? If it is fabricated
(not a casting), we could reduce the scroll dimensions in geometric proportion,
except we would still have to keep the housing width and the housing inlet diameter
unchanged so that they will fit the machined-down fan wheel. Furthermore, the
reductions in the scroll dimensions will be small, so we might as well use the same
scroll housing as for the 18-in fan. This will be the simplest solution, and it will be
close enough to be acceptable.
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SYSTEM RESISTANCE

AIRFLOW SYSTEMS

In Fig. 4.38 we showed a typical static pressure versus air volume curve for a vaneax-
ial fan. It showed the diffcrent static pressures a specific fan will produce when
choked down to certain air volumes. This curve, then. is characteristic for this specific
fan. It can be called the fan characteristic.

An airflow system consists of a fan (or several fans) and of various elements
through which the airflow can pass. These may be ducts, elbows. expanding or con-
verging transitions, heating and cooling coils, screens and guards. dampers, louvers
and shutters. nozzles. bag houses and other filters, or bubble pools. Each component
will offer some resistance to airflow, and the fan has to develop sufficient static pres-
sure to overcome all these resistances. The total of all these resistances is called the
system resistance or the resistance pressure. The static pressure produced by the fan
has to be equal to the resistance pressure.

An airflow system also will have a characteristic curve of resistance pressure ver-
sus air volume. It will show the different static pressures that will be required to
force certain air volumes through this specific system. This curve is called the system
characteristic.

If we will plot the fan characteristic and the system characteristic on the same
sheet of graph paper. usually there will be a point of intersection of the two curves.
This point of intersection will be the only point that will satisfy both the fan charac-
teristic and the system characteristic. It therefore will be the point of operation.

AIRFLOW THROUGH A POOL
OF STATIONARY LiQUID

Normally, the system resistance (i.e.. the static pressure needed) will increase with
the velocity and therefore with the volume of the air passing through the system. An
exception is a pool of stationary liquid through which air or a gas is forced in bub-
bles, as in the aeration of sewage or of molten iron. Here the system resistance will
be constant, regardless of the volume, because it is simply the hydrostatic pressure
presented by the liquid. This hydrostatic pressure will be proportional to the depth
of the pool and to the specific gravity of the hiquid (so it will be very high for molten
iron). However, the hydrostatic pressure obviously will not depend on the air vol-
ume forced through the liquid. (The air volume will depend only on the amount of
air made available by the fan.) No air can bubble through if the maximum pressure
produced by the fan is smaller than this hydrostatic pressure. This is shown in Fig.
6.1. Note that the system characteristic is a straight horizontal line. However. if the
pressure produced by the fan is adequate. the bubbles will flow. From here on. no
extra pressure (only more fan capacity) is needed to force more air through the lig-
uid. Figure 6.2 shows the fan characteristic and the system characteristic for this case.

6.1
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\ System characteristics
SP=K

SpP
Fan characteristics

CFM
FIGURE 6.1 Fan characteristic and system characteristic for a bubble
pool with no point of intersection, No bubbles can pass through the liquid.

Fan characternistics

1 Point of operation

\ System characteristics
SP=K

]
{

CFM

FIGURE 62 Fan characteristic and system characteristic for a bubble pool with a point
of imtersection, Gas bubbles will pass through the liquid.

The system characteristic is again a straight horizontal line, indicating that the static
pressure reeded to force bubbles through the liquid is constant, regardless of the air
velocity, from O cfm to the point of operation and beyond. The formula for this sys-
tem characteristic is

SP = K(cim)’=K (6.1)

The constant X determines the height of the horizontal line above the air volume.
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Apart from this exceptional case, the static pressure needed to blow or draw air
through an airflow system is not constant, but it increases with the air volume or
velocity, i.e.. with the cubic feet per minute (cfm). The question now is: How fast will
it increase? The answer is: It depends on the air velocity and on the resulting type of
airflow (laminar or turbulent).

AIRFLOW THROUGH FILTER BAGS

The total area of filter bags in a bag house is made large in order to keep the flow
resistance low, even when the bags start to get plugged up by the dust. As a result of
the large area, the velocity of the air passing through the fabric is very low, about
3 to 4 ft/min (fpm), and the corresponding Reynolds number Re is small. For stan-
dard air, we can calculate the Reynolds number from Egq. (1.6) as

3
Re =6375VR = 6375 x <0 x 1=319

This is far below the 2000 value where turbulent airflow might start. This means that
the airflow through the fiiter bags is laminar. The system characteristic for laminar
airflow can be calculated from the formula

SP = K x cfm (6.2)

This is a straight, inclined line through the origin, as shown in Fig. 6.3. The constant
K determines the steepness of the straight line: K = tan o. As the bags get plugged up
by dust, the filter efficiency will improve and the system resistance and the steepness
angle o will increase, but it will still be a straight line.

/ Fan characteristics

Sp Point of operation

System characteristics
SP =K X (CFM)

- £2

CFM

FIGURE 6.3 Fan characteristic and system characteristic for laminar airflow, such as
air passing through filter bags.
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AIRFLOW THROUGH A GRAIN BIN

Various grains, such as corn. soy beans. barlcy. and wheat. have to be dried after har-
vesting to prevent spoilage of the grain. For this purpose. they are stored in cylindri-
cal grain bins that can be from 15 to 80 ft high. Vaneaxial fans or centrifugal fans arc
used to force heated air through the grain bin.

The static pressure needed to overcome the resistance of the system depends on
the height of the bin and on the type of grain. It can be from 3 to 20 inWC. For the
lower pressures, vaneaxial fans can be used, but for the higher pressures, centrifugal
fans are needed. However, whatever the static pressure, the velocity of the air pass-
ing through the grain is about 20 fpm. approximatcly six times as large as the 3 10
4 fpm through filter bags.

The corresponding Reynolds number. then. is about 2100, the beginning of
slightly turbulent airflow, and the formula for the system characteristic is

SP=K(cfm)"* (6.3)

This is a curve through the origin. as shown in Fig. 6.4. The constant K determines the
steepness of the curve. For higher grain bins and for greater grain compaction (such
as wheat). the curve gets steeper.

Fan characteristics

SP Point of operation

System characteristics
SP =K X (CFM)!:5

CFM

FIGURE 6.4 Fan characieristic and system characteristic for slightly turbulent airflow.
such as air passing through grain bins.

AIRFLOW THROUGH A VENTILATING SYSTEM

In a conventional ventilating system. such as used in buildings, both the air velocities
and the Reynolds number are considerably larger than in bag houses or grain bins.
(Only in the filter section are they still low.) Let us check this statement. In our
example on page 4.56 in Chap. 4. we discussed a 27-in vaneaxial fan delivering
11,500 cfm against a static pressure of 2.5 inWC. Qur 27V%-in i.d. duct has an area of
4.050 ft*: thus our air velocity will be V = 11500/4.050 = 2840 fpm = 47.3 fps, and the
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velocity pressure will be VP = (2840/4005)" = 0.503 inWC. Let’s assume that our sys-
tem will consist of this 27%-in i.d. duct plus some other equipment. resulting in a
total resistance pressure of 2.5 inWC. Our Reynolds number will be Re =6375VR =
6375 x 47.3 x (27.25/24) = 342.400. Since this Reynolds number is far above 2000. this
is definitely turbulent airflow, as is normal in ventilating systems. The formula for the
system characteristic now is

SP = K(cfm)* (6.4)

This is a parabola through the origin. as shown in Fig. 6.5. If one point of the system
characteristic is known. the other points can be calculated. and the parabola can be
plotted.

Fan characteristics

/. Point of operation

SP

System characteristics
SP = K X (CFM)2

CFM

FIGURE 6.5 Fan charactcristic and system characteristic for turbulent airflow pre-
vailing in ventilating systems.

[t might be interesting to note that on page 1.5 in Chap. | we showed in Eq. (1.4)
that the friction loss fin a duct is proportional to (cfm). Now our Eq. (6.4) indicates
the same thing for a ventilating system.

Table 6.1 summarizes our findings for four different airflow systems.

TABLE 6.1 Comparison of Flow Conditions for Four Airflow Systems

Type of Type of Airvelocity  Reynolds  Formula for system

system airflow (fpm) number characteristic
Bubbling pool — SP = K(cfm)"
Filter bags Laminar 3 320 SP=K(cfm) ‘
Grain bins Slightly turbulent 20 2,100 SP=K(cfm)'’

Ventilating system Turbulent 2840 342.000 SP = K(cfm)y
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COMPARISON OF SYSTEM CHARACTERISTIC
CURVES AND CHANGING SPEED CURVES

Coming back to our 27-in vaneaxial fan running at 1750 rpm and delivering 11.50()
cfm against a resistance pressure of 2.5 inWC. the performance of this fan was shown
in Fig. 4.57 and again in Fig. 5.1. At 1750 rpm, this fan consumed a maximum of
7.7 bhp in the operating range.

Suppose that we want to boost the air volume passing through our system by
50 percent, from 11,500 to 17,250 cfm, as shown in Fig. 5.1. Our air volume ratio will
be 17,250/11,500 = 1.5. How much static pressure will the system require so that
17,250 cfm will pass through it? According to Eq. (6.4) for the parabolic system
characteristic, the static pressure will increase as the square of this ratio: 1.5° x 2.5 =
5.63 inWC. This will be the static pressure required to force 17.250 cfm through the
system.

Here we note something interesting: The parabolic system characteristic curves
are identical with the parabolic curves indicating how fan performance points move
when the fan speed is changed. When we plotted the parabolic curves in Fig. 5.1, it
was strictly to illustrate the fan laws for a varniation in speed. The concept of system
characteristics (how the resistance pressure of a system changes for a variation in air
volume) did not enter our discussions. Now, in discussing system characternstics in
ventilating systems, we find that the parabolic curves in Fig. 5.1 also represent system
characteristics. Consequently, if we consider a fan-system combination, the point of
operation (intersection) will remain at the same relative location on the pressure
curve (corresponding points) if the fan speed should be changed. This is not a mat-
ter of course, it could be different, and in fact, it is different for low air velocities, as
in grain bins or filter bags. However. in the range of the higher air velocities used in
ventilating systems, the system characteristics are parabolic, and we are grateful for
this because it simplifies our calculations in the application of fans. What a friendly
gesture of nature!

On the other hand, since a system characteristic will always connect correspond-
ing points on the fan performance curves, we cannot shift the performance to a point
at a different relative location on the pressure curve by changing the speed. Suppose
system resistance was underestimated, resulting in a vaneaxial fan, installed on a
system, operating in the stalling range, which, of course, is highly undesirable (inad-
equate air volume, low efficiency, noisy operation). The customer suggests: Let’s
increase the speed. even if a larger motor will be required. This would not be a good
solution. At the larger speed, the air volume, of course. would be increased, but the
fan would still operate in the stalling range, at low efficiency and a high noise level.

SHIFTING THE OPERATING POINT OUT
OF THE STALLING RANGE

System characteristics are a useful tool. Skill in manipulating them can be of practi-
cal value in selecting the right fan for a system. Figure 6.6 illustrates this point. It
shows a comparison of three fan curves and two system curves. The two solid lines
are the same as in Fig. 4.42. They show the performance of two 29-in vaneaxial fans
running at 1750 rpm with 72-hp motors and 52 and 68 percent hub-tip ratios. The
long dashes show a parabolic system characteristic that intersects the 52 percent fan
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FIGURE 6.6 Comparison of static pressure curves for three fans: a 29-in vaneaxial fan with a 52
percent hub-tip ratio, 1750 rpm, 7'A-hp motor; a 29-in vaneaxial fan with a 68 percent hub-tip ratio,
1750 rpm, 7¥2-hp motor; and a 15-in mixed-flow fan, 3500 rpm, 5-hp motor.

curve in the stalling range but the 68 percent fan curve in the good operating range.
This illustrates a case where an increased hub diameter will solve the problem. The
short dashes show a steeper parabolic system characteristic that intersects even the
68 percent fan curve in the stalling range. A mixed-flow fan, as shown by the dotted
line, will solve this problem. It will deliver far less air volume in the low-pressure
range. but it will outperform both vaneaxial fans in the high-pressure range, even
though it requires only a 5-hp motor instead of a 7V2-hp motor. All this is due to the
following three features of the mixed-flow fan:

1. It has a higher pressure capability than vaneaxial fans.
2. It runs at 3500 rpm rather than at 1750 rpm.

3. At the steeper system characteristic, the mixed-flow fan operates in its efficient
range. whereas the two vaneaxial fans operate in their inefficient stalling ranges.

Note that all three fans have approximately the same tip speeds.

PRESSURE LOSSES IN VENTILATING SYSTEMS

As mentioned earlier, a fan has to produce sufficient static pressure to overcome the
friction in the various components of the ventilating system. Equation (1.4) showed
that the friction loss fin a straight, round duct with constant diameter 12 and with
smooth walls can be calculated as
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L.
= 00195V
f=0.0195 VP

This friction loss in a duct. therefore. is proportional to the velocity pressure VP This
is true not only for the duct friction but also for the friction loss in the other compo-
nents (except for filters) in a ventilating system. The friction loss in all these com-
ponents is proportional to the velocity pressure:

f=KxVP (6.5)

Only the factor K changes, depending on the type of equipment.

For example. for elbows, K is usually between 0.3 and 0.4, depending on the angle
and the sharpness of the turn and on the cross section of the elbow (round. square,
rectangular). In other words. elbow loss is approximately one-third the velocity
pressure.

In the same manner, the friction losses in screens, transitions, coils. dampers, and
so on are proportional to the velocity pressure; only the factor K will vary. Later we
will discuss this in more detail.

Another loss to be considered is at the outlet of the system, where one velocity
pressure 1s lost, whatever the velocity pressure at that point happens to be. This. too.
has to be included in the static pressure required from the fan. We should attempt.
therefore, 10 make the area at the outlet of our system not too small so that the
velocity pressure and the resulting loss will not be too large. This can be accom-
plished with a gradually expanding outlet, whenever this 1s possible.

HOW THE STATIC PRESSURE VARIES ALONG
A VENTILATING SYSTEM

Let's suppose our ventilating system consists simply of a fan blowing into a round
duct that is of constant diameter and which contains some additional resistances
such as screens, dampers, etc. Figure 6.7 shows how the static pressure will vary as we
move along this ventilating system. We note the following:

The ambient static pressure near the fan inlet is zero.

The fan raises the static pressure to a maximum positive value.

The duct friction reduces the static pressure at a slow rate.
The resistance of certain components reduces the static pressure at a steeper rate.
The slow rate, due to duct friction, is resumed.

The velocity pressure at the outlet is a loss, as mentioned previously. This reduces
the remaining static pressure at the outlet of the system to the zero ambient static
pressure again.

I N R

Figure 6.8 shows how the static pressure will vary along the system if the fan is
exhausting from rather than blowing into the svstem. We note the following:

1. The ambient static pressure near the inlet of the system is zero again.

2. As the air veloctty increases from zero to a certain value in the duct. the static
pressure decreases to a negative value equal to the velocity pressure in the duct
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FIGURE 6.7 Variation in the static pressure along a ventilating
system with the fan blowing into the system. All static pressures are
positive.

plus a turbulence loss. This decrease would be smaller if the duct were equipped
with a venturi inlet.

3. The duct friction reduces the static pressure at a slow rate to a more negative value.

4. The resistance of certain components reduces the static pressure at a steeper rate
to an even more negative value.

Duct

Duct
Dampers, etc. Fan
\ Yutlet velocity

— 7
7~

SP FAN

Negative static pressures

FIGURE 6.8 Variation in the static pressure along a ventilat-
ing system with the fan exhausting from the system. All static pressures
are negative, except the velocity pressure loss at the end of the system.



6.10 CHAPTER SIX

5. The slow rate, due to duct friction, is resumed and reduces the static pressure to
an even more negative value.

6. The fan raises the static pressure from its maximum negative value to a slightly
positive static pressure.

7. The velocity pressure at the fan outlet is a loss that reduces the static pressure at
the outlet back to the zero ambient static pressure.

Figure 6.9 shows how the static pressure will vary along the system if the fan is
located somewhere in the middle. This means that the fan is exhausting from the left
portion of the system and is blowing into the right portion of the system. We note the
following:

1. The ambient static pressure near the inlet of the system is zero again.

2. As the air velocity increases from zero to the duct velocity, the static pressure
decreases to a negative value, as pointed out in Fig. 6.8.

3. The duct friction reduces the static pressure at a slow rate to a more negative
value.

4. The resistance of certain components reduces the static pressure at a steeper
rate to a more negative value.

5. The slow rate, due to duct friction, is resumed and reduces the static pressure to
an even more negative value.

6. The fan raises the static pressure from its maximum negative value to a maxi-
mum positive value.

7. The duct friction reduces the static pressure at a slow rate.

Duct Duct Duct Duct

Dampers, etc. Fan Dampers, etc.

\ \ Qutlet velocity

pAll 7 %

N

SP Positive static pressures

Negative static pressures

FIGURE 6.9 Variation in the static pressure along a ventilating system, with the fan located some-
where in the middle. The static pressures are negative in the exhaust section and positive in the blow-

ing

section.
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8. The resistance of certain components reduces the static pressare at a steeper
rate.

9, The slow rate, due to duct friction, is resumed.

10. The velocity pressure at the outlet is a loss that reduces the remaining static
pressure at the outlet of the system to the zero ambient static pressure again.

So far we have assumed a constant duct diameter. Now let’s consider the static
pressure variation due to a converging conical transition, as shown in Fig. 6.10, with
the fan blowing into the system. We note the following:

1. The ambient static pressure near the fan inlet is zero.

2. The fan raises the static pressure to a maximum positive value.
3. The duct friction reduces the static pressure at a slow rate.
4

. The converging conical transition reduces the static pressure at a steeper rate not
only because of the friction on the transition walls but also primarily because the
increase in velocity pressure (kinetic energy) must be obtained at the expense of
the static pressure (potential energy).

5. A somewhat slower rate of static pressure reduction, due to duct friction, is
resumed, but not as slow as in item 3, because the smaller duct diameter results in
an increased friction loss.

6. The velocity pressure at the outlet is a loss that 1s considerable here, due to the
reduced duct diameter. This loss reduces the static pressure at the outlet back to
the zero ambient static pressure.

Large outlet velocity

Duct  Converging conical transition
Fan

\ Smallerﬁct

+ Positive static pressures

SP

FIGURE 6.10 Variation in the static pressure along a ventilating system containing a con-
verging conical transition, with the fan blowing into the system. All static pressures arc positive.
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FIGURE 6.11 Variation in the static pressure along a ventilating system containing a
converging conical transition. with the fan exhausting from the system. All static pres-
sures are negative, except the velocity pressure loss at the end of the system, which is
considerable. due to the smaller outlet diameter.

Figure 6.11 shows how the static pressure will vary along a system containing a

converging conical transition if the fan is exhausting from the system rather than
blowing into it. We note the following:

The ambient static pressure near the inlet of the system is zero again.

As the air velocity increases from zero to the duct velocity, the static pressure
decreases to a negative value. as pointed out in Fig. 6.8.

The duct friction reduces the static pressurc at a slow rate to a more negative
value.

The converging conical transition reduces the static pressure at a steeper rate to
a more negative value. mainly because the increase in velocity pressure must be
accomplished at the expense of the static pressure and also somewhat because of
friction on the transition walls.

A somewhat slower rate of static pressure reduction, due to duct friction, is
resumed, but not as slow as in item 3. because the smaller duct diameter results in
an increased friction loss.

The fan raises the static pressure from its maximum negative value to a positive
static pressure.

The velocity pressure at the outlet is a loss that is considerable. due to the smaller
duct diameter. This loss reduces the static pressure at the outlet back to the zero
ambient static pressure.

Now let’s consider the static pressure variation due to a diverging conical transi-

tion. as shown in Fig. 6.12, with the fan blowing into the system. We note the following:
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FIGURE 6.12 Variation in the static pressure along a ventilating system containing a diverg-
ing conical transition, with the fan blowing into the system. All static pressures are positive.

1. The ambient static pressure near the fan inlet is zero.
2. The fan raises the static pressure to a positive value. possibly the maximum.

3. The duct friction reduces the static pressure at a fairly fast rate due to the small
duct diameter.

4. The diverging conical transition has two opposing effects: It slightly reduces the
static pressure due to wall friction, but it increases the static pressure by static
regain, as discussed in Chap. 1, and this will outweigh the slight friction loss. While
air normally flows from higher static pressure to lower static pressure, a gradually
diverging cone is an exception: Here air flows from lower to higher static pres-
sure. The general rule, however. is that air will flow from points of higher total
pressure to points of lower total pressure without exception.

5. The duct friction reduces the static pressure at a slow rate.
6. The velocity pressure at the outlet is a loss. It reduces the remaining static pres-
sure at the outlet of the system to the zcro ambient static pressure again.

Figure 6.13 shows how the static pressure will vary along a system containing a
diverging conical transition, with the fan exhausting from the system. We note the
following:

1. The ambient static pressure near the inlet of the system is zero.

2. As the air velocity increases from zero to the duct velocity, the static pressure
decreases to a negative value, as pointed out in Fig. 6.8. Due to the smaller duct,
this negative value is considerable.

3. The duct friction reduces the static pressure at a fairly fast rate, due to the smaller
duct diameter. to a more negative value.
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FIGURE 6.13 Variation in the static pressure along a ventilating system containing a
diverging conical transition, with the fan exhausting from the system. All static pressures are
negative, except the velocity pressure loss at the outlet end of the system.

The diverging conical transition will again have two opposing effects, as discussed
in item 4 of Fig. 6.12, with the static regain outweighing the slight friction loss. The
negative static pressure, therefore, will become slightly less negative.

A slow rate of static pressure reduction in the duct will make the static pressure
slightly more negative.

The fan raises the static pressure from its negative value (it may or may not be a
maximum) to a slightly positive static pressure.

The velocity pressure at the outlet is a loss. It reduces the static pressure at the
outlet back to the zero ambient static pressure.



CHAPTER 7
CENTRIFUGAL FANS

FLOW PATTERN

Figure 3.17 showed a typical centrifugal fan wheel with backward-inclined blades.
Figure 3.18 showed the same fan wheel in a scroll housing. The airflow enters the
unit axially, the same as in an axial-flow fan, but then spreads out in a funnel-shaped
pattern, turning 90° into various radially outward directions before meeting the
blades. The blades then deflect these individual air streams into a spiral pattern to an
almost circumferential direction. All these air streams are finally collected by the
scroll housing and are reunited into a single air stream that leaves the unit at a right
angle to the axis.

OPERATING PRINCIPLE

As discussed previously, the operating principle of axial-flow fans is simply deflec-
tion of the airflow by the fan blades from an axial direction into a helical flow pat-
tern. In centrifugal fans, the operating principle is a combination of two effects:
centrifugal force (this is why they are called centrifugal fans) and again deflection of
the airflow by the blades, but here the deflection is from a radially outward direction
into a spiral flow pattern, as can be seen from Figs. 3.17 and 3.18. As the fan wheel
rotates, the air located between the blades and rotating along with them is. of course,
subject to centrifugal force, and this is the main cause for the outward flow of the air.
Simple outward deflection of the air by the blades is a contributing factor, but to a
lesser degree in most types of centrifugal fans. Only in the case of forward-curved
blades does the air deflection have a strong influence on the flow pattern and on the
performance. In the other types of centrifugal fans, the centrifugal force is the pre-
dominant effect. This results in the following two differences between the perfor-
mances of axial-flow and centrifugal fans:

1. Centrifugal fans normally produce more static pressure than axial-flow fans of
the same whee! diameter and the same running speed because of the additional
centrifugal force, which is missing in axial-flow fans.

2. Since in centrifugal fans the airfoil lift (if we can call it that) contributes only a
small portion of the pressure produced (while most of it is produced by centrifu-
gal action), the improvement due to airfoil blades (over single-thickness. back-
ward-curved sheet metal blades) is not as pronounced in centrifugal fans as it is
in axial-flow fans.

What did we mean by saying “if we can call it that”? Repeating a passage from
Chap. 2: In a centrifugal fan wheel with backward-curved airfoil blades, the convex
side of the airfoil is the pressure side. This is abnormal for an airfoil, even though the
airfoil contours are superimposed on a spiral line. This type of blade may have the
appearance of an airfoil. but it does not really have the function of an airfoil. since

7.1



7.2 CHAPTER SEVEN

there is no lift force in the conventional sensc. It is simply a backward-curved blade
with a blunt leading edge. which helps broaden the range of good efficiencies and
which improves the structural strength of the blade.

DRIVE ARRANGEMENTS

A centrifugal fan. as shown in Fig. 3.18, consists of a fan wheel and a scroll housing
plus such accessories as the inlet cone. the cutoff. and the various supports for the
housing and for the drive arrangement {motor, pulleys, bearings, and shaft). Most
centrifugal fans use belt drive because it has the following three advantages:

1. Either 1750 or 3450-rpm motors can be used. and expensive slow-speed motors
are avoided.

2. The exact fan speed for the required air volume and static pressure can be
obtained.

3. The speed can still be adjusted in the field. if desired. by simply changing the pul-
ley ratio.

On the other hand. direct drive is preferable whenever possible, particularly in
small sizes, because it has the following three advantages:

1. [t reduces the first cost whenever a 1750-rpm motor can be used, since extra sup-
ports, pulleys, bearings, and shaft are avoided.

2. It avoids a 5 to 10 percent loss in brake horsepower, consumed by the belt drive.

3. New belts usually stretch 10 to 15 percent in operation, requiring belt adjust-
ments. Direct drive avoids this maintenance.

TYPES OF BLADES

According to their blade shapes, centrifugal fans can be subdivided into the follow-
ing six categories: AF (airfoil). BC (backward-curved). BI (backward-inclined), RT
(radial-tip), FC (forward-curved). and RB (radial blade). Figure 7.1 shows these six
commonly used blade shapes. Each of them has its advantages and disadvantages.
Accordingly, each is well suited for certain applications. Figure 7.1 also shows the
approximate maximum efficiencies that usually can be attained with these blade
shapes. Many fans, however, are built for low cost and have maximum efficiencies
below those shown, and occasionally—as we will see—even higher efficiencies are

AF BC BI RT FC RB
92% 85% 78% 70% 65% 60%
FIGURE 7.1 Six blade shapes commonly used in centrifugal fans. The approximate maximum effi-

ciency attainable for cach type is shown. (From Bleier, F P, Fans, in Handbook of Energy Systems
Engincering. New York: Wiley. 1985, used with permission.)
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obtained with BI and RT blades. The highest efficiencies can be obtained with airfoil
blades, the lowest with flat radial blades. Let us examine these six blade shapes and
point out their features.

Centrifugal Fans with AF Blades

Airfoil centrifugal fans are the deluxe centrifugal fans. They have the following fea-
tures:

1. They have the highest efficiencies of all centrifugal fans.

2. They have relatively low noise levels.

3. They have high structural sirength so that they can run at high speeds and pro-
duce up to 30 inWC of static pressure.

4, They have stable performance, without surging or pulsation.

5. They are used primarily for clean air and gas applications and for general venti-
lation. They are good for systems with changing resistance because the perfor-
mance curves have no stalling range. They can operate in parallel. ,

6. The passages between adjacent blades are gradually expanding for minimum tur-
bulence.

7. The blades are usually made as hollow airfoils of steel, welded to the back plate

and shroud (Fig. 7.2). In small sizes, the entire fan wheel is sometimes made as an
aluminum casting (Fig. 7.3).

Figure 7.4 shows a schematic sketch of a typical airfoil centrifugal fan wheel. It
shows the patter of the airflow and the symbols for the principal dimensions. The

FIGURE 7.2 Angular view of 16-in centrifugal
fan wheel (5 hp, 3450 rpm) with eight hollow airfoil
blades, of welded stee!, with flat back plate and
spun shroud for tapered blades. (Courtesy of Cop-
pus Division, Tuthill Corporation, Millbury, Mass. )
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FIGURE 7.3 Angular view of a 10-in centrifugal fan
wheel (1 hp, 3450 rpm )} of cast aluminum with ten air-
foil blades. (Courtesy of Chicago Blower Corporation,
Glendale Heights, Il }

same symbols will be used in other types of centrifugal fans. In Fig. 7.4, notice the fol-
lowing:

i
2

3.

4

6.

The fan wheel has a back plate, a shroud, and ten backward-curved airfoil blades.

The principal dimensions, as shown, are the blade outside diameter d;, blade
inside diameter d;, blade length I, blade width b, and the blade angles B, and B..

The leading edge of the blade is the blunt edge on the inside. It has a blade angle
B:, which is measured between the tangent to the circumference of the inner cir-
cle and a line bisecting the leading edge of the blade.

The trailing edge of the blade is the pointed edge at the blade tip. It has a blade
angle B, which is measured between the tangent to the circumference of the
outer circle and a line bisecting the trailing edge of the blade.

The figure also shows a spun inlet cone guiding the airflow into the wheel inlet
and helping it turn radially outward with a minimum of turbulence,

The shroud shown in Fig. 7.4 has a curved portion at the inlet plus a flat portion
extending outward. Some shrouds have a curved portion plus a conical (instead
of a flat) portion so that the blade width is not constant bus gets narrower toward
the tip, making the area for the airflow constant. In other words, the blade width
varies from b, at the leading edge to a smaller b, at the blade tip so that the areas
dymb, = d;xb,. This used to be the generally accepted design because the constant
arca and the reduced angle for the airflow turning outward was thought to result
in better efficiencies. This reasoning, however, overlooked the loss caused by the
sudden expansion at the blade tip, from the blade width to the much larger hous-
ing width. A flat outer-shroud portion turned out to be just as efficient or even
slightly more efficient because it results in less acceleration of the absolute air
velocity as the air stream passes from the leading edge to the blade tip, and the
sudden expansion at the blade tip, therefore, is less severe. As an added bonus, the
airfoil blade is simpler and more economical in production if b, = b,.
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Rotation
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Inlet / K_ _ —¢
Back plate
Shroud 4 b

FIGURE 7.4 Schematic sketch of a typical centrifugal fan wheel with ten backward-curved
airfoil blades having the maximum permissible width b Note: d,. blade i.d.; d., blade o.d.; b,
blade width; /, blade length: B,. blade angle at lcading edge: B, blade angle at blade tip; V), blade
velocity (fpm) at leading cdge of blade; V.. blade velocity (fpm) at blade tip: W), relative air
velocity (fpm) at leading cdge of blade; W,, relative air velocity (fpm) at blade tip: V), resulting
absolute air velocity (fpm) at leading edge of blade; V., resulting absolute air velocity (fpm) at
blade tip.

Velocity Diagrams. Figure 7.4 also shows the velocity diagrams at the leading and
trailing edges. L.ooking at these diagrams, we can make some observations and some
calculations and we can derive certain dimensions from the requirements for speed,
air volume, and static pressure as follows:

1. The vector sum of the relative air velocity W and the blade velocity V results in
the absolute air velocity V. This is true at the leading edge as well as at the trail-
ing edge.

2. At the leading edge, the following conditions exist:

a. The cylindrical area A, through which the airflow will pass is

_dﬂtb
' 144

= 0.02182d, b (7.1)

where d, and b are in inches and A, is in square feet.
b. The blade velocity Vy, at the leading edge can be calculated as

Val =dl—121t x rpm = (.26184d, x rpm (7.2)

where Vg, is in feet per minute (fpm).
¢. The absolute air velocity V; at the leading edge is radially outward and there-
fore perpendicular to the cylindrical area A,. It can be calculated as
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cfm cfm
=—— =458
Vi A, 4 d.b

(7.3)

where V, is in feet per minute (fpm).
d. The blade angle B, at the leading edge can be calculated from

v, cfm
tan 3, Ve " 175 4ib x rpm (7.4)
It usually is between 10 and 30°.
e. The relative air velocity W, at the leading edge is about tangential to the lead-
ing edge of the blade.
As we move from the leading edge to the blade tip. the blade velocity Vy in-
creases, the relative air velocity W decreases somewhat (duc to the channel
between adjacent blades becoming wider), and the absolute air velocity V (being
the vector sum of the two) increases.

At the blade tip, the following conditions exist:
a. The cylindrical area A, 1s
dznb
2= =0.021824,b 7.5
A=71 182d, (7.5)

where d; and b are in inches and A; is in square feet.
b. The blade velocity Vg, at the blade tip can be calculated as

Vi =% x rpm = (0.2618d, X rpm (7.6)

where Vi, is in feet per minute (fpm).

¢. The absolute air velocity V, at the blade tip i1s no longer radially outward or
perpendicular to the cylindrical area A,. By the time it reached the blade tip,
the air stream got considerably deflected in the direction of fan rotation, from
radially outward to an angle of only about 20° to 30° from the circumference.

d. The absolute air velocity V; can be resolved into two components: a radially
outward component V,, and a circumferential component V,.. The radial com-
ponent can be calculated easily as

cfm cfm
Vi, = =45, 7.7
»=4 45.8 &b (71.7)
The formula for the circumferential component V. is
SP
Vae= K——+ (7.8)
rpm X d,

similar to the corresponding equation (Eq. 4.6) for vaneaxial fans, but unfor-
tunately. the constant K contains two correction factors (for hydraulic losses
and for circulatory flow) that can only be estimated but cannot be calculated
accurately. The preceding equation for V... therefore. is only of theoretical
interest. Whereas Eq. (4.6) gave us an accurate value for the circumferential
component in vaneaxial fans, the preceding equation for centrifugal fans will
not give us an accurate value for V,,, the circumferential component for cen-
trifugal fans.
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e. The blade angle B, at the blade tip theoretically could be determined from

V..
tan B —
Bh VHE - V?r

but since V.. cannot be determined accurately, B, cannot be determined accu-
rately either.

As an indication of the general trend. it may be said that an increase of the blade
angles B, and [, results in an increase in air volume and static pressure, but in a
decreasc in the fan cfficicncy. However, if §, and B, become too large. the passage
between adjacent blades may become so wide and short that the airflow is no longer
sufficiently guided and the circulatory flow will become cxcessive. In this case, a
simultaneous increase in the number of blades will correct the situation by making
the blade channel narrower.

Hydraulic Losses and Circulatory Flow. These two terms were mentioned earlicr
as the reason why we can not accurately calculate the circumferential component
V.. of the absolute air velocity V, at the blade tip. The reader. therefore, deserves an
explanation of what thesc two terms mean. The hydraulic losses are the pressure
losses due to friction as the air stream passes over the various surfaces. The circula-
tory flow is a peculiar phenomenon that takes place as the blade channel rotates
around the axis of the fan wheel. Let’s explain this in more detail.

The air particles occupying the space between the blades do not quite keep up
with the rotation of the channel walls but—because of their inertia—lag behind.
Relative to the channel, they therefore rotate slowly in the opposite direction. This
relative vortex, called circulatory flow, which is superimposed on the main relative
flow, is comparatively small, yet it is large enough to notably reduce the pressure
produced by the fan. What is the mechanism of this pressure loss? The circumferen-
tial component V;, is responsible for the pressure produced. Since the circulatory
flow is an undesirable phenomenon that negatively affects fan performance. a cor-
rection factor has to be applied to the formula for V,. to compensate for the pressure
drop due to circulatory flow. This correction factor tends to increase Vs, and thereby
the blade outlet angle 3. The determination of this correction factor is difficult. The
shape, width, and number of blades will affect it: The poorer the guidance of the air
is while passing through the channel, the stronger will be the circulatory flow and the
larger will have to be the correction factor.

Conclusion. In view of the preceding. the design calculation for centrifugal fans is
not as accurate as the design calculation for vaneaxial fans. In other words. if the
requirements for speed, air volume. and static pressure are given for a vaneaxial fan,
it is entirely possible, without any previous experience, to go through the various for-
mulas, as shown on page 4.63, to calculate the principal dimensions and to obtain a
test sample (the first prototype) that will be satisfactory with respect to air volume,
static pressure, and efficiency. For centrifugal fans, on the other hand. only an expe-
rienced fan designer who has some empirical data for this type of fan in his or her
file will be able to meet the requirements with the first prototype.

Wheel Diameter d, and Blade Inside Diameter d, for an Airfoil Centrifugal Fan.
In Chap. 4 we pointed out that in designing a vaneaxial fan for a certain set of
requirements (speed. air volume, static pressure). we can calculate the minimum hub
diameter d,,,, by Eq. (4.1} and the minimum wheel diameter D, by Eq. (4.3). Equa-
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tion (4.1) indicated that the minimum hub diamcter 1s only a function of speed and
static pressure but not of air volume, which sounds reasonable. Equation (4.3) indi-
cated that the minimum wheel diameter is a function of speed. air volume. and hub
diameter. thus also of static pressure. The minimum wheel diameter obtained from
Eq. (4.3) tells us whether the wheel diameter requested by the customer is accept-
able.

In designing an airfoil centrifugal fan. the procedure is different. Again, we want
to caiculate the wheel diameter > and the blade inside diameter d, from the require-
ments (speed. air volume, static pressure). To calculate the blade inside diameter d,.
we use the formula

[cfm

[ tin — —_ .
dy ., IOVK rpm (7.9)

and note that the blade inside diameter depends only on speed and air volume but
not on static pressure. This sounds reasonable. Obviously. a larger air volume and a
smaller speed will result in a larger blade inside diameter. The static pressure will be
produced after the blade inside diameter has been passed, by blades which start at |
and extend to d-.

To calculate the wheel diameter d», we use the formula

18,000
sy =000 /5 (7.10)
rpm

and note that the blade outside diameter depends only on speed and static pressure
but not on air volume. At first glance, however, this may sound incomplete. Obvi-
ously, a larger static pressure and a smaller speed will result in a larger blade outside
diameter, but what about the air volume? Won't air volume tend to increase the
blade outside diameter, too? The answer is that the blade angles B, and 3, will have
to take care of the air volume. We have Eq. (7.4) to calculate 3, and it contains air
volume, as it should. The formula for 3, also contains air volume, but it is inaccurate,
as pointed out on page 7.7. The fact is that B, has a strong influence on both the air
volume and the static pressurc, as we will discuss in more detail in the section on
forward-curve blades. An increased B, will result in a considerable increase in the air
volume, but at the expense of the efficiency. Therefore, while a larger air volume
could be obtained by increasing B,. it sometimes is preferable to keep B, smaller, for
better efficiency, and instead increase the whecl outside diameter beyond the value
of d, i according to Eq. (7.10).

Blade Width b.  Earlicr we pointed out that the airflow enters a centrifugal fan axi-
ally and then turns 90° into various radially outward directions. In doing so. the air-
flow first passes through the circular area A, of the shroud inlet and then—after the
90° turn—through the cylindrical arca A, at the blade inside diameter, as can be seen
in Fig. 7.4. These two arcas can be calculated as follows:

A\=(d‘ ):n (7.11)

24

where d, is the shroud inside diamecter in inches and A, is the circular shroud inlet
area in square feet.

A! _(I!Ttb

-0 (7.1)
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where d; is the blade inside diameter in inches. b is the blade width in inches.and A,
is the cylindrical arca at the blade inside diameter in square feet.

Let’s examine the three variables in these two formulas: d,. d., and b. d, has been
calculated from Eq. (7.9) as a function of speed and air volume. It has already been
determined. d, can be calculated as

d, = 0.94d, (7.12)

The difference d, - d, 1s small, just large enough to allow for the curved portion of the
shroud. d, therefore has already been determined. too. b is the only variable that is
still open for choice. How can we determine it? Obviously, the value of b will affect
the air volume. As the blade width increases. so will the air volume, at least up to a
point. When this point has been reached. a further increase in b will not result in a fur-
ther increasc in the air volume because the constant inlet cone inside diameter will
act as a choke. It simply will not let any more air pass through. The question is how
large can we make b for optimal performance, i.e.. for maximum air volume, without
impairing the fan efficiency. The answer to this question is: b, should be such that

A =214, (7.13)

This is an empirical formula. It is the result of experimentation. It makes allowance
for the inlet cone inside diameter being somewhat smaller than the shroud inside
diameter d,. Inserting the expressions of the Eqs. (7.1). (7.11), and (7.12) into Eq.
(7.13). we get

dmh 0.94d, \2
™ _2.1( 7 )n’ (7.14)
or
b =0.46d, (7.15)

In other words, if A, =2.1A, according to Eq. (7.13), which means a 52 percent decel-
eration of the airflow making the 90° turn from axial to radially outward, then the
blade width b will be 46 percent of d,. according to Eq. (7.15). This is the maximum
recommended blade width b.

A right-angle turn with a 52 percent decceleration (or with any deceleration) is a
ticklish proposition. The air strcam tends to follow its inertia and to shoot across the
blade width. In other words, instead of evenly filling the space between shroud and
back plate, the airflow will crowd toward the back plate, and less air will flow near
the shroud. Obviously, such an uncven condition is undesirable, even though the
flow pattern is much improved by the smooth curves at the inlet of the shroud and
at the outlet end of the inlet cone, as shown in Fig. 7.4,

While the blade width according to Eq. (7.15) 1s the maximum recommended.
smaller blade widths are often used. whenever the requirements are for less air vol-
ume at the same static pressure. Such a reduced blade width. then. will result in less
deceleration or even in some acceleration during the right-angle turn from axial to
radially outward and. therefore. in a more even flow pattern. Acceleration will take
place whenever

h<0.221d, (7.16)

i.e.. whenever the fan wheel has narrow blades (such as in turbo blowers with flat
blades, which will be discussed later).
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FIGURE 7.5 Air volume {cfm) versus blade width b for an airfoil centrifugal fan.

Figure 7.5 shows how the air volume will vary with the blade width A. It is not in
direct proportion (which would be a straight line), as is sometimes assumed. As the
blade width increases, the corresponding increase in air volume is (1) smaller than in
proportion and (2) at a sacrifice of flow conditions. The line in Fig. 7.5 is somewhat
curved so that at b, (close to the point of saturation) the curve is almost horizon-
tal. In the region of accelerated flow and narrow blades, the air strcam will more
evenly fill the space between back plate and shroud.

Summarizing, it may be said: Narrow blades have the advantage of being more
compact; i.e., they deliver more air volume per inch of axial width. Wide blades have
the advantage that the total air volume delivered is larger. Flow conditions are
smoother in narrow wheels. but average air velocities are lower in wide wheels.
Resulting efficiencies therefore can be comparable.

Number of Blades. The decision regarding the number of blades is based on a
compromise between two conflicting requirements. On the one hand, the channel
between the blades should be narrow enough for good guidance of the air stream.
On the other hand, it should be wide enough so that the resistance to airflow is not
too great. Between 8 and 12 blades is a good selection for most designs. but occa-
sionally, up to 16 blades are needed for designs having large diameter ratios d,/d, or
large inlet blade angles B,.

It has been suggested that partial blades could be placed between the main
blades. but only in the outer portion of the annular space. so that the channel width
would be reduced where it is largest. However. tests on such a configuration have
indicated that this will not improve the performance. The reason is that the partial
blades result in double the number of blade edges. which—as mentioned previ-
ouslv—are a main source of turbulence.

Blade Length I. 'The blade angle f§, at the leading cdge has been calculated from
Eq. (7.4). The number of blades has been determined as a compromise, as explained
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earlier. The blade length /, then, will be found by simple layout of an airfoil shape, as
shown in Figs. 7.2 through 7.4, The trailing edge of a blade should just slightly over-
lap or not overlap at all with the leading edge of the adjacent blade.

Scroll Housing. As mentioned earlier, the various air streams leaving the blade
tips are collected in the scroll housing and are reunited into a single air stream that
leaves the unit at right angles to the axis. The absolute air velocity V- at the blade tip
(see the velocity diagram in Fig. 7.4) is considerably larger than the air velocity OV
at the housing outlet. As the air stream gradually decelerates from Vs to OV, some of
the difference in velocity pressure is converted into static pressure, per Bernoulli
(see pages 1.10 and 1.11).This is true for any type of blade. The effect is strongest for
forward-curved blades, which have the largest air velocities V, at the blade tip.

Figure 7.6 shows a schematic sketch of a typical scroll housing for a 36Y4-in cen-
trifugal fan with airfoil. backward-curved. or backward-inclined blades, for general
ventilation. You will notice the following:

1. The spiral shape is approximated by three circular sections. Their radii are 71.2,
83.7. and 96.2 percent of the wheel diameter.

2. The centers of these three circular sections are located off the center lines by
intervals of 6V percent of the wheel diameter.

3. For the maximum blade width (which is 0.464,). the housing width is 75 percent
of the wheel diameter, or 2.14 times the blade width. (Here is that sudden expan-
sion mentioned on page 7.4.) If the blade width should be reduced by a certain
amount, the housing width will be reduced by the same amount.

4, The height of the housing outlet 1s 112 percent of the wheel diameter.

5. The size of the spiral increases at an even rate. Some manufacturers deviate
from this even rate and let the spiral increase faster at first and slower toward the
outlet.

B 2714 -

FIGURE 7.6 Schematic sketch of typical scroll housing assembly for a 3642-in centrifugal fan with
airfoil, backward-curved. or backward-inclined blades for general ventilation (scate: /).
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6. At the housing outlet, you will notice a so—called cutoff, which looks like a con-
tinuation of the spiral and which protrudes into the housing outlet. Two types of
cutoffs are in use. They can be described as follows:

a. One design uses a one-piece cutoff, as shown in Fig. 7.7, running all the way
across the housing width. It continues the curvature of the scroll and is fas-
tened to the scroll and to the two housing sides. It protrudes into the housing
outlet by 20 to 30 percent of the outlet height. The top of the cutoff is the point
closest to the blade tips. It leaves a cutoff clearance of 5 to 10 percent of the
wheel diameter. The purpose of the cutoff is to minimize the recirculation of
the bypassing air (which, of course, is a loss in air volume and efficiency) with-
out producing excessive noise due to a small cutoff clearance. In other words,
the 5 to 10 percent cutoff clearance is a compromise between prevention of
recirculation and quiet operation.

b. The other design uses a two-piece cutoff placed only on the inlet side of the
housing, opposite the inlet cone, where the fan wheel is not, as shown in Figs.
7.6 and 7.8. One cutoff piece is fastened to the scroli. The other piece extends
all the way to the inlet cone and is fastened to the inlet cone. The fan wheel
then discharges into the wide-open housing outlet, and the cutoff completely
prevents recirculation on the inlet cone side but not at the wheel. For this type
of cutoff, a better term is recirculation shield, particularly for the piece that is
fastened to the inlet cone. The recirculation shield protrudes into the housing
outlet by 30 to 35 percent of the outlet height.

Inlet Clearance. On pages 4.38 to 4.39, we discussed the tip clearance of vaneaxial
fans,i.¢., the gap between the rotating fan wheel and the stationary housing shell. We
presented the performmances we had obtained from a series of tests in which the tip
clearance had been varied from very small to very large. We found that the smallest

FIGURE 7.7 Angular view of scroll housing FIGURE 7.8 Angular view of scroll housing
showing drive side (shaft and bearings) and outlet  showing inlet side (inlet collar and inlet cone)
side with cutoff running all the way across the  and outlet side with recirculation shield oppo-
housing width. (Courtesy of Chicage Bilower Cor-  site the inlet cone only. (Courtesy of General
poration, Glendale Heighis, 1il) Resource Corporation, Hopkins, Minn.)
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possible tip clearance results in the best performance in all respects (static pressure,
efficiency, and noise level).

For centrifugal fans, there is a corresponding parameter. It is the small gap
between the rotating fan wheel and the stationary inlet cone, It occurs at the inlet
edge of the wheel shroud, where the inlet cone overlaps the shroud, as shown in Fig.
7.4.1t is called the inlet clearance. Again, the smallest possible inlet clearance results
in the best performance. For a 30-in wheel diameter, the inlet clearance should be
not more than Y& in. Sometimes a labyrinth configuration is used instead of a simple
overlap, to keep any possible back leakage to a minimum. However, such a labyrinth
configuration requires some machined surfaces and therefore is used only in small
sizes. In larger sizes, it would be too costly.

Inlet Boxes. For installations with inlet ducts, the inlet of a centrifugal fan can be
equipped with an inlet box, bolted to the housing inlet, as shown in Fig. 7.9. The inlet
box has two purposes:

FIGURE 7.9 Centrifugal fan with inlet box added, allowing
connection to a vertical inlet duct. {Courtesy of Chicago Blower
Corporation, Glendale Heights, Iil.)

L If the configuration of the system requires an inlet duct that is perpendicular to
the fan shaft, the inlet box will provide a tight, space-saving elbow guiding the air
stream from the direction of the inlet duct into a 90° turn to the inlet of the scroll
housing.

2. If the fan is wide in an axial direction so that a bearing on the inlet side is
required, the inlet box will keep the inlet bearing out of the air stream.

The inlet box has a rectangular cross section. Its width (parallel to the housing
side) usually is three times the diameter of the housing inlet. However, the depth of
the inlet box (in the axial direction) is often only one-half the diameter of the hous-
ing inlet. This is what makes the inlet box space-saving and tight, but it results in con-
siderable losses in air volume delivered (about 30 percent) and in static pressure
produced by the fan. These losses can be reduced by the following two methods:
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1. By anincrease in the axial depth plus a taper in the lower portion of the inlet box,

as shown in Fig. 7.9.

2. By providing one or two turning vanes inside the inlet box.

One inlet box is used on a single-inlet fan. Two inlet boxes are used on a double-

inlet fan.

FIGURE 7.10 Two views of a double-inlet,
double-width centrifugal fan wheel with 12
backward-curved, hollow-steel airfoil blades
in staggered positions. (Courtesy of Chicago
Blower Corporation, Glendale Heights, Il )

Double-Inlet, Double-Widih Centrifugal
Fans. The fans shown in Figs. 7.2 through
7.4 and 7.6 through 7.9 are of the single-
inlet, single-width type. By combining a
clockwise and a counterclockwise fan into
one unit, a double-inlet, double-width cen-
trifugal fan, as shown in Figs. 7.10 through
7.12,1is obtained, delivering about 1.9 times
the air volume against the same static pres-
sure while consuming approximately dou-
ble the brake horsepower. The blades of
the two-in-one fan wheel usually are stag-
gered for more even flow conditions This
construction is a practical and economical
solution for many applications where the
air volume requirements otherwise would
be too large for the size and speed of the
unit. In other words, a higher scroll housing
is avoided; only the total width of the hous-
ing is increased.

Performance of Airfoil Centrifugal Fans.
As mentioned previously, centrifugal fans
of any type are for higher static pressure
than vaneaxial fans. This means that for
the same wheel diameter and for the same
running speed, centrifugal fans produce a
higher maximum static pressure. Figure
7.13 shows the performance curves for a
typical 27-in airfoil centrifugal fan directly
driven from a 5-hp, 1160-rpm motor. You
will notice the following:

1. The maximum efficiency here is 88 percent, a high efficiency. For larger sizes, the
maximum attainable efficiency can be even slightly higher. The optimal operating
range is between 50 and 75 percent of the free-delivery air volume.

2, The maximum efficiency occurs at about 85 percent of the maximum static

pressure.

3. The maximum static pressure is 3.7 inWC. If this fan were to run at 1750 rpm
instead of 1160 rpm, the maximum static pressure (according to the fan laws)
would be (1750/1160)* x 3.7 = 8.4 inWC. Comparing this with the 3.3 inWC max-
imum static pressure produced by the 27-in vaneaxial fan at 1750 rpm, as shown
in Fig. 4.21, the maximum static pressure produced by this airfoil centrifugal fan

is 2.3 times higher.
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FIGURE 7.11 Scroll housing with inlet cones in place
for a double-inlet, double-width centrifugal fan. Short
cutoff permits full view into the inside, showing the two
inlet cones. (Courtesy of Chicago Blower Corporation,
Glendale Heights, L)

FIGURE 7.12 Double-inlet, double-width centrifugal
fan assembled with inlet cones, fan wheel, shaft, bear-
ings, and braces in place. (Courtesy of Chicago Blower
Corporation, Glendale Heights, IlL}

4, The static pressure at the no-delivery point is slightly lower than the maximum
static pressure, but there is no stalling dip such as usually occurs ip the static pres-
sure curves of forward-curved centrifugal fans and of vaneaxial fan units. There is
no surging or pulsation. The performance is stable over the entire range. This
makes airfoil centrifugal fans (and also backward-curved and backward-inchined
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FIGURE 7.13 Performance of a typical airfoil centrifugal fan, 27-in wheel diameter. direct
drive from a 5-hp, 1160-rpm motor.

centrifugal fans) suitable for fluctuating systems and for operation of two fans in
parallel.

5. The maximum brake horsepower occurs at a static pressure of 2.8 inWC, just
slightly below the 3.2 inWC point where the maximum efficiency occurs and far
from the free-delivery point. In other words, the brake horsepower curve is
nonoverloading. Regardless of where the point of operation is located on the per-
formance curves, the motor can never be overloaded. By comparison, forward-
curved centrifugal fans (to be discussed later) overload the motor at free
delivery. Vaneaxial fans sometimes (when the blade tip is wider than the blade
width at the hub) overload the motor at no delivery.

6. The minimum noise level occurs at the point of maximum efficiency.
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Centrifugal Fans with BC and Bl Blades

Centrifugal fans with backward-curved (BC) or with backward-inclined (BI) blades
are similar in design and performance to those with backward-curved airfoil blades.
except for a moderate decline in the maximum efficiency and in the structural
strength. The BC centrifugal fan used to be the most efficient and popular type until
the airfoil centrifugal fan took its place.

Most of our discussions about airfoil centrifugal fans apply to BC and BI cen-
trifugal fans as well. In particular, the velocity diagrams are the same. The formulae
for d,. d,, and b,,,, are the same. The discussions on number of blades. blade length.
scroll housing, cutoff, inlet clearance. inlet boxes, double-inlet, double-width fans
and nonoverloading brake horsepower curves all apply to BC and BI centrifugal
fans as well. The advantages of BC and BI centrifugal fans are as follows:

1. They are less costly in production.
2. They can tolerate somewhat higher temperatures and slightly dust-laden gases.

Figure 7.14 shows a schematic sketch of a typical BC fan wheel. The outer portion
of the shroud is flat. but it could be conical. The blade shape is a smooth curve. Often

Rotation
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FIGURE 7.14 Schematic sketch of a typical centrifugal fan wheel with ten backward-curved
single-thickness blades having the maximum permissible width b. (Note: d|. blade inside diam-
cter: ds, blade outside diameter: b, blade width: {, blade length: B,. blade angle at leading edge:
B.. blade angle at blade tip.)

it is just a simple circular arc, but sometimes it i1s a shape with more curvature near
the leading edge. simulating an airfoil shape. The blade channel should be gradually
expanding so that the relative airflow will decelerate gradually and at an even rate
while passing through the blade channcl. If the airflow is smooth and has a minimum
of turbulence, a conversion from velocity pressure to static pressure can take place
with a minimum of losses. To analyze the blade channel. the following procedure is
employed: Circles are inscribed at different stations along the blade channel, as
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shown in Fig. 7.14. and the area of passage for the rclative flow is determined at each
station by multiplying the diameter of the inscribed circle by the blade width corre-
sponding to the circle center. These areas of passage should increase at a slow and
even rate. By calculating the radi of equivalent circles (having equal arcas) and by
plotting them against the center line of the channel. the shape of an equivalent cone
can now be obtained. It should at all places have a cone angle of less than 7° with the
center line; otherwise. the design should be revised.

For a centrifugal fan wheel with straight Bl blades. there is a simple relationship
between the blade angles B, and [B,,. After we have determined the ratio d,/d» and
the blade angle B, at the leading edge. we can calculate B, from

d
cos P, =d—] cos By (7.17)

where d, = blade inside diameter in inches
d> = blade outside diameter in inches
B, = blade angle at the leading edge
B., = blade angle at the blade tip for straight blades

Suppose that we have found d,/d; = (0.75 and B, = 11°, then we get cos B, =0.75 x
0.98163 = 0.73622 and B,, = 42.6°. B, = 11° is a good blade angle for an efficient
design, but larger angles up to 30° are acceptable. If Eq. (7.4) should result in a B,
Jarger than 30° or 35° at the most. it will be advisable to increase d, (and probably d:)
so that Eq. (7.4) will give us a smaller f3,. Figure 7.15 gives a graphic representation
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FIGURE 7.15 Tip angle B;, as a function of the inlet blade angle B; and of the diameter ratio d,/d,
for straight biades.
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of B.. as a function of B, and of d,/d, according to Eq. (7.17). If the blade were BC
instead of BI. then B, would have to be somewhat smaller than B...

Effect of Inlet Turbulence on the Sound Level of AF, BC, or Bl Fans

The velocity diagrams in Fig. 7.4 indicated that the absolute air velocity increases
from V), at the leading edge to V; at the blade tip as the airflow passes through the
blade channcl between adjacent blades but that the relative air velocity decreases
from W, to W,. This means that the highest relative air velocity occurs at the leading
edge of the blade and therefore that correct design of this blade portion (tangential
flow and the resulting conditions of minimum turbulence) is important.

As in the case of axial-flow fans, the sound level is affected by turbulence in the
inlet air stream. but the sensitivity to inlet turbulence here is less than it is for axial-
flow fans. The reason for this decrcased sensitivity is found in the fact that the air
stream meeting the leading edge of a centrifugal fan blade is turbulent already, from
the 90° turn just performed. Some additional turbulence is therctore less noticeable
than in the case of vaneaxial fans, where the inlet flow conditions are relatively
smooth. Nevertheless. inlet turbulence produced by elbows ahead of the centrifugal
fan inlet, such as inlet boxes, should be kept to a minimum. As mentioned earlier, this
can be done by increasing the axial depth of the inlet box and by providing turning
vanes inside the inlet box.

Types of Discharge

In most centrifugal fans. a scroll housing is provided, as shown in Figs. 7.6 through
7.8. Its main function is to collect the individual air streams from the blades and to
reunite them into the single air stream discharging through the outlet opening. The
location and direction of the discharging air stream relative to the incoming air
stream will vary according to the demands of the installation. Sixteen different dis-
charge arrangements (eight for each rotation) have been adopted as standards by
the Air Movement and Control Association (AMCA). Additional in-between posi-
tions are also uscd occasionally. Most large centrifugal fans are designed in such a
manner that the manufacturer can furnish them for any discharge arrangement
required to suit the customer’s need. Some dcesigns are for universal discharge,
meaning that even after complete assembly the discharge arrangement can still be
changed, simply by removing a few bolts and moving the scroll housing to a differ-
ent angular position.

A different type of discharge is sometimes used for applications in which air is
exhausted from a space or from some equipment and delivered into a large space
rather than into a duct. In such cases (roof ventilators, plug fans, old mine exhaust
fans). the scroll housing is omitted. and the individual air streams leaving the blade
channels simply diffuse outward into spacc. This arrangement is called radial dis-
charge or circumferential discharge. The term radial discharge is used more often.
even though the term circumferential discharge comes closer to the truth because the
direction of the flow velocity is closer to circumferential than to radial. This type of
discharge has the advantages of lower cost. greatly increased air volume (almost
double) at low static pressure. and a considerable reduction in the sound level
because the cutoff (a major source of noise) is eliminated. The maximum negative
static pressure is reduced by about 15 percent. FC wheels cannot be used for this
application because they require a scroll housing for the conversion of velocity pres-
sure into static pressure, and without a scroll housing, their performance would be
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FIGURE 716 BI centrifugal fan wheel with cir-
cumferential discharge.

poor, as indicated in Fig. 7.31. Figure 7.16 shows a BI centrifugal fan with circumfer-
ential discharge exhausting from a space.

Figure 7.17 illustrates another example of radial discharge, an RB centrifugal fan
wheel drawing cooling air through the narrow passages of a truck generator. An
axial-flow fan would not develop sufficient suction to overcome the resistance of the
narrow passages; it would operate in the stalling range.

Centrifugal Fan Groups per AMCA

Figure 7.1 showed six types of centrifugal fans, classified according to their blade
shapes. The AMCA (Air Movement and Control Association, Inc., Arlington

FIGURE 717 Radial-blade centrifugal fan wheel drawing cooling air throngh the narrow pas-
sages of 4 truck gencrator.
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Heights, Ill.). in their publication 99-85 (Standards Handbook). shows two groups of
centrifugal fans, classified according to their general application. AMCA calls these
two groups (1) centrifugal fans and (2) industrial centrifugal fans. Let’s describe
these two groups in more detail.

Centrifugal Fans. The centrifugal fans we have discussed thus far (AF, BC. BI)
belong in this group. They can be used for exhaust or for supply. With exception of the
models with reduced blade width. these fans are for large air volumes and for mod-
erately high static pressures. They have high cfficiencies and nonoverloading brake
horsepower curves. They arc for general ventilation, forced or induced draft, boilers
and bag houses, and clcan or slightly dirty air. This means that they are for industrial
applications, too. even though the heading does not indicate this. The AMCA stan-
dards show 25 standard sizes and specify the maximum wheel diameters and maxi-
mum outlet arcas for each size. The maximum wheel diameters range from 12V to
132%2 in. progressing in a ratio of 1.105. These fans can have wide blades (as dis-
cussed), large d\/d- ratios (about 0.65 to (0.80). medium blade angles (10° to 30° at the
leading edge. 35° to 50° at the tip). large scroll housings. and large inlet and outlet
areas. They have an inlet ring with a diameter about 9 percent larger than the wheel
diameter, for connection to an inlet duct, with a circular arca about 15 percent larger
than the reactangular outlet area. A spun inlet cone connects the large-area inlet ring
with the much smaller wheel inlet, with a small overlap. These fans are available as
single-inlet. single-width (SISW) and as double-inlet. double-width (DIDW) fans.

Industrial Centrifugal Fans. Most fan manufacturers offer these units with a
choice of the following four different wheel types in cach size:

Air-handling (AH) wheels (back plate. shroud. ten Bl blades)
Material-handling (MH) wheels (back plate. shroud. six mostly radial blades)
Long-shavings (LS) wheels (same as MH, but no shroud)

Long-shavings open {(LSO) wheels (no back plate. no shroud, six radial blades)

These fans used to be called industrial exhausters because the MH, LS, and LSO
wheels are used predominantly for exhausting sawdust, shavings, and granular mate-
rial. The AH unit, however, is used for supply as well as for exhaust. The AMCA
standards show 16 standard sizes and specify the maximum wheel diameters, the
maximum inlet diameters, and the maximum outlet area for each size. The maximum
wheel diameters range from 19% to 104% in. and the corresponding maximum hous-
ing inlet diameters range from 11 to 6( in. These inlet diameters are only 57.5 per-
cent of the wheel diameters, and they match the wheel inlets. A simple cylindrical
housing inlet Icads to the wheel inlet. again with a small overlap whenever there is a
shroud, such as in AH and MH wheels. No inlet cone spinning is needed as long as
the unit is connected to an inlet duct. If the unit is used for blowing only (without an
inlet duct), a venturi inlet is connected to the inlet ring, but this venturi inlet is not as
large as the spun inlet cone used in group | fans. Compared with the group 1 fans.
these group 2 fans. for equal size and speed. have a steeper pressure curve and
deliver less air volume but produce a higher maximum static pressure.

Figure 7.18 shows an angular view of a scroll housing for an industrial centrifugal
fan of group 2. It is smaller than the scroll housing for the group 1 fans. as shown in
Figs. 7.7 and 7.8. The size of the scroll spiral is about 80 percent. the housing width is
about 60 percent. and the outlet arca is 32 percent. The housing has no extra cutoff.
since the small outlet area brings the cutoff point up high enough. All four types of
wheels use the same scroll housing: only the wheels are different. These fans are
SISW only.
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FIGURE 719 Angular view of a type AH

FIGURE 7.18 Angular view of scroll  industrial centrifugal fan wheel showing the BI
housing for an industrial centrifugal fan  blades and the conical shroud with a smooth

showing drive side (shaft and bearings) inlet curve.
and outlet side with small outlet area.

Air-Handling (AH) Fans. Figure 7.19 shows a typical AH wheel. It has a back
plate and a conical shroud. Compared with the centrifugal fans of group 1, the AR
wheel has a smaller diameter ratio d,/d,;, narrower blades, and steeper blade angles.
The leading edge may be slanted. The AH wheel is for handling air, gas, or fumes that
are clean or only slightly dusty. It usually has ten BI blades, with blade angles of
about 23° at the leading edge and about 62° at the blade tip. The blade width b, at the
leading edge is again 0.464,, according to Eq. (7.15), but since d,/d, is smaller than for
group 1 fans, b, is smaller, too. The blade width b, at the tip is even smaller, about
65 percent of the tip width for group 1 fans. Figure 7.20 shows in solid lines the per-
formance of a 26v-in AH unit (2614 in is one of the AMCA standard sizes) at 1160
rpm. For comparison, we have plotted in dashed lines the performance of the group
1 27-in airfoil centrifugal fan at 1160 rpm (Fig. 7.13), converted according to the fan
laws from 27 to 26%% in. We note the following;

1. The AH unit has a steeper static pressure curve than the airfoil centrifugal fan,
resulting in less air volume but in a higher maximum static pressure.

2. The brake horsepower curve of the AH unit reaches its maximum at free deliv-
ery, but the brake horsepower curve is not steep, 5o any overload at free delivery
will be moderate.

3. The maximum mechanical efficiency of the AH unit is 79 percent, lower than the
88 percent of the airfoil centrifugal fan, but still a very good efficiency.

Selection of an AH Centrifugal Fan from the Rating Tables. In Chap. 4 on axial-
flow fans we showed two rating tables for belt-driven vaneaxial fans and two
possible selections for a fan delivering 20,600 cfm against a static pressure of 2
inWC. Let us now discuss in a similar way how we could select an AH centrifugal fan
to deiiver 7200 cfm against a static pressure of 5 inWC (iess air volume but higher
static pressure}).
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FIGURE 7.20 Pcriormance of a type AH industrial centrifugal fan (sofid lines) and of an airfoil
centrifugal fan (dashes). both with 26%-in wheel diameters and 1160 rpm.

Table 7.1 is a rating table from a General Blower catalog for a 21-in AH unit. This
means a 21-in-diameter housing inlet. corresponding to a 36Y2-in wheel diameter.
The table again has the usual arrangement in which the performance of belt-driven
fans is presented in catalogs. for convenient selection by the customer. with the static
pressures shown on top. the volumes (cfm) and outlet velocities shown on the left
side. and the speeds and brake horsepowers shown at the cross points. This particu-
lar table also shows the fan etficiencies (both the static and mechanical efficiencics)
at the cross points. All these data were derived from the performance curves (solid
lines) shown in Fig. 7.20. Later in this book we will explain how these data can be cal-
culated from the performance curves.

Table 7.1 indicates that this fan. in order to deliver 7200 ¢fm at a static pressure of
5inWC, will run at 888 rpm and will consume 8.07 bhp. A 10-hp, 1750-rpm motor will
be used. with a pulley ratio of 888/1750 = 0.507. The table also claims that this tan will
operate at a mechanical efficiency of 78 percent, which is a good efficiency for a Bl
centrifugal fan with flat blades. Let's check this ¢fficiency value.

Since this fan has an outlet area of 2.40 {t°, our outlet velocity will be 7206/2.40 =
3000 fpm, and the velocity pressure will be (3000/4005)° = 0.561 inWC. The total
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iessure, then, will be 5 + 0.561 = 5.561 inWC, the air horsepower will be (7206
7.561)/6356 = 6.30, and the mechanical efficiency will be 6.30/8.07 =0.781=78.1 pe
»ent, as claimed in the rating table,

The table also shows that for 884 rpm and a static pressure of 4 inWC (instead
; inWC), the fan will consume 9.88 bhp, so the 10-hp motor will still be safe, even
he static pressure should be somewhat lower than anticipated. However, if the stat
sressure should be as kow as 3 inWC, this fan at 8388 rpm would consume about 11
shp, which might be too much overload for the motor. For larger pressures, on tt
»ther hand, the brake horsepower will be lower, and the 10-hp motor will be safe.

Suppose the customer says that a 3645-in wheel diameter seems kind of large fc
1 7200-cfm requirement and asks, “Couldn’t we use a smaller size?” A good que
ion. Let’s look at Table 7.2, which is the rating table for the next smailer size, the 1'
n AH unit, having a 19-in diameter inlet ring, corresponding to a 33-in whe
liameter. This table indicates that this fan, running at a somewhat higher speed «
L047 rpm, will deliver 7458 cfm against a static pressure of 5 iInWC, thus consumir
3.78 bhp. The table also shows that for 1041 rpm and a static pressure of 4 inW
instead of 5 inWC), the fan will consume 9.89 bhp, so the 10-hp motor will still t
safe, even if the static pressure should be somewhat lower than anticipated. We w.
€1l the customer, yes, we can use the next smaller size with the same 10-hp motg
sut the 33-in fan will run at 1047 rpm (instead of 888 tpm1), the brake horsepow:
will be 9 percent larger (8.78 instead of 8.07 bhp), and the tip speed will be 7 petce:
higher for a slightly higher noise level. These are minor disadvantages that probab
will be acceptable.

Material- Handling (MH) Fans. Figure 7.21 shows an MH wheel. It still has tl
same back plate and the same conical shroud as the AH wheel, but it has only s
biades that are mostly radial; only the inner portion of the blade is somewhat bac!
ward inclined, similar to a radial-tip blade. The MH wheel can handle air or gas
containing small-particle dust and granular materials from wood or metal workix

FIGURE 7.21 Angular view of a type MH indus-
tria! centrifugal fan wheel showing the RT blades
and the conical shroud with a smooth inlet curve,
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CENTRIFUGAL FANS .3

operations without plugging up the blade passages. The blades are wider than for an
AH wheel but in such a way that the same shroud can be used: At the leading edge
they are wider by 22 percent and at the blade tip by 30 percent. The blades are still
not as wide as the maximum-width blades of group 1 wheels.

Long Shavings (LS) Fans. Figure 7.22 shows an LS wheel. Back plate and
blades are the same as for the MH wheel, but the shroud has been omitted, so the
tisk of plugging up has been further reduced and even long shavings and abrasive
materials can be handled. Temperatures up 1600°F can be tolerated.

Long Shavings Open (LSO) Fans. Figure 7.23 shows an LSO wheel. It has no
back plate and no shroud and only six radial blades welded to a heavy spider and
reinforced by heavy ribs. It is a rugged wheel that can handlé not only long shavings
but extremely abrasive and corrosive materials and can tolerate high temperatures.
The pressure side of the blades can be protected by wearplates that can be replaced
when worn.

Performance of Industrial Centrifugal Wheels. Figure 7.24 shows a comparison
of the performances for the four types of industrial centrifugal fans of group 2. We
note the following:

1. The static pressure curves of the four types are only slightly different. Particularly
in the important operating range from 2 to 5 inWC of static pressure, the differ-
ences are minor.

2. For all four wheels, the brake horsepower curves reach their maximum at free
delivery. Any overload at free delivery is moderate for the AH wheel but consid-
erable for the three other wheels as a result of their radial blades.

3. The efficiencies decrease in the sequence AH, MH, LS, and LSO. The maximum
efficiencies are 79 percent for the AH wheel, 71 percent for the MH wheel, 67
percent for the LS wheel, and 63 percent for the LSO wheel.

FIGURE 7.23 Type LSO industrial
ceatrifugal fan whee! showing the
FIGURE 7.22 Type LS industrial centrifugal fan  radial blades and the reinforcement
wheel showing the back plate and RT blades. riba
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FIGURE 7.24 Performance of the four types of industrial centrifugal fans (AH, MH, LS, and LSO)
for a 26'%-in wheel diameter and 1160 rpm.

Conclusion

1. Shrouds improve the smooth inlet flow pattern and thereby increase the fan effi-
ciency.

2. Radial blades improve ruggedness. but they increase the brake horsepower at
free delivery and reduce the efficiency, mainly because of the poor flow condi-
tions at the leading edge, where the relative air velocity hits a radial blade at an
angle of 60° to 70° (thereby producing considerable turbulence). instead of being
nearly tangential. Radial blades handle the air stream with brute force. They are
used mainly when the air stream is contaminated with granular material that can-
not be tolerated by other fan types.
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Centrifugal Fans with RT Blades

Figures 7.20 and 7.24 indicated that the industrial centrifugal fans of group 2 pro-
duce higher static pressure but deliver less air volume (steeper pressure curve) than
the AF, BC. and Bl fans of group 1. We also indicated that the AH and MH wheels
of group 2 have fairly good efficiencies (79 percent for the AH wheel. 71 percent for
the MH wheel) and that the AH wheel can handle only clean or slightly dusty air,
while the MH wheel can handle air carrying granular material without material
buildup on the blades.

Another type of centrifugal fan that is somewhat similar to the MH centrifugal
fan is the radial-tip (RT) centrifugal fan. It is used mainly in large sizes for forced
and induced draft. for process exhaust, for industrial applications involving hot gases
up to 800°F, and in combination with bag houses for air pollution control. The shape
of the RT blade results in a self-cleaning action. an important feature in the presence
of dust, fly ash, and granular material. Again. material buildup on the blades (which
would cause unbalance and vibration) is avoided.

Inlet boxes are often provided on RT units. Renewable wearing plates, fastened
to the pressure side of the blades. and interchangeable scroll linings are sometimes
provided. The bearings are often water cooled. Instead of RT blades, Bl blades with
steep blade angles are sometimes used advantageously to handle dust-laden air.
They still have the self-cleaning feature, if the blade angles are large enough, and the
efficiencies are slightly higher, the brake horsepower curve is less overloading, and
the manufacturing cost s lower.

We mentioned earlier that the RT fan is somewhat similar to the MH fan. The
similarity between these two types is in the following four respects:

1. They both can handle granular material.

2. At the same size and speed, they will produce the same maximum static pressure,
which is higher than for AF, BC, and BI fans.

3. They both have a maximum efficiency of about 71 percent, not quite as high as
the AF, BC, Bl, and AH types but higher than the FC and RB types.

4. They both have steadily rising pressure curves and therefore stability of perfor-
mance for systems with fluctuating resistance and for parallel operation, which is
frequently encountered in mechanical draft (this feature is also found in AF, BC,
and BI fans but not in FC fans). They both have steeper pressure curves than FC
fans, which is desirable in case of fluctuating operating conditions (air deliveries
will remain more nearly constant despite pressure fluctuations).

However. the RT and MH fans are different in the following three respects:

1. At the same size and speed, the RT centrifugal fan will deliver almost twice as
much air volume as the MH fan (see Fig. 7.27).

2. The RT fan is of more rugged construction: therefore, it can run at higher speeds
and can produce up to 40 inWC of static pressure compared to about 18 inWC for
the MS fan.

3. The RT fan can be built both SISW and DIDW, while the MH fan is SISW only.

In some respects, the RT fan takes a place between the BI and the FC fan. but it
is closer to the BI fan. This holds true not only for the shape of the blade and other
design features but also for the resulting performance (see Fig. 7.30).

Figure 7.25 shows a typical RT wheel. Ditferent designs are available from varn-
ous manufacturcrs. The wheel diameters range in size from 26 to 110 in. The inlet,
again, is cquipped with a converging inlet cone, providing a small inlet clearance,
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the same as for BI blades. The diameter
ratio d,/d, may vary from 0.5 to 0.8. This is a
wide range, wider than for other types of
centrifugal fans. The number of blades usu-
ally is between 12 and 16 but occasionally up
to 24. More blades are desirable for large
diameter ratios. The shroud is conical rather
than flat. The maximum blade width at the
tip is 0.46d,, but at the leading edge it may
be as large as (.64,. The blade angles are 25°
to 40° at the leading edge and 80° to 90° at
the blade tip. An 80° tip angle is, of course,
not quite radial, but it will result in a better
fan efficiency, at the expense of slightly less
air volume and static pressure. The scroll
size is about the same as for group 1 fans,
but the maximum housing width is only
about 75 percent of that for group 1 fans. At
: . the housing outlet, the bottom is often
gfﬁggﬁlagngmmﬂgﬂ ?fl [ng extended like an outlet diffuser, simulating a
Blades are spaced far ¢nough apart to  long cutoff. This results in an outlet area
prevent material buildup. Welded of abra-  almost as large as for group 1 fans.
sion-resistant steel. {Courtesy of Chicago A special type of RT centrifugal fan was
Blower Corporation, Gilendale Heights L} designed and tested by me in 1970 for the
Coppus Division of the Tuthill Corporation
(Milbury, Mass.). It was a small fan for welding fume exhaust. The wheel outside
diameter was 8% in. The fan was designed for direct drive from a ¥-hp, 3450-rpm
motor. Figure 7.26 shows the configuration of the fan wheel. It had 12 airfoil blades
with radial tips, a design not commonly used by manufacturers. Both the fan wheel
and the scroll housing were cast aluminum. Please note that here the concave side of
the airfoil is the pressure side, the way it is in a normal airfoil. The housing inlet over-
lapped with the wheel shroud in a labyrinth-style arrangement for minimum leakage
through the inlet clearance. This unit had a surprising 84 percent maximum effi-
ciency, a high efficiency considering the small size of the unit and the radial-tip
blades.

Performance of RT Centrifugal Fans., Figure 7.27 shows a comparison of the per-
formance curves for the three types of centrifugal fans we just discussed, all con-
verted by the fan laws to the same size and speed. Table 7.3 lists the principal design
data for the three fans, again converted to the same size. The solid lines are for a typ-
ical RT centrifugal fan. The dashes are for an MH centrifugal fan. The dots are for
the special design with airfoil RT blades. You will note the following:

1. The RT fan delivers the largest air volume, even though it has the narrowest
blades. This large air volume is a result of larger inlet and outlet areas, a larger
scroll size, and more blades, resulting in better airflow guidance. The airfoil
RT fan delivers the smallest air volume, even though it has the widest blades.
Thisusmail air volume is a result of small inlet and outiet areas and a tight
scroll.

2. The RT and MH fans produce the same maximum static pressure, but the airfoil
RT fan produces 2 15 percent higher static pressure as a result of the efficient air-
foil blades.
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FIGURE 726 Cast-aluminum centrifugal fan wheel with 12 radial-tip airfoil blades and with a con-
ical shroud. (@) Sketch (shroud omitted in right-hand view). (b) Photograph. (Courtesy of Coppus
Division of Tuthill Corporation, Millbury, Mass.)

3. The static pressure curves are still stable (no dip).

4. All three fans consume approximately the same brake horsepower and are some-
what overloading at free delivery.

8. The RT and MH fans have the same 71 percent maximum efficiency, but the air-
foil RT fan has a much higher 84 percent maximum efficiency.
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FIGURE 727 Comparison of performance for three cen-
trifugal fans, all converted to 30 in, 1750 rpm.

Centrifugal Fans with Forward-Curved (FC) Blades

If we take a flat BI blade and curve the outer portion in the forward direction of
rotation until the blade tip is radial, we will obtain a radial-tip (RT) blade. If we now
continue curving the blade even more in the forward direction. we will obtain a
forward-curved (FC) blade.

Forward-curved centrifugal fans are special in that they deliver considerably
more air volume and also produce higher static pressures than AF, BC, or Bl cen-
trifugal fans of the same size and speed (but at the expense of lower efficiencies).
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TABLE 7.3 Principal Design Data for the Three Fans Compared in

Fig. 7.27, 30-in, 1750 rpm.

RT MH AFRT

Diameter ratio dy/d; 0.50 0.59 0.50
Number of blades 2 16 6 12
Blade width at

Leading edge (in) 9.3 112 16.5

Blade tip (in) 6.5 8.6 94
Blade angles

At leading edge 30° 70° 48°

At blade tip 80° 90° 9n°
Shroud i.d. (in) 20 177 12.7
Scroll outlet height (in) 325 26.4 23.5
Scroll housing width (in) 16.8 14.2 12.3
Outlet area (ft) 4.9 1.62 0.79
Brake horsepower at free delivery 74 55 32

Conversely, FC fans can run at about half the speed needed to operate in a compa-
rable range of air volume and static pressure.

FC centrifugal fans are often used for furnaces, for various heating, ventilating,
and air-conditioning applications, and for the cooling of electronic and other equip-
ment where low operating speeds are desirable to prevent vibration. They are used
mainly in small and medium sizes (2- to 36-in wheel diameter) where their lower
efficiency is less objectionable but occasionally in sizes up to 73-in wheel diameter.
To accommodate the airflow, which is large relative to size and speed, the diameter

FIGURE 728 Typical centrifugal fan wheel
with 52 forward-curved blades and with a flat
shroud ring, shown with a spun inlet bell for
guiding the airflow into the wheel inlet. Be-
cause of its appearance, this type of fan wheel
is sometimes called a squirrel cage wheel.

ratio d,/d, is also large, from 0.75 for small
sizes to (.90 for large sizes. This results in
the typical appearance of FC fan wheels,
as seen in Fig, 7.28. They always have a
large blade inside diameter 4, and a nar-
row annular space left for the blades. This
narrow annulus calls for a greater number
of blades, usually between 24 (in the small
sizes) and 64 (in the larger sizes). In other
words, the passages between adjacent
blades are short and are made narrower
(by using more blades) for better guidance
of the airflow.

The shroud is a flat ring, so b, = b,. The
shroud inside diameter is often slightly
larger than the blade inside diameter so
that portions of the blades protrude in-
ward beyond the shroud inside diameter.
This will somewhat improve the flow con-
ditions by leaving more room for the
right-angle turn from axial to radiatly out-
ward. The inlet clearance is made larger
than for AF, BC, B], or RT fans. The maxi-
mum blade width is large, often as much as
65 percent of the blade inside diameter ;.
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'The blade angles are very large to obtain the large air volume, At the leading edge,
the blade angle P, is usually between 80° and 120°, so the relative airflow hits the
leading edge of the blade at a large, unfavorable angle, far from any tangential con-
dition. At the blade tip, the blade angle B, is even larger, between 120° and 160°, This
results in a large and almost circumferential (about 20° from circumferential) abso-
lute air velocity V; at the blade tip. V, is larger than the tip speed, i.c., the velocity of
the blade tip itself. This is a result of the scooping action of the blades. The scroll
housing is the same size and shape as for AF, BC, and BI fans, but the cutoff pro-
trudes higher into the ontlet. The large air velocity V, (kinetic energy) is gradually
slowed down in the scroll housing and partially converted into static pressure
(potential energy). A good portion of the static pressure is produced in the scroll
housing as a result of this conversion from velocity pressure into static pressure. For
this reason, FC centrifugal fans can function properly only in a scroll housing,
For this reason, FC centrifugal fans can function properly only in a scroll housing,
For radial discharge, as in plug fans or in roof ventilators, AF, BC, and BI centrifugal
fans can be vsed, but not FC fans (see Fig. 7.31).

Figure 7.29 shows a water jet hitting an egg cup (a forward-curved surface), which
reverses its flow by almost 180°, A similar action can be observed when children play

FIGURE 729 View of a water jet being reversed when
hitting a forward-curved surface. (From Bleier, EP, Fans,
in Hendbook of Energy Systems Engineering. New York:
Wiley, 1985, Used with permission.)

in a pool. By curving their fingers forward and scooping the water at the surface,
Fhem produce water jets of high velocities, higher than the velocity of their mov-
ing .

The main reason for the lower efficiency of FC fans is that the airflow through the
biade channels of FC fans has to change its direction by almost 180°, i.e. more than
in other centrifugal fan types. The air stream can hardly follow the strong curvature
of the blades, tangential conditions are no longer prevailing, and the flow is far from
being smooth. It is more turbulent than in AF, BC, BI, or RT fans. Because the fan
efficiency is comparatively low anyway, slight manufacturing inaccuracies will not
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reduce it much further and therefore will be less objectionable than with BI blades.
Aerodynamic conditions arc often secondary in the design of FC fans. Refinemcents
such as overlapping at the inlet. sloping of the shroud. and so on can be left out.
The shape of FC blades is a smooth curve: In small sizes, it is a simple circular arc:
in larger sizes, a shape with more curvature near the leading edge is of advantage.
since it results in a gradual cxpansion of the blade channel at a more even rate.

Performance of FC Centrifugal Fans. Figure 7.30 shows a comparison of four
static pressure curves, all for 27-in wheel diamcters. You will note the following:

1. At 1140 rpm. the RT fan delivers slightly more air volume and produces slightly
more static pressure than the BJ fan, but the FC fan delivers considerably more
air volume (about 2.5 times as much) and produces a much higher maximum
static pressure (about double) than the Bl fan. This, as mentioned previously, is at
the expense of a lower efficiency for the FC fan.

2. If the FC fan runs at half the speed, the static pressure curve covers a range com-
parable with that of the BI fan. To be more specific, the FC fan at 570 rpm still
delivers about 28 percent more air volume at free delivery, and the maximum
static pressure is about one-half. It should be mentioned that the FC fan has a
much higher noise level than a BI fan of the same size and speed due to the highly
turbulent airflow. The noise levels of the two fans are only comparable if the FC
fan runs at half the speed.

3. The static pressure curve of the FC fan has a dip that in some installations may
cause unstable operation. Precaution, therefore, should be taken so that FC fans
are not used for applications such as fluctuating systems or parallel operation and
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FIGURE 7.30 Comparison of static pressure curves for B RT, and FC centrifugal fans, 27-in wheel
diameter.
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that even in other installations the unit will not operate in the unstable range of
the static pressure curve.

Figure 7.31 shows the complete performance (static pressure, brake horsepower.
iciency. and sound level versus air volume) for a 27-in FC fan at 570 rpm. Note

that the air volume scale here is double that in Fig. 7.30. You will note the following:

1.

The brake horsepower curve 1s overloading in the low-pressure range. At free
delivery. the brake horsepower is more than twice the brake horsepower in the
range of maximum efficiency. This shape of the brake horsepower curve results in
power requirements outside the operating range that are higher by far than those
within the operating range. While centrifugal fans in general are not built for
operation at or near free delivery (propeller fans or tubeaxial fans perform this
function with greater cfficicncy and at lower cost). the overloading brake horsc-
power curve is a serious disadvantage of FC fans. In small sizes. an oversize motor
with a horsepower rating equal to the maximum brake horsepower at free deliv-
ery is normally selected so that operation at any condition will be safe. For larger
units, however. the increased price of the oversized motor would be prohibitive,
and the motor horsepower is selected only slightly larger than the brake horse-
power for the prospective operating condition. Precaution must be taken so that
the unit, when installed in the field, will not operate against too low a static pres-
sure because this would result in an overload for the motor. The permissible
operating range of the FC fan. being limited to the left by the dip in the static
pressure curve and to the right by the rising brake horsepower curve, therefore,
is narrower than that of AF, BC, or Bl fans.

2. The sound-level curve has its minimum in the range of best efficiencies.

BHP

; R
T j 177 7 Mech. eff. f
. . 60
! B R - \\
85— i - AT N s
o 80 L R R T —_
a —~—_ / Sojunq ]ev_‘el (:Db) — ,_-—-"’ \ : ¥
75 I v , ‘\‘ 4() -
Q9
O / T | |/>< 3
12 93 -t A - o s N 30 &
10 3 ]\r - I Static pressure _{jﬂ» ‘ 0
8 b 2 / , ~—_ L — 20
4 81 —/—Bfﬁkeh‘ i .. . \ . 10
a. , , : .
2 — ' - ; s
! ‘ N
0 5.000 10.000 15,000

Volume (CFM)

FIGURE 7.31 Performance curves for a tvpical FC centrifugal fan, 10 hp. 27-in wheel diameter.
570 rpm. The dashes show the performance for radial discharge (no scroll housing). (From Bleier.
FEP, Fans, in Handbook of Energy Svstems Enginecring. New York: Wiley, 1985, Used with permis-
sion.)
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3. Note the dashed line. indicating a poor performance. if an FC fan were used for
circumferential discharge. 1.c.. without a scroll housing, as in plug fans or roof
ventilators. Without a scroll housing. AF. BC. and BI fans will deliver larger air
volumes. but FC fans would deliver smaller air volumes because they need the
scroll housing to convert some of the high air velocity at the blade tips into addi-
tional static pressure. Without this conversion. the FC fan will have a poor per-
formance. as shown by the dashes in Fig. 7.31.

Summarizing, we can say that BC and BI blades have the following advantages
over FC blades:

1. Stable static pressure curve (no dip)
2. Higher efficiencies. resulting in lower operating costs
3. Nonoverloading brake horsepower characteristic

4. Higher operating speeds. which for direct drive may result in less expensive
motors

FC blades, on the other hand, have the following advantages over BC and BI blades:

1. Compactness
2. Lower running speeds, resulting in easier balancing
3. Lower first cost, particularly in small sizes

Conclusion

From the preceding it appears that cither type (Bl or FC) has its advantages for cer-
tain applications. In small sizes, the advantages of FC fans will outweigh their disad-
vantages. In larger sizes. however, the BI fan will be preferable. The RT fan takes the
place between BI and FC fans, but—as indicated in Fig. 7.30—it is closer to the Bl
fan. This intermediate condition is truc for performance, brake horsepower, effi-
ciency, and sound level. The RT fan, however, is a more rugged unit than either the
BI or the FC fan and therefore can tolerate higher running speeds (resulting in high
static pressures), higher temperatures. and severe service conditions. RT fans are
often cmployed for conveying materials. such as grinding dust, saw dust, cotton,
grains, and shavings, if the blades are spaced far enough from each other so that nar-
row passages are avoided, which would tend to become plugged up by deposits of
dirt or of the material conveyed.

Centrifugal Fans with Radial Blades

Of the six blade shapes shown in Fig. 7.1, we have discussed the first five types in
detail. With regard to the sixth type, radial blades, we have already discussed the
LSO (long shavings open) wheel. as shown in Fig. 7.23. This LSO wheel has no back
plate or shroud and has only six radial blades welded to a heavy spider. [t is a rugged
wheel that can tolerate high temperatures and corrosive and abrasive materials, but
it has a low efficiency (60 to 63 percent maximum). as shown in Fig. 7.24. These com-
paratively low efficiencies are due to the lack of back plate and shroud and the poor
flow conditions at the leading edge. as pointed out earlier.



7.42 CHAPTER SEVEN
PRESSURE BLOWERS, TURBO BLOWERS

Another type of centrifugal fan where radial blades are often used is the pressure
blower or turbo blower. These units are used for high pressures and relatively small
air volumes. Their fan wheels have a back plate and a shroud. resulting in maximum
efficiencies up to about 70 percent. The blades are narrow, usually welded or riveted
to back plate and shroud. In small sizes, back plate. shroud. and blades are some-
times one-piece aluminum castings. The blades extend far inward so that the diame-
ter ratio d,/d- is small. usually between 0.4 and (1.55. Because of the narrow blades,
these fan wheels are structurally strong. can run at high speeds. and produce high
pressures. These units can be used for blowing (positive pressures) or for exhausting
(negative pressures).

Applications of High-Pressure Blowers and Exhausters
Here are some of the applications for these high-pressure blowers and exhausters:

Pneumatic conveying of agricultural grains (corn. oats, barley, wheat, rice) and
other materials

Aceration of waste water. molten iron, and other fluids
Central vacuum clcaning systems

Gas boosting

Combustion air

Air flotation systems

Various industrial processes

Pressure Blowers with Radial Blades

Let's discuss a few examples of such pressure
blowers and exhausters. Figure 7.32 shows a typi-
cal turbo blower wheel that was designed for
pneumatic conveying. It has a 26-in blade outside
diameter, a back plate, a spun shroud and /4 radial
blades, so the blade angles are 90° at the leading
edge as well as at the blade tip. The blade width
varies from 1% in at the leading edge to % in at the
blade tip. The diameter ratio is 0.5.

Pressure Blowers with Steep Bl Blades

As mentioned previously, a 90° blade angle at the
leading edge results in poor flow conditions. The
FIGURE 732 Turbo blower wheel  efficiency of pressure blowers. therefore, can be
with a diameter ratio of 0.50 and  fyriher jmproved if the blades are not strictly
with 14 radial blades 1 ¥ato 1 in wide. . .

Each blade has a bent-over strip for radial but somewhat back\_vardl_v mphncd so that
riveting to the back plate and linle  the blade angle at the leading edge is more favor-
tabs that fit into slots in the shroud  able. These are still inexpensive flat blades, but the
for fastening, blade angle at the tip is 65° to 75° instead of 90°.
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The blade is extended inward until the blade angle at the leading edge is about 30°
for more nearly tangential flow conditions at the leading edge. This will increase the
maximum efficiency from 70 or 71 percent to about 79 percent. without a loss in the
maximum static pressure produced.

Figure 7.33 tllustrates this improvement. It shows a comparison of the performance
for two 18-in turbo blowers, both having diameter ratios of 0.45 and blade widths vary-
ing from 3 to 2 in. Both blowers use the same scroll housing and both are directly
driven by a 10-hp, 3500-rpm motor, resulting in a tip speed of 16.500 fpm. One blower
has rwelve radial blades (dashes); the other has ten steep Bl blades, with the blade
angles varying from 30° to 70° (solid lines). You will note that the BI blades result in a
2 percent increase in the maximum static pressure, in a 10 to 18 percent increase in the
air volume.in an 8 percent reduction in the brake horsepower, and in an increase in the
efficiency of 11 percent at the maximum efficiency point but even more at lower pres-
sures. The maximum pressure for the BI blades is 23.9 inWC. Figure 7.33 shows the
considerable improvement in performance obtained with BI blades over radial blades.
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FIGURE 7.33 Pcrformance of two 18-in turbo blowers, direct drive from a 10-hp, 3500-rpm motor.
Diameter ratio = 0.44, blades 3 to 2 in wide, blade angles 30° to 70° (solid lines) and 90° to 90°
(dashes).
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FIGURE 7.34 (a) A 54-in pressure blower wheel with spun shroud, 0.54 diameter ratio,
18 BI blades, 614 to 474 in wide, blade angles 31° to 64°. (Courtesy of General Blower Com-
pany, Morton Grove, Hl) (b) A 54-in pressure blower showing screll housing with angwlar
discharge and housing inlet and outlet. (Courtesy of General Blower Company, Morron
Grove, it) (c} A 54-in pressure blower showing scroll housing with angular discharge, hous-
ing outlet, and drive side with shaft and bearings. (Courtesy of General Biower Company,
Morton Grove, Il.)

Another example of a pressure blower is shown in Fig. 7.34. This unit has a 54-in
wheel diameter, which is three times as large as the 18-in blower wheel we just dis-
cussed. It is directly driven by a 150-hp, 1140-rpm motor, which is about one-third
the 3500 rpm used in the 18-in unit. This means that the tip speed is about the same
for the two unmits. The 54-in blower wheel has a diameter ratio of 0.54, 18 flat BI
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blades, 6% to 4% in wide, with blade angles varying from 31° to 64°. Since the 54-in
unit has about the same tip speed as the 18-in unit, the two units—according to the.
fan laws—will produce the same maximum static pressure if the two blowers are in
geometric proportion. Actually, the 54-in pressure blower produces a maximum
static pressure of only 20 inWC (even though it has 18 BI blades, while the 18-in

(a)

(b)

FIGURE 735 (a) A 25-in turbo blower, DIDW, 50 hp, 3500
rpin, diameter ratio of 0.55, 15 radial blades, 3 in wide on each
side, viewed from the motor side. {Courtesy of General Biower
Company, Mortor Grove, 1IL) () A 25-in turbo blower, DIDW,
S0 hp, 3500 rpm, diameter ratio of Q.55, 15 radial blades, 3 in
wide on each side, viewed from the side opposite the motor,
(Courtesy of General Blower Company, Morton Grove, Iil.)
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turbo blower has only 10 BI blades), compared with the 23.9 inWC produced by the
18-in unit. This 16 percent deficiency in the maximum static pressure is caused by
some deviations from geometric proportionality, such as a larger diamecter ratio
(shorter blades) and lower blade angle at the tip (64° instead of 70°).

Still another example of a high-pressure turbo blower is shown in Fig. 7.35. This
figure shows two views of a unit with a 25-in wheel diameter, DIDW, directly driven
by a 50-hp. 3500-rpm motor. The blower wheel has a diameter ratio of 0.55 and /15
radial blades, 3 to 3 in wide, on cach side. This unit delivers 4000 cfm against 24 oz/in-
=41.5inWC (1 oz/in* = 1.73 inWC). It has a tip speed of 22,910 fpm. Let's try to com-
pare the maximum static pressures of this unit and of the 54-in pressure blower we
just discussed. even though this 25-in wheel has 15 radial blades. while the 54-in
wheel has 18 BI blades. Applying the square ratio of the two tip speeds to the maxi-
mum static pressure of the 54-in blower, we get

22,910
16,120

)‘ x 20 = 40.4 inWC

which is close to the 41.5 inWC actually produced by this 25-in blower.

TURBO COMPRESSORS

Pressure blowers and turbo blowers, as discussed earlier, will produce static pres-
sures up to about 50 inWC. Even higher pressures are required for some applica-
tions. There arc three ways to produce these higher pressures: increased speed, two
separate blowers connected in series, and multistage turbo blowers. Let’s discuss
these three methods.

Increased speed, resulting in higher tip speeds and in higher pressures, can be
obtained with belt drive or—for cven higher speeds—with gear drive. using speed
ratios up to 4.5. Figure 7.36 shows an cxample of a gear-driven turbo blower/exhauster.
The 173%-in o.d. impeller has ten backward-curved blades, as shown in Fig. 7.36a. The
scroll housing is mounted to a gear box, as shown in Fig. 7.364. Different gear boxes
are used to produce different blower speeds, varying from 6000 to 11,000 rpm. With a
motor speed of 3450 rpm, the corresponding gear ratios vary from 1.8 to 3.2. The units
consume up to 100 hp.

Figure 7.37 shows the performance as a blower; Fig. 7.38 shows the performance
as an exhauster. The blower produces pressures up to 8.3 psig = 230 inWC (1 psi =
27.7 inWC). The exhauster produces vacuums up to 10.9 inHg = 148 inWC (1 inHg =
13.6 inWC). The reason for the lower vacuum will be explained later. It is customary
to measure high pressures in pounds per square inch (psi) and high vacuums in
inches of mercury (inHg).

Eight pounds per square inch (8 psi) really is a high pressure, considering that the
atmospheric pressure at the surface of the earth equals 14.7 psi. A blower producing
8 psi. therefore, adds 54 percent to the atmospheric pressure. These very high pres-
sure units, often called rurbo compressors, have good efficiencies (80 to 85 percent),
better than multistage units. Due to the high tip speeds, the noise levels are high. but
they are reduced by silencers. The air stream leaving the unit is hot. due to adiabatic
compression, with temperature rises of 60 to 80°F.

In order to prevent excessive running speeds and noise levels and still produce
such high pressures, one can use two turbo blowers in series, as shown in Fig. 7.39. By
connecting the outlet of the first blower to the inlet of the second blower, the two
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FIGURE 7.36 High-pressure (vacuum) turbo blower (exhauster), 6000 to 11,000 rpm. (a}

Impelier, 17%-in o.d. (b) Assembly of housing, impeller, and gear box. {Courtesy of Invincible Air
Flow Systems, Baliic, Ohio.)

static pressures (or vacuums) add up, and the total produced will be about doubled.
{As mentioned previously, two fans in parallel will double the air volume, while two
fans in series will about double the pressure.)

Another method to produce higher static pressures (without excessive speed and
noise) is the multistage turbo blower, as shown in Figs. 7.40 through 7.42. In these
units, as can be seen, the air stream flows radially cut and in again, thereby making
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Series 8000 Blower Performance Curves
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FIGURE 7.37 Performance of high-pressure turbo blower at 12 different speeds. (Courtesy of
Invincible Air Flow Svstems, Baltic, Ohio.)

several 180° turns. This results in lower efficiencies, but the pressure produced can
always be increased simply by adding more stages. A typical unit 1s shown in Fig.
7.40. It has six stages and 8-in o.d. blower whecls. with 13 radial blades, %6 to %6 1n
wide. The diameter ratio is (0.4. A stator is located between each two blower wheels.
The stator has 10 curved vanes, removing the air spin past the wheel before the air-
flow enters the next wheel. The unit is driven by a shaded-pole motor. V4-hp, 3300
rpm. It delivers 30 cfm against 13 inWC, but the maximum static pressure produced
is 15 1nWC, or an average of 2.5 inWC per stage (the early stages produce less, the
later stages more). The tip speed is 6900 fpm. An important figure is the ratio of
housing inside diameter to blade outside diameter. It is called the diffuser ratio
because it indicates the radial space available beyond the blade tip for the airflow to
diffuse before making the 180° turn inward. This 8-in turbo blower. shown in Fig.
7.40. was designed for compactness and low cost. It has a diffuser ratio of only 1.2,
which results in low efficiencies. In larger units. consuming up to 10.000 hp, good effi-
ciencies are important. and long diffuser passages are provided. resulting in diffuser
ratios of 1.5 to 2.0.

As mentioned previously. the maximum pressure produced per stage by this 8-in
turbo blower is 2.5 InWC and the tip speed is 6900 fpm. Let's try to compare this with
the 18-in turbo blower with radial blades that has a tip speed of 16,500 fpm and pro-
duces a maximum pressure of 23.3 inWC. Applving the square ratio of the two tip
speeds to the maximum static pressure produced by the 18-in blower. we get
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Series 8000 Exhauster Performance Curves
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FIGURE 738 Performance of high-vacuum turbo exhauster at 12 different speeds. (Courtesy of
Invincible Air Flow Systems, Baltic, Ohio.)

FIGURE 739 Two turbo blowers, directly driven from a
double-shaft extension motor, connected in series by external
ducting, (Courtesy of Andritz Sprout-Bauer, Muncy, Pa.)
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Mortor

FIGURE 740 Six-stage turbo blower with direct drive from a shaded-pole motor, ¥ hp, 3300 rpry,
£-in wheel diameter, diameter ratio of 0.4, 13 radial blades, % in wide, diffuser ratio of 1.2,

VAC - U - Varg

FIGURE 741 Four-stage turbo blower, belt drive from 300-hp engine, 26-in wheel diameters, 4800
rpm, for grain conveying. (Courtesy of Christianson Systems, Inc., Blombkest, Minn. }
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FIGURE 742 Performance of 26-in turbo blower at 4800 rpm, diameter ratio of 0.50, 14 radial
blades, diffuser ratio of 1.4,

( 6.900

27} x233=4.1inW
16.500) x 23 mWC

We find that the 2.5 inWC per stage actually produced by the 8-in blower is far
below the 4.1 inWC produced by the 18-in blower after conversion for size and
speed. There are three reasons for this lower maximum static pressure:

1. The small diffuser ratio of the 8-in blower

2. The multistage configuration of the 8-in blower with the 180° turns. which results
in losses, even for large diffuser ratios

3. The smaller size of the 8-in blower, which normally is somewhat less efficient
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We now will discuss three multistage units that were designed for three different
applications:

1, A 26-in four-stage turbo blower for pnenmatic conveying
2. An 8-in three-stage turbo blower for inflating flotation bags
3. A 5-in two-stage turbo exhauster for a vacuum cleaner

Figure 7.41 shows a 26-in four-stage turbo blower for pneumatic conveying of
grain and other materials. The blower wheels have radial blades, as shown in Fig.
7.32. It runs at 4800 rpm, driven by belt drive from a 300-hp, 2400-rpm engine. All
parts (engine, blower, cyclone for separating and loading, and various accessories)
are mounted on a four-wheel trailer for easy transportation.

Figure 7.42 shows the performance of this 26-in turbo blower at 4800 rpm for one,
two, three, and four stages. It shows how the addition of stages affects the perfor-
mance:

Number of stages 1 2 3 4
Maximum SP (inWC) 75 152 231 312
Difference in SP 77 79 82

You will notice that the maximum static pressure becomes slightly larger than in
proportion with the number of stages because the density of the air becomes some-
what larger after each stage.

Figure 7.43 shows an 8-in three-stage
turbo blower that was used to inflate the
flotation bags of an army tank to make it
amphibious. It runs at 8000 rpm, with
direct drive from a 3-hp dc motor. Figure
7.44 shows the performance of this unit.
It delivers 150 ¢fm against 50 inWC. Here
the high static pressure is obtained by a
combination of muitistage design plus
increased speed.

Figure 7.45 presents a schematic sketch
of a centrifugal fan wheel for a vacuum
cleaner. These fan wheels usually have six
to eight blades, 5 to 6 in 0.d. and about ¥4
in wide. The blades usually have a strong
backward curvature, with blade angles of
about 35° at the leading edge and of 35° to
40° at the blade tip. These exhausters for
vacuum cleaners have one or two stages
and are directly driven by single-phase
FIGURE 743 An 8in threestage turbo umiversal motors of ¥, % or 1 hp, running
blower showing housing inlef and outlet. gzt anywhere between 16,000 and 24,000
g:r:g:‘go"f P;i;"foﬁ"g‘;ﬁ )D“"““’"’ Borge:  rpm.The motor speed varies considerably

P between free delivery and no delivery,

often as much as 4000 rpm. There are var-

ious ways to test vacuum cleaners, as will be explained in Chap. 19. A typical vacuum

cleaner will deliver about 40 cfm against 40 inWC of vacuum at a maximum efficiency
of 40 to 45 percent.
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FIGURE 7.45 Schematic sketch of a typical centrifu-
gal fan wheel for a vacuum cleaner. Such wheels usually
are 5 to 6 in o.d. and have six to eight BC blades, about
Vs in wide.
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High Pressure versus High Vacuum

Most ventilating fans produce maximum pressures of 5 to 15 inWC and perform
about the same regardless of whether they are blowing or exhausting. This. however,
is no longer true for the high-pressure units we just discussed. Here, the air density
becomes larger than 0.075 1b/ft’ when blowing but smaller than 0.075 Ib/ft* when
exhausting, and this results in larger pressures and smaller vacuums. However. the
pressure ratio is the same either way. This can be expressed mathematically (using 1
atm = 407 inWC) as follows:

407+P 407
407  407-V

(7.18)

where P and V are the pressure and vacuum in inches of water column. Solving this
equation for V, we get
407P

a7+ P 719

Figure 7.46 presents Eq. (7.19) graphically, as a curve showing the maximum vacuum
produced by an exhauster versus the maximum pressure produced by the same unit
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FIGURE 7.46 For a high-pressure unit, the vacuum produced is less than the pressure produced, as

indicated by the solid line. The dashes show what the vacuum would be if it were equal to the pres-
sure, The ditference between the two curves shows the deficiency.
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used as a blower. You will notice that the deficiency (the difference between the
straight line and the curve) is negligible for pressures up to 20 inWC, but becomes
more and more important as we move to higher pressures.

TWO CENTRIFUGAL FANS IN PARALLEL

As mentioned previously. two centrifugal fans in parallel are used occasionally when
the air volume required is larger than that available from a certain fan size. Using
two fans in parallel rather than one larger fan can have the following advantages:

1. When air is blown into a large space, such as a bin for storing and drying grain. a
more even distribution can be obtained by two fans operating in parallel. (This
principle applies to axial-flow fans as well.)

2. If onc motor should fail, at least the other fan can still be used. In fact. a second
fan is sometimes used as a standby. cither just to be on the safe side or if later
need for additional capacity. due to a change in the system (e.g.. a mine). can be
anticipated.

3. Two small fans may fit into the space available. whereas one larger fan may not.
The conditions here are somewhat similar 1o those of a DIDW fan replacing a
larger SISW fan.

4. Two smaller fans and motors may consume less power, particularly if they oper-
ate in the efficient performance range. whereas one larger fan may not.

AF. BC, and BI fans are safe for operation in parallel. FC fans are not recom-
mended, since there is a risk of instability (dip in the pressure curve) or of resonance
conditions.

VOLUME CONTROL

In many installations. the fan is sclected for maximum output requirements, and
means are provided so that the airflow can be reduced at times, either manually or
automatically. A discussion of the three most common methods to accomplish this
follows.

Variable Running Speed

This method can be applied to any tvpe of fan. The effect of speed reduction on the
pressurc-volume curve of a BC fan is shown in Fig. 7.47. As mentioned previously.
each point on the curve follows the fan laws and moves along a parabolic system
characteristic. The fan efficiency remains unchanged. and there is no risk of any
shifting into an unstable performance range (in the case of an FC fan). Another
advantage is that this method of flow reduction results in the greatest power econ-
omy, since the brake horsepower of a fan varies as the third power of the speed. A
third advantage 1s that—because of the reduced speed—the noisc level is corre-
spondingly reduced. The disadvantage of this method is that the first cost usually 1s
high. especially if continuous variation is desired.
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Static pressure (in. WG)

B NI WA \\
27, ! N ALY

Volume (CFM)

L

FIGURE 747 Volume control by variable running
speed. {(From Bleier, EP, Fans, in Handbook of Energy
Systems Engineering. New York: Wiley, 1985. Used with
permission. )

Adjustable Outlet Dampers

A shutterlike mechanism is mounted on the fan outlet. The effect of such a throttle
on the pressure-volume curve of an FC fan is shown in Fig. 7.48. Compared with the
two other methods, the savings in power consumption are somewhat smaller, but this
method is the simplest in construction and the lowest in first cost. It therefore is the
one generally used for flow reduction in small sizes, where the effected power sav-
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FIGURE 7.48 Volume control by adjustable outlet dampers. (From Bleier, FP,
Fans, in Handbook of Energy Systems Engineering. New York: Wilev, 1985, Used with
permission. )
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ings are small at any rate. For medium and large sizes, it shares the field with the
other two methods.

Adjustable Inlet Vanes

Not only do adjustable inlet vanes throttle the airflow. they also impart to the enter-
ing air stream a spiral motion in the direction of the fan rotation that results in a
reduction in air volume, static pressure, and brake horsepower. As to both power
savings and first cost, this method is somewhere between the two others. Inlet vanes
have the additional advantage of acting as air guides and thereby creating predeter-
mined inlet flow conditions so that disturbances due to inlet turbulence, sometimes
caused by inlet boxes, elbows, or other obstructions at the inlet, are minimized.
Inlet vanes also can be used for boosting instead of reducing the output of a cen-
trifugal fan. In this case, they have to produce an inlet spin opposite to the fan rota-
tion. However, this will result in a larger motor horsepower and in a reduced fan
efficiency. This method has been used occasionally on large units for mine ventila-
tion if the running speed cannot be increased or for structural or other reasons.

SUMMARY _
We have discussed 12 types of centrifugal fans, all having the same operating prin-
ciple but greatly differing in design, appearance, and performance. Table 7.4 shows
some typical data for these 12 types of centrifugal fans.



CHAPTER 8§

FAN SELECTION,
SPECIFIC SPEED,
AND EXAMPLES

SELECTION OF AXIAL-FLOW FANS

Chapter 4. on axial-flow fans, had a section on the selection of axial-flow fans, Since
there are only three types of axial-flow fans (propeller, tubeaxial, and vaneaxial), the
decision on which type to select for a certain application is easy. If the air is to be
moved across a wall. without any duct work. and if the static pressure needed is less
than 1 inWC, the obvious solution is a propeller fan, the least expensive of all fans. If
duct work is needed. the best fan is either a tubeaxial or a vaneaxial fan. If the duct
work is short and not more than 2V2 inW( static pressure is needed to overcome the
resistance, a tubeaxial fan will be adequate. particularly if the fan exhausts from the
system so that the air spin past the fan will be no problem. For static pressures of
more than 1 or 2 inWC, a vaneaxial fan might be preferable (see Table 4.2). The
static pressure ranges of the three types of axial-flow fans overlap, and the decision
in favor of one type of fan often will be made on the basis of first cost versus oper-
ating cost.

SELECTION OF CENTRIFUGAL FANS

For centrifugal fans, the selection is more complicated. partly because there are 12
types (see Table 7.4) instead of three types and partly because some types can toler-
ate hot or contaminated (dust or granular material) air streams and some types can
handle only clean air or gas. Some of these 12 types, therefore, may have to be elim-
inated because of the contamination in some applications. This will narrow down the
number of feasible types from 12 to perhaps 5 or 6. As we choose among these
remaining types. with their ranges again overlapping, usually several types and sizes
will be possible for a certain application.

For a start. recall that the sequence axial-flow, mixed-flow, centrifugal (AF, BC,
BI, RT, RB, FC). turbo blower. and multistage indicates the general trend of an
increasing pressure-volume ratio ($£/cfm) or of a decreasing volume-pressure ratio
(¢fm/SP). Furthermore, according to the fan laws, an increase in speed boosts the
static pressure more than the air volume, whereas an increase in the wheel diameter
D boosts the air volume more than the static pressure. Thus, for pressure fans, we will
favor centrifugal fans and high speeds combined with small size. For volume fans, we
will favor axial-flow fans and low speeds combined with large size. This does not
mean that axial-flow fans can never be used tn high-pressure applications. It does
mean that they will require a higher tip speed than centrifugal fans in order to pro-
duce the same static pressure.

8.1
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Also. let us keep in mind that axial-flow fans and mixed-flow fans offer a straight-
through airflow, whereas centrifugal fans offer a right-angle airflow. One of these
configurations may be preferable in a specific application.

The problem now presents itself in the following manner: Known are the
required air volume, static pressure, and preferred airflow configuration. Which type
and size of fan and which speed should be selected? As mentioned., there is more
than one answer to this question, since the operating ranges of the various fan types
are overlapping, even at equal size and speed. and still more so if a choice of both
size and speed can be made. The fan engineer then might study the rating tables of
several fan manufacturers in order to come up with a good sclection. A more
methodical procedure is based on the concept of specific speed V..

SPECIFIC SPEED N, SPECIFIC DIAMETER Ds

The specific speed N, is a characteristic number, not an actual running speed. It can
be calculated from a formula that has been derived from the fan laws:

N - TPm X Vefm

=T 5Py (8.1)

The specific speed is defined as the speed at which a certain fan model, with perfor-
mance converted for size and speed. would have to operate in order to deliver 1 ¢fm
against a static pressure of 1 iInWC. In other words, if the required air volume and
static pressure were converted in accordance with the fan laws for geometrically
similar fans to a certain small size (called the specific size D.) and to a certain high
speed (called the specific speed N,), this fan model then would deliver 1 cfm against
a static pressure of | inWC. Obviously, such a fan would be too small for practical
purposes. Its size could be calculated tfrom the following formula:

D x (SP)Y

Note that SP'" = VVSP, SP¥ = SPY x SP'" = VSP x VV VSP. Some calculators

provide a means for raising a number Lo any desired exponent.

The specific speed can be considered a mathematical tool (rather than an actual
running speed) for determining the type of fan to be used for a certain application.
For our convenience, Eq. (8.1) is more useful in the following form:

R= N, Vcim
T rpm (SP)™

(8.3)

We note that the ratio R = N/rpm classifies fans with respect to their volume-
pressure ratio or, to be more accurate, with respect to their (cfm)'*/(SP)** ratio,
which is more significant. For volume fans, the ratio R will be large: for pressure fans,
it will be small. N, and N,/rpm vary over a wide range, as shown by the data below:

Extreme Extreme
volume fans pressure fans
N, varies from 500,000 to 1000

N/rpm varies from 200 o 0.1
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Figures 8.1 and 8.2 are graphs showing the ratio R = N./rpm as a function of air
volume and static pressure. These graphs permit quick determination of the ratio R
if air volume and static pressure (usually at the point of maximum efficiency) are
given. Let us now give a number of typical examples, illustrating the selection and
application of fans.

EXAMPLES FOR THE SELECTION
AND APPLICATION OF FANS

Example 1

Suppose a customer wants a small fan for electronic cooling, direct drive, to deliver
44 cfm against a static pressure of 2 inWC at the point of maximum efficiency. Equa-
tion (8.3) or Fig. 8.1 shows that the ratio R will be R = NJrpm = 3.94. If 400-Hz elec-
tric power is available. we can use a two-pole motor running at 21,000 rpm, so the
specific speed will be N, = 3.94 x 21,000 = 82,740. Table 8.1 shows that a one-stage
vaneaxial fan would be a good selection. To determine the size of this vaneaxial fan,
refer to Fig. 4.42, showing the performance of two 29-in VAFs running at 1750 rpm.
We will use the fan laws plus a trial-and-error method. Let’s try a 2-in wheel diame-
ter and convert for size and speed as follows:

n

=N

(%)

Static pressure (in. WG)

2

-

' .
te ERICTNE PERERE et

P ——— il . _i_._; ‘e
250 300 350 400
CFM

FIGURE 8.1 This graph shows the ratio R = specific speed/fan rpm as a function of air volume and
static pressure for small tans.
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Static pressure (in. WG)
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FIGURE 8.2 This graph shows the ratio R = specific speed/fan rpm as a function of air volume and
static pressure for large fans,

2in 291in 29 in
21,000 rpm 21.000 rpm 1750 rpm
44 cfm 134,140 cfm 11.178 ¢fm

2inWC SP 421 mWC SP 2.92inWC SP

The point 11,178 ¢fm at 2.92 inWC SP is fairly close to the two performances shown
in Fig. 4.42 but somewhat beyond the two curves. Let's try a 2V4-in vaneaxial fan:

2.25in 29in 29 in
21,000 rpm 21.000 rpm 1750 rpm
44 cfm 94.210 ¢fm 7851 cfm

2mWC Sp 332inWC §P 231 ImWC SP

The point 7851 ¢fm at 2.31 inW(C SP is somcwhat below the two curves. This is fine.
It will take care of the fact that a much smaller fan will deliver slightly less than
according to the fan laws. It also will provide a nice safety margin. A hub-tip ratio of
about 0.55 will be best so that we will operate near the point of maximum efficiency.

Now it might be interesting to determine what the specific diameter D, would be
(even though we do not need this figure) and to check whether at the specific diam-
eter D, and at the specific speed N, the fan would deliver 1 ¢fm at a static pressure of
1 inWC, as stated in the definition above. From Eq. (8.2) we get

25x 21 2.25x 1.189
p, =22 x27 2 0,404 in
\Vaa 6.63

A
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By using the fan laws again, we get

2Yain 2Vain 0.404 in
21.000 rpm 82,740} rpm 82.740 rpm
44 cfm 173 cfm 1.001 cfm

2inWC SP 31.0inWC SP 0.999 mnWC SP
Summarizing, we found in this Example 1 the following:

1. The specific speed N, is very high (82,740 rpm). It is not an actual running spced
but only a mathematical tool for determining the type of fan that will give us the
desired air volume and static pressure.

2. The specific diameter D, is very small (0.404 in). Again. it is not a real fan diame-
ter but only a mathematical tool.

3. If the fan diameter were D, and the running speed were N, this theoretical fan
would deliver 1 cfm at a static pressure of 1 inWC, by definition.

Example 1a

We have found that for our requirement of 44 cfm against a static pressure of 2 inWC,
the ratio R = N,/rpm = 3.94. Now let us suppose that 400-Hz electric power is not avail-
able, but only 60-Hz electric power is available. The highest possible running speed
then will be 3500 rpm, again from a two-pole motor. We then get a specific speed N, =
3.94 x 3500 = 13,790, a typical figure for a single-stage turbo blower. This, then. will be
our selection for these changed conditions. To determine the wheel diameter of this
turbo blower, we refer to Fig. 7.33 showing the performance of an 18-in turbo blower
at 3500 rpm. Using the fan laws again and trying a $2-in wheel diameter, we get

SV in 18 in
3500 rpm 3500 rpm
44 cfm 1542 cfm

2 inWC SP 21.4inWC SP

The point 1542 cfm at 21.4 inWC SP comes close to the solid line in Fig. 7.33. For a
better safety margin, let’s use a 5%-in wheel diameter.
As we compare the two selections for Examples 1 and 1a, we note the following:

1. The 5%-in turbo blower will be larger in size than the 2%-in vancaxial fan. but it

will produce a lower noise level. due to its much lower tip speed (5154 versus
12.370 fpm).

2. As we lose th; pressure-boosting influence of the higher speed, we have to com-
pensate for‘thls loss by selecting a type of fan that inherently has a larger pressure-
volume ratio.

Example 2

A fan should be selected for ship ventilation to deliver 10,000 cfm against a static
pressure of 4 inWC and to be directly driven by a 10-hp, 1150-rpm motor. Under
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no condition must the fan overload the motor, and the noise level must be less than
83 dB. From Eq. (8.3) or from Fig. 8.2, we get R = 35.4. The specific speed N,, there-
fore.is N = 35.4 x 1150 = 40.710. Table 8.1 shows that this will be a centrifugal fan
with AF, BC. BI, or FC blades. FC blades will have to be eliminated because they
probably would overload the motor in the range near free delivery. AF, BC, and Bl
blades, as mentioned previously, have nonoverloading brake horsepower curves,
so any of these will meet the requirement of no motor overload. We will select Bl
blades because they are more economical than AF or BC blades. We look at the
Ammerman BIB (backward-inclined blades) catalog and find that their 30-in Bl
centrifugal fan will deliver 10,360 cfm against a static pressure of 4 inWC for belt
drive at 1194 rpm while consuming 9.31 bhp. For direct drive, the brake horse-
power will be 5 to 10 percent less, as mentioned on page 7.2. The Ammerman cat-
alog specifically states that the brake horscpower valuecs shown include the
belt-drive losses. Most other fan catalogs state that their brake horsepower values
do not include belt drive losses. We also find that our operating point of 10,000 cfm
against a static pressure of 4 inWC is close to their point of maximum efficiency.
The tip speed will be 8960 fpm. indicating that the noise level requirement also will
be met.

Example 2a

[f the fan is to be installed in a noisy factory where the noise level requirement can
be left out, we would select a 24V%-in BI centrifugal fan at 1750 rpm. This fan would
have a specific speed N, =35.4 x 1750 = 61.950, which is still in the range for a Bl cen-
trifugal fan. This fan would be less expensive, due to the smaller size and the higher
motor speed, but the Ammerman catalog indicates that this fan would not operate
near their point of maximum efficiency. It would deliver 10,410 cfm at a static pres-
sure of 4 inWC, running at 1750 rpm and consuming 11.77 bhp with belt drive. The
brake horsepower is high, due to the smaller size (high outlet velocity) and due to
the lower fan efficiency at this operating point. The brake horsepower will be too
high for a 10-hp motor, even after reducing it for direct drive. A slight reduction in
the blade width will have to be made so that the 10-hp, 1750-rpm motor will be ade-
quate. The tip speed for this 24V4-in fan at 1750 rpm will be 11,225 fpm, which is 25
percent higher than the 8960-fpm tip speed of the 30-in fan at 1150 rpm, so the noise
level will be about 5 dB higher (see Eq.5.13). The nonoverloading brake horsepower
curve will be retained.

Example 3

An inexpensive fan should be selected that will deliver 900 cfm against a static pres-
sure of 1.5 inWC while directly driven by a 1750-rpm motor. This fan will be built
into an industrial air heater and should be compact, since the available space is tight.
Power consumption and noise level, on the other hand, are of secondary importance.
From Eq. (8.3) or from Fig. 8.2, we get R = 22.1. For 1750 rpm, the specific speed is
N, =22.1 x 1750 = 38.734. Table 8.1 shows that this will be a centrifugal fan with AF.
BC, BI, or FC blades. Since compactness and low cost are required, we select an FC
centrifugal fan.

To determine the wheel diameter of this FC fan, we refer to Fig. 7.31, showing the
performance of a 27-in FC centrifugal fan at 570 rpm. Using the fan laws again and
trying an 8-in wheel diameter, we get
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8in 27 in 27 in
1750 rpm 1750 rpm 570 rpm
900 cfm 34,599 cfm 11.269 cfm

1.5inWC SP 17.1 inWC SP 1.81 inWC §P

The point 11,269 cfm at 1.81 inWC SP comes close to the solid line in Fig. 7.31 and
slightly below it, so this 8-in FC centrifugal fan will be satisfactory. This fan could
either blow into the heating coils or exhaust from them. Usually blowing is prefer-
able, because then the fan will handle cold air, so it will handle a larger mass of air,
To determine the motor horsepower, we go through a calculation similar to the one
shown on page 1.7.

An 8-in centrifugal fan will have an outlet area of 0.366 ft>. The outlet velocity,
therefore, will be

900
oV = m = 2459 fpm

and the corresponding pressures will be

VP = @2—038 d TP=15+0.38=1.88
“\a00s5) =7° ™ I
The air horsepower then will be
900 x 1.88
dhp = W =0.266

For a small FC centrifugal fan, we can expect a maximum efficiency of 55 percent, so
the brake horsepower will be
0.266
bhp = -6.?5— =0.48

This means, for the point of operation. that a ¥2-hp, 1750-rpm motor will be ade-
quate, but we had better use a ¥-hp, 1750-rpm motor so that the motor will be safe,
even if the fan should operate at a lower static pressure, since FC centrifugal fans do
not have a nonoverloading brake horsepower curve.

Example 3a

Suppose the requirements for compactness and low cost were omitted. We then
would select a centrifugal fan with BI (instead of FC) blades because BI blades will
result in a nonoverloading brake horsepower curve. Then a Y:-hp, 1750-rpm motor
would be adequate, but the wheel diameter would be larger. To determine this wheel
diameter, we refer to Fig. 7.13 showing the performance of a 27-in airfoil centrifugal
fan at 1160 rpm. A BI centrifugal fan will have a similar performance. only the fan
efficiency will be lower. Using the fan laws and trying a 12V-in wheel diameter, we get

12V4in 27 in 27 1n
1750 rpm 1750 rpm 1160 rpm
900 cfm 9.637 cfm 6.388 cfm

1.5inWC SP 729 inWC SP 320 inWC SP
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The point 6388 cfm at 3.20 inWC SP is slightly below the curve, so the 12V4-in Bl cen-
trifugal fan will be satisfactory.
As we compare the two selections for Examples 3 and 3a. we note the following:

1. The FC centrifugal fan will be more compact, and the fan itself (due to the
smaller fan wheel and scroll housing) will be less expensive.

2. The BI centrifugal fan. with its nonoverloading brake horsepower curve, will
require only a ¥2-hp motor instead of a %-hp motor. so the total cost of the two
sclections will be comparable.

3. In view of the preceding. the smaller FC centrifugal fan probably will be the
preferable selection.

Example 4

A DIDW fan for induced draft should be selected that will handle air at 610°F at a
700-ft altitude and undcr these conditions is to deliver 48.000 ¢fm against a static
pressure of 4.5 inWC. To correct the static pressure to standard air density, we need
two correction factors, one for temperature and one for altitude. The correction fac-
tor for temperature is the ratio of the two absolute temperatures, that is, (460 +
610)/(460 + 70) = 2.019. The correction factor for altitude can be obtained from
Table 1.1, by interpolation between 0 and 1000 ft of altitude. as 29.92/29.178 =
1.0254. The product of these two correction factors is 2.019 x 1.0254 = 2.070. This is
our total correction factor. Converted to standard air density, the specifications,
therefore, read 48,000 cfm against a static pressure of 2.070 x 4.5 =9.32 inWC. Each
side of the DIDW fan will have to deliver 24,000 cfm against a static pressure of
9.32 InWC.

From Eq. (8.3), we get R = 29.04. Estimating a fan speed of 1140 rpm, we get a
specific speed N, = 29.04 x 1140 = 33.110. From Table 8.1, we note that this specific
speed can be met by centrifugal fans with AF, BC, Bl, FC, and RT blades. RT blades
are best for induced draft. as mentioned on page 7.33. 50 this will be our selection. To
determine the wheel diameter, we refer to Fig. 7.30 showing in dotted lines the per-
formance of a 27-in RT centrifugal fan at 1140 rpm. By using the fan laws and trying
a 40vs-in whecl diameter, we get

40Y4 in 27 in
1140 rpm 1140 rpm
24,000 cfm 7244 cfm

9.32 I nWC SP 4.19inWC SP

The point 7244 cfm at 4.19 inWC SP is slightly below the dotted line in Fig. 7.30 indi-
cating that we have made a satisfactory selection. This is further confirmed by Table
8.2, showing the performance of a 40%:-in RT centrifugal fan from Chicago Blower's
catalog. For 24,000 cfm at 9.32 inWC SF, we get. by interpolation, 1182 rpm and 47.6
bhp. By dividing by the correction factor 2.070, we find that at the actual operating
conditions (610°F and 700-ft altitude). 47.6/2.070 = 23.0 bhp will be required for each
side. or 46.0 bhp for the DIDW fan. Since RT centrifugal fans do not have a nonover-
loading brake horsepower curve, we like to have a safety margin in case the actual
operating pressure should be somewhat lower than anticipated. A 50-hp motor,
therefore, will be selected.
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Example 5

A pressure blower for exhausting the dust particles from a small grinding wheel must
be selected. It will be directly driven by a 3500-rpm electric motor, and it should han-
dle 350 cfm against a static pressure of 7 inWC. The outlet velocity should be about
4000 fpm so that the grinding particles can be conveyed through the outlet duct. From
Eq. (8.3) or from Fig. 8.1, we get R = 4.347. For a running speed of 3500 rpm, the spe-
cific speed is N, =4.347 x 3500 = 15.215. Table 8.1 shows that this will be a centrifugal
fan with radial blades. To determine the wheel diameter of this RB centrifugal fan, we
refer to Fig. 7.33 dashed lines, showing the performance of an 18-in turbo blower at
3500 rpm. Using the fan laws and trying an 11-in wheel diameter, we get

1 —_— 18"
3500 RPM — 3500 RPM
I50CFM —— 1534 CFM

7'SP —— 18.7”SP
0.673 BHP =— 7.9 BHP

The point 1534 cfm at 18.7 inWC SP is slightly below the dashed line, so this 11-in
RB centrifugal fan will be a satisfactory selection.

The 18-1n pressure blower had a back plate and a shroud, but the 11-in pressure
blower will only have a back plate. The shroud will be omitted so that there will not
be any material buildup from the grind particles. This lack of a shroud will result in
smaller air volumes and lower fan efficiencies. The 18-in pressure blower has 12
radial blades. 3 to 2 in wide. Converted for size. the 11-in pressure blower would have
12 radial blades, 1.83 to 1.22 in wide. To compensate for the lack of the shroud, we
will use 12 radial blades, 3 to 2 in wide.

We will use a 4-in-diameter duct at the housing inlet and outlet. This will result in
an area of 0.0873 ft’ and in an air velocity at the housing inlet and outlet of
350/0.0873 = 4009 fpm, as requested. We will extend the radial blades inward to a 47-
in i.d., resulting in a diameter ratio of 4.875/11 =(.443, the same as for the 18-in pres-
sure blower.

The dashed lines in Fig. 7.33 also show that for 1534 cfm, the brake horsepower
will be about 7.9. Converted back to an 11-in wheel diameter, this becomes 0.673
bhp. However, this figure will have to be increased for two reasons:

1. The lower efficiency of the 11-in pressure blower without a shroud
2. For a safety margin because of the overloading brake horsepower curve

We will use a 1-hp. 3500-rpm motor.

Example 6

A small belt-driven fan is to be selected that will be built into a small apparatus. It will
draw a cooling air stream through some narrow passages and will discharge it into the
atmosphere. Thus 60 cfm should be delivered against a static pressure of (1.7 inWC.
Moreover, as a special requirement. the fan should be reversible. and the same air vol-
ume should be exhausted regardless of the direction of rotation. In view of the small
quantities involved. efficiency and power consumption are of minor importance.
Because of the special requirement, this will have to be a centrifugal fan with cir-
cumferential discharge, without any scroll housing, similar to the fan shown in Fig.
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7.16. except that the blades will have to be radial. This type of fan without a scroll
housing is sometimes called a plug fan.

From Eq. (8.3) or from Fig. 8.1. we get R = 10.12. Let’s try belt drive at 2450 rpm.
The specific speed then will be N, = 10.12 x 2450 = 24,798 Table 8.1 confirms that an
RB centrifugal fan will do the job.

To determine the wheel diameter, we refer to Fig. 7.24. showing the performance
of four 26%-in centrifugal fans at 1160 rpm. two of them with radial blades, but in the
usual configuration with a scroll housing. For circumferential discharge without a
scroll housing, the static pressure produced will be somewhat lower. Using the fan
laws and trying a 5%2-in wheel diameter, we get

5%2in 26%in 26V in
2450 rpm 2450 rpm 1160 rpm
60 cfm 6430 cfm 3044 cfm

0.7 ImWC SP 15.8 inWC SP 3.54 inWC SP

The point 3054 cfm at 3.54 inWC SP is well below the static pressure curves, so we
are on the safe side, even considering the circumferential discharge and the much
smaller wheel diameter.

Special features of this selection are quiet operation (no cutoff) and extreme
compactness.

CONCLUSION

The six examples just discussed illustrate not only the selection procedure for dif-
ferent types of centrifugal fans but also the various problems and special require-
ments that are sometimes encountered in the selection process. This will enable
readers to make similar decisions when they run into similar problems.



CHAPTER 9
AXIAL-CENTRIFUGAL FANS

FLOW PATTERNS FOR VARIOUS
CONFIGURATIONS

Axial-centrifugal fans, also called tubular centrifugal fans, in-line centrifugal funs, or
mixed-flow fans, take a place between the vaneaxial fans and the scroll-type cen-
trifugal fans. Various configurations have become popular for these axial-centrifugal
fans. These various configurations differ with respect to the following features:

1. The fan wheel can have a flat back plate. or a conical back plate (as shown in
Fig. 9.1).

2. The housing can be cylindrical, square, or barrel-shaped.
3. The drive can be direct drive or belt drive.

There are 12 possible combinations of the 7 features (as can be seen from Table
9.1). but not all of these 12 combinations are practical. Six configurations are shown
in Figs. 3.23.3.24.3.25a.3.25h.3.26.3.27.9.2. and 9.3. These are eight (not six) figures
becausc Figs. 3.26.3.27. and 9.3 all use about the same configuration. Table 9.1 also
lists these figure numbers and indicates into which combinations they belong. Let’s
discuss the eight figures listed in Table 9.1.

Figure 9.2 shows a schematic sketch of a standard centrifugal fan wheel (flat back
plate) in a cylindrical housing with direct drive and with guide vanes past the fan
wheel. The guide vanes remove the air spin and convert some of the encrgy loss into
additional static pressure. the same as in a vaneaxial fan. The fan wheel probably will
have BI blades (for low cost). but it also could have AF or BC blades. It cannot have
FC blades because they require a scroll housing for good performance, as mentioned
in Chap. 7. The air stream makes a 90° turn at the wheel inlet (as in any centrifugal
fan wheel) and leaves the blade tips radiallv outward (and. of course. with a circum-
ferential spin). Tt now has to make another 90° turn from radially outward to axial
(or rather helical) flow. A conical guide, as shown, will help the air strcam make this
second 90° turn. The conical guide is sometimes omitted, but this will reduce the
efficiency somewhat. In view of the second 90° turn, a diffuser ratio of about 1.5 is
recommended for proper flow conditions and for an acceptable fan efficicncy. Com-
paring this in-line fan with a vaneaxial fan, they only have the straight-through flow
feature in common. The fan efficiency is lower for the in-line fan. and the compact-
ness of the vaneaxial fan has been lost. As a result of the 1.5 diffuser ratio. a 27-in
wheel diameter will require a cylindrical housing of 40%4 in diameter.

The next figure listed in Table 9.1 is Fig. 3.23. This is a schematic sketch of a
mixed-flow fan wheel with a conical back plate and with a diverging air stream flow-
ing into a cylindrical housing with direct drive. Here the air strcam has to make only
two 45° turns instead of two 90° turns. As the air strcam here diverges conically
(rather than radially) outward into the cvlindrical housing. a somewhat smaller dif-
fuser ratio of about 1.3 will be adequate. Figure 3.23 shows no guide vanes past the
fan whecel. but they could be added and would definitely improve the fan efficiency.

9.1
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Figure 3.24 shows a BC fan wheel with
a flat back plate in a cylindrical housing
with belt drive and with outlet guide
vanes, a good, inexpensive combination.

Figure 3.25 shows a mixed-flow fan
wheel with a conical back plate in a
square housing, Two models are shown:
model a for direct drive and model b for
belt drive.

Figure 3.26 shows a mixed-flow fan
wheel with a conical back plate and with
direct drive in a barrel-shaped housing,
This is a more expensive spun housing,
but it has the advantage of smaller inlet
and outlet diameters for connection to
smaller-diameters ducts plus good con-
formity with the shape of the conical fan
wheel. Here the guide vanes past the fan
wheel are even more important because
. without them the air spin at the small
FIGURE 91 Cast-aluminum mixed-flow fan  hoUsing outlet would become excessive,
wheel showing a conical back plate,a short con- 85 was explained in Chap. 1.
ical shrond, and 10 backward-curved airfosl Figure 3.27 is similar to Fig. 3.26 but
blades protruding inward beyond the shroud.  has a separate motor chamber to protect -

' the motor from hot or corrosive gases.
Figure 9.3 shows the same unit connected to small inlet and outlet ducts, with a clear
view of the motor in the separate chamber.

Conclusion

Axial-centrifugal fans have the advantage of easy installation as part of the duct
work (like vaneaxial fans), At the same time, they produce meore static pressure (and
somewhat more air volume) than vaneaxial fans of the same wheel diameter and
speed, although not as much as scroll-type centrifugal fans of the same wheel diam-
eter and speed. Unfortunately, their efficiencies are lower than those of vaneaxial
fans and scroll-type centrifugal fans, especially in small sizes. FC centrifugal fan
wheels cannot be used in this type of unit because, as mentioned previously, FC
wheels require a scroll housing for proper performance (see Chap. 7).

TABLE 9.1 Axial-Centrifugal Fans in Various Configurations

Flat
back plate Conical back plate
Cylindrical housing, direct drive Fig. 9.2 Fig. 3.23
Cylindrical housing, belt drive Fig 3.24
Square housing, direct drive Fig 3.25a
Square housing, belt drive Fig. 3.25b
Barrel-shaped housing, direct drive Figs. 3.26,3.27,and 9.3

Barrel-shaped housing, belt drive
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Conical guide
Standard centrifugal fan wheel

/ Guide vane, on far side
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Venturi inlet

FIGURE 92 Axial-centrifugal fan using a standard centrifugal fan wheel
plus conical guide and outlet guide vanes in a cylindrical housing.

FIGURE 93 Mixed-flow bifurcator fan connected to inlet and outlet ducts of smaller size due to
the barrel-shaped housing. (Courtesy of Baviey Fan, Lau Industries, Lebanon, Ind.)
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PERFORMANCE OF AXIAL-CENTRIFUGAL FANS

Figure 9.4 shows a comparison of the static pressure curves for three types of fans:
vaneaxial fans, axial-centrifugal fans, and scroll-type centrifugal fans with airfoil
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FIGURE 9.4 Comparison of the static pressure curves for three types of fans, all
having 27-in wheel diameters and running at 1750 rpm.

blades. For a fair comparison, the three fans have the same 27-in wheel diameter and
run at the same 1750 rpm. We note the following:

1. The performance of the in-line centrifugal fan takes a place between the perfor-
mance of the vaneaxial fan and the scroll-type centrifugal fan, as mentioned
earlier.

2. The in-line centrifugal fan performs somewhat. but not too much, below the
scroll-type centrifugal fan.

3. The in-line centrifugal fan performs considerably above the vancaxial fan, but if
the vaneaxial fan were to have a 40%-in housing diameter (same as the in-line
centrifugal fan has) (with the fan wheel about 40 in o.d.), then the vaneaxial fan
would by far outperform the two others. This means that the vaneaxial fan is still
the most compact of the three fans. Only the FC centrifugal fan is even more
compact, but it has a much lower cfficiency.



CHAPTER 10
ROOF VENTILATORS

FOUR WAYS TO SUBDIVIDE ROOF VENTILATORS

Roof ventilators can be seen on many buildings. They have become popular partly
because they require little or no duct work and partly because they do not take
up valuable space inside the building. They can be subdivided in the following
four ways:

1. Exhaust or supply

2. Upblast, radial discharge, or downtlow
3. Axial-flow or centrifugal fan wheels
4. Direct or belt drive

Let's discuss these four classifications in more detail.

1. Most roof ventilators are for exhaust from buildings. but some are supply units
for makeup air. Exhaust units draw air from the building and emit it either by
upblast or by radial discharge. Supply units draw in outside air and blow it down into
the building.

2, Radial discharge results in a lower, more pleasing silhoucette, with various alu-
minum spinnings, but upblast is required for the exhaust of grease-laden air from
restaurant kitchens because an accumulation of grease on the roof would be a fire
hazard. Upblast is also used on some machine shops. foundries, and other buildings
where a considerable amount of oil or dust is in suspension in the air. Radial dis-
charge and upblast, of course. can only be used on exhaust units. Supply units obvi-
ously require downflow.

3. Axial-flow fan wheels are less expensive and therefore are uscd in most
installations without any duct work. Also, all supply units use axial-flow fan wheels.
Centrifugal fan wheels in supply units would be impractical because they would
result in a complicated flow pattern with several 90° turns. In exhaust units, cen-
trifugal fan wheels produce more negative static pressure and therefore are often
used in connection with duct work. Most of them have Bl blades: some have BC
blades. Centrifugal fan wheels with airfoil blades are more expensive and in roof
ventilators are not of much extra benefit. FC blades, as mentioned previously,
will not function without a scroll housing and therefore cannot be used in roof ven-
tilators.

4. Direct drive is simpler and requires less maintenance: it is generally used in
small sizes. Belt drive is used in large sizes to avoid expensive low-speed motors and
to obtain greater flexibility with regard to air volume and static pressure.

10.1
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TABLE 10.1 Ten Configurations Used in Roof Ventilators

Exhaust Upblast, Axial or Direct
Configuration or radial discharge, centrifugal or beit Figure
no. supply or downflow fan wheel drive no.
1 Exhaust Upblast Axial Direct 10.1
2 Exhaust Upblast Axial Belt
3 Exhaust Upblast Centrifugal  Direct 102
4 . Exhaust Upblast Centrifugal Belt 10.3
5 Exhaust Radial Axial Direct 104
6 Exhaust Radial Axial Belt 10.5
7 Exhaust Radial Centrifugal Direct 10.6
8 Exhaust Radial Centrifugal Belt 10.7
9 Supply Dovwnflow Axial Direct 10.8
10 Supply Downflow Axial Belt 109

TEN CONFIGURATIONS OF ROOF VENTILATORS

By combining the vanious features discussed, we can obtain 10 practical configura-
tions. (Some combinations, as mentioned earlier, would not be practical.) Table 10.1
is a list of these 10 configurations. They are illustrated in Figs. 10.1 through 10.9.

Automalic Bullerfly Dampers

Posltive Damper Slops

Nen-Clog Rainshed Wind Guard

Damper Bearings Throal

Condensale Drain Curb Basa

Tolally Enclosed Molor / —- - L Alrfoll Propeller

FIGURE 10.1 Exhaust raof ventilator, upblast, with an axial-flow fan whee! and direct drive. Note
lg:twrﬂy dampers to keep out rain, etc, {Courtesy of Lau Division, Tomkins Industries, Inc., Dayton,
hio.)
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FIGURE 102 Exhaust roof ventilator, upblast, with a centrifugal
fan wheel and direct drive. (Courtesy of FloAire, Inc., Bensaiem, Pa.)

FIGURE 10.3 Exhaust roof ventilator, upblast, with a centrifugal
fan whee! and belt drive. (Courtesy of FloAire, Inc., Bensalem, Pa.)

The figures indicate that many spinnings are used in the various models of roof
ventilators. In large sizes, when these spinnings become too expensive, a fabricated
hood can be used instead, as shown in Fig. 10.10. The two flat sides of the hood could
be made angular, for better flow conditions.
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FIGURE 104 Exhaust roof ventilator, radial discharge, with an
axial-flow fan wheel and direct drive. (Courtesy of FloAire, Inc., Ben-
salem, Fa,)

FIGURE 105 Exhaust mof ventilator, radial dis-
charge, with an axial-flow fan wheel and belt drive.
{Courtesy of FloAire, Inc., Bensalem, Pu.)
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FIGURE 106 Exhaust roof ventiiator, radial dis-
charge, with a centrifugal fan wheel and direct drive,
(Courtesy of FloAire, Inc., Bensalem, Pa.)

FIGURE 10.7 PBxhaust roof ventilator, radial discharge, with

a centrifugal fan wheel and belt drive. (Courtesy of FloAire,
inc., Bensalem, Pa.}
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FIGURE 10.8 Supply roof ventilator with an axial-flow fan wheel and direct drive. (Courtesy of
FloAire, Inc., Bensalem, Pa.)

FIGURE 10.9 Supply roof ventilator with an axial-
flow fan wheel and belt drive. Note the guide vanes past
ihe fan wheel. (Courtesy of FloAire, Inc., Bensalem, Pa.)
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FIGURE 10.10 Exhaust roof ventilator, radial discharge, with an
axial-flow fan wheel and belt drive, with a fabricated haod in large sizes,






CHAPTER 11

VENTILATION
REQUIREMENTS
AND DUCT SYSTEMS*

OSHA REGULATIONS

The Occupational Safety and Health Act (OSHA), which became law in 1971, en-
surcs sate and healthful working conditions for all Americans. Much of this act deals
with adequate ventilation and noise limitation. important aspects of environmental
control. By establishing specific ventilation requirements. such as the elimination
of heat, moisture. dust, and harmful vapors, more healthful working conditions are
ensured. OSHA pays particular attention to the following:

1. Exhaust of excessive heat and humidity from oven and furnace rooms. laundries,
and other drying and washing operations

2. Exhaust of airborne contaminants from pohshing. grinding, buffing. and blast
clcaning operations

3. Exhaust of paint fumes from spray booths

4. Exhaust systems in areas used for brazing, welding. and cutting operations

5. Introduction of makeup air to relieve negative-pressure buildup caused by air
exhaust (This replacement air usually has to be heated or cooled. humidified or

dehumidified, and cleaned. by filters or electrostatic precipitators, in order to
obtain acceptable working conditions.)

6. Limitation of noise exposure

COMFORT CONDITIONS

Chapter 8 explained how the specific speed can be used in selecting the type of fan
(vancaxial fan, centrifugal fan with airfoil, backward-inclined. forward-curved, or
radial-tip blades) for a certain application. However, before we can select a fan type,
we have to determine the air volume (¢fm) and static pressure required in the appli-
cation. The air volume will depend on the type of space (office. factory. apartment,
school. hospital. auditorium, store. or kitchen) to be ventilated. The static pressure
will depend on the duct svstem required to distribute the air to the various spaces.
The comfort of the occupants will depend—in order of importance in most cases
on the following five parameters:

* Some of the information presented in this chapter has been tuken from Bleier. Fo P, Fan Design and
Application Hendbook, (Hopkins, Minn.: Ammerman Company), and from the Ventilarion CGuide (Ren-
salem, Pa.: FloAire, Inc)
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1. Dry-bulb temperature
2. Air quality

3. Relative humidity

4. Noisc level

5. Air movement

Let's discuss these five parameters in more detail.

1. The dry-bulb temperatures desirable for certain spaces are shown below:
Offices 72 to 76°F Hospital rooms 74 to 76°F
Factories 62 to 68°F Operating rooms 74 to 78°F
Apartments 74 to 76°F Auditoriums 68 to 72°F
Classrooms 72 to 75°F Stores 66 to 68°F
Gymnasiums 60 to 65°F Kitchens 66 to 68°F

2. For healthful conditions, the air should be free of excessive impurities such as
dust. fumes, vapors, and other contaminants.

3. The most desirable relative humidity is 50 percent. but deviations of plus or
minus 15 percent are acceptable in most spaces.

4. OSHA specifics the following noise levels as a function of the maximum num-
ber of hours of exposure:

Maximum Maximum
Noise, dB hours Noise, dB hours
%) 8 102 1>
92 6 105 |
95 4 110 1A
u7 3 115 Vi
1)) 2

Note: Even these OSHA noise limitations seem on the liberal side. For safety. ear
protectors are reccommended for noise levels above 94 dB. even for short periods of
exposure.

5. Some slight air motion from air outlets such as grills or diffusers is desirable in
offices, classrooms. and auditoriums where many sedentary occupants are expected,

but high air velocities up to 4000 fpm are used occasionally for cooling the workers
in extremely hot factorics.

The preceding OSHA requirements pertain to working areas in virtually all com-
mercial and industrial facilities.

FIVE METHODS TO CALCULATE THE AIR
VOLUME REQUIRED FOR A SPACE

Coming back to determination of the air volume required to fulfill the OSHA regu-
lations for temperature, heat removal. etc.. five methods are in general use for cal-



VENTILATION REQUIREMENTS AND DUCT SYSTEMS M3
A

\

N
culating these values. The air volumes may be produced by exhaust fans. bysupply
fans. or by a combination of both. All five methods are based on the principle of
diluting the contaminated air or of heat removal in the space 1o be ventilated. This
space can be described in various ways: volume of the space. floor area. number of
occupants. or heat release. Here are the five methods for calculating the air volume
required:

1. Air change in the volume of the space

2. Cubic feet per minute of air per square foot of floor area
3. Number of occupants in the space

4. Minimum air velocity through the space

5. Removal of heat released in the space

Which of the five methods should be selected in a specific application will depend
on the circumstances. i.e.. on the main purpose of the ventilation. Sometimes it will
be possible to use two methods and to compare the results. If the two resulting air
volumes just about confirm each other, we can be confident that our calculations
were correct.

The Air-Change Method

Considered the easiest and most commonly used method of determining the
required air volume. the air-change method assumes that all the air within a speci-
fied space must be changed within a given time span. The recommended rate of
change is based on fan industry ¢xperience and on health regulations. This method
uses the equation

V (ft)) = Q (ft/min) x M (minutes per change) (11.1)

where V= volume of the space to be ventilated
Q = air volume (cfm) the fan must deliver against the static pressure of
the system
M = rate of air change, cxpressed by the number of minutes it will take to
replace all the air in the space

Solving this equation for Q, the required fan cubic feet per minute (cfm), we get
Fan cfm = V/M (11.2)

‘This means the required fan ¢fm will have to be larger if M is smaller, i.e., if the
desired air change should be faster. This, of course. is the way one would expect
it to be. Table 11.1 gives the rates of air change recommended for various types
of buildings. Here are some examples, using Eq. (11.2) and the data given in
Table 11.1.

Example 1. What fan cfm is required for an office, 25 x 40 x 10 ft high, that needs
an air change every 5 minutes? From Eq. (11.2), we get

25 x40 x 10
cfm = —X—S—L = 20000 ¢fm
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TABLE 11.1 Minutes per Air Change
Recommended for Various Types of Buildings
Minutes per air change for
adequate ventilation
Type of building No smoking Smoking
Assembly halls 10-15 4-10
Bakeries 2-3
Banks 15-30 5-15
Boiler rooms 24
Classrooms 310
Club rooms &7 34
Churches 10-15
Dance halls 7-10 3-5
Engine rooms 1-3
Foundries 1-3
Garages 7-10
Hospital rooms 10-15
Kitchens 2-5
Laundries 2-3
Machine shops 5-10
Offices 10-15 4-8
Paint shops 1-2
Photo dark rooms 4-6
Pig houses 6-10
Poultry houses 6-10
Restdences 30-60 15-30
Restaurants 5-10 3-5
Ships storage 2-3
Swimming pools 2-3
Theaters 4-7 2-3
Toilets 14
Transformer roons 2-5
Warehouses 2-10
Example 2. A warehouse building with di-
‘ mensions as shown is to be ventilated. The
building is 40 ft long. Calculate the required
¢ fancfm.
B
Volume A =40 x 18 x 12 = 8640 ft*
A Volume B =40 x 18 x 3 = 2160 1t?
12 Building volume = 8640 + 2160 = 10,800 f
l From Table 11.1, we find that for warehouses
the recommended minutes per air change will
range from 2 to 10. We select a value of 10 and
oot 18 - get
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10800
10

= 1080 ¢fm

The cfm per Square Foot of Floor Area Method

This method of determining air volume (¢fm) is sometimes used for large gathering
arcas such as auditoriums, restaurants. classrooms. or other arecas where more venti-

lation is required. Here. the calculation goes as follows:

Required c¢fm = floor area (ft’) x ¢fm per square foot

Table 11.2 gives the cubic feet per minute per square foot recommended for various

types of spaces.

Example 3. Calculate the required ventilation air for a large classroom that is 45 ft
wide by 60 ft long. The floor area to be ventilated will be 45 x 60 = 2700 ft°. In accor-
dance with Table 11.2. 2.0 cfm/ft” is recommended for classrooms. From Eq. (11.3).

therefore. we get

Required cfm = 2700 ft* x 2.0 cfm/ft’ = 5400 cfm

Note that this is the air volume required regardless of the ceiling height.

Example 4. The dining room and kitchen area of a restaurant are to be ventilated.
The dining room has a floor area of 950 {t*, while the kitchen has an area of 525 ft°.
What is the required cfm? According to Table 11.2, for the dining room, 2.0 cfm/ft* is
recommended, but for the kitchen, 3.0 ¢fm/ft? is recommended. The total required

cfm. therefore. will be

950 x 2.0 + 525 x 3.0 = 1900 + 1575 = 3475 cfm

Note that the kitchen requires less air volume, despite its higher cfm/ft’, becausc it
has a smaller floor area.

TABLE 11.2 Cubic Feet per Minute per Square Foot
Recommended for Various Types of Spaces

Type of space

Auditoriums

Auto repair rooms
Classrooms
Elevators
Crvmnasiums
Locker rooms
Photo dark rooms
Public toilets
Restaurant dining rooms
Restaurant kitchens
Retail stores
Swimming pools
Warchouses

Recommended cfm per square foot

2.0
1.5
2.0
1.0
1.5
0.5
0.5
2.0
2.0
3.0
0.3
0.5
1.0
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The cfm per Occupant Method

This method again (same as method 2) is often used for determining the air volume
(cfm) required for spaces such as auditoriums and conference rooms where large
numbers of occupants can be expected. However, it is also used for smaller spaces
with few occupants, such as hospital rooms. operating rooms, and prison cells. Here,
we calculate :

Required cfm = number of persons x cfm per occupant (11.4)

Table 11.3 gives the minimum cubic feet per minute per occupant recommended for
various typces of spaces.

Example 5. An auditorium has a seating capacity of 500 persons. On most occasions,
all seats are taken, plus an additional 10 percent of people are standing. How much ven-
tilation is required? Using Eq. (11.4), with 15 ¢fm per occupant from Table 11.3, we get

Required cfm = 550 x 15 = 8250 c¢fm

Example 6. How much ventilation air is required for a conference room for 30
persons, assuming no other loads except lighting, which may be negligible? Using
Eq. (11.4). with 20 cfm per occupant from Table 11.3, we get

Required cfm = 30 x 20 = 600 c¢fm

The Minimum Air Velocity Method
For more severe conditions, as encountered in spaces contaminated by fumes or par-

ticulate matter, considerably more ventilation is required, and the minimum air

TABLE 11.3 Minimum Cubic Fect per Minute per
Occupant Recommended for Various Types of Spaces

Type of space Minimum cfm per occupant
Auditoriums, churches 15
Beauty shops 25
Bowling alleys 25
Classrooms 15
Conference rooms 20
Dance halls 23
Dry cleaning plants 30
Hospital rooms 25
Laboratories 20
Libraries 15
Operating rooms 30
Physical therapy rooms 15
Prison cells 20
Public toilets 50
Railroad cars 15
Restaurant dining rooms 20
Restaurant kitchens 20
Retail stores 15
Smoking lounges 60

Supermarkets 15
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velocity method 1s generally used. In this method, the building is considered to be a
large rectangular duct with a cross section equal to its width W times its height H.
The ventilating air is drawn through this duct at a velocity V of 150 to 250 {pm. Even
though these are small air velocities, the resulting air volumes are large. due to the
large cross sections. Here we can calculate

Requiredcfm=Wx Hx V (11.5)

For buildings up to 100 ft long, a minimum air velocity of V = 150 fpm is used. For
buildings 100 to 200 ft fong. V = 200 fpm is used. For longer buildings. V = 250 fpm is
used.

Example 7. Let’s consider a laboratory 25 x 40 x 10 ft high containing toxic fumes.
The cross section of the building is 25 x 10 ft = 250 ft*. Since the building is only 40 ft
long. we will use an air velocity of 150 fpm. Using Eq. (11.5),

Required cfm =25 x 10 x 150 = 37,500 cfm

Note: 1f we were calculating the required ventilation air by method 1 or 2, we would
get much smaller air volumes. For example, the air-change method. even with 1
minute per air change, would give us

25 x40 x 10
cfm = ___1_><_ = 10,000 ¢fm

The cfm per square foot method, even using a high 5.0 cfm/ft*, would give us even
less: :

25 x 40 x 5.0 = 5000 cfm

For contaminated spaces. therefore, the minimum air velocity method is definitely
needed.

The Heat-Removal Method

This method is used whenever the main purpose of the ventilation is removal of
the heat being released into the space. This might be heat produced by machinery
or simply by occupants, lights, and sun radiation. Here we have to estimate the
British thermal units per hour produced by the various heat sources. We also have
to estimate what the average outside temperature 1> and the maximum tolerable
insidc temperature ¢, will be. After all these data have been established. we can cal-
culate

Btu/h
Require = 11.6
equired cfm L0850 1) (11.6)

_Example 8. Let’s consider a boiler room. where 200.000 Btu is produced per hour.
The average outside temperature ¢, is 77°F. The maximum tolerable inside tempera-
ture 1, 1s 85°F. From Eq. (11.6). we can calculate

200.000
R > i = =
equired cfm 1.085(85 - 77) 23.041 cfm




11.8 CHAPTER F1LLEVEN

Example 9. Calculate the required ventilation for a classroom 45 ft wide by 60 ft
long. the same as In Example 3, but using the heat-removal method instead of the
floor-area method. This is a large classroom. It can accommodate 180 students, each
being a source of metabolic heat of about 430 Btu/h. The heat gain from maximum
occupancy. thercfore, will be 180 x 430 = 77.400 Btu/h. The lights will add another
1000 Btu/h. Assuming a temperature difference of 14°F between the instde and the
outside air. we can calculate, from Eq. (11.6).

. 77.400 + 1000
Required cfm = 085 % 14 = 5161 cfm

This compares with 5400 cfm obtained by the floor-area method. a difference of only
4 pereent.

FOUR METHODS TO DESIGN DUCT SYSTEMS
AND TO DETERMINE THE REQUIRED
STATIC PRESSURE

After we have calculated the required air volume for a certain space, by using one of
the five methods we have described, we now have to design the duct system for dis-
tributing the air to or from several spaces, as desired. We also have to determine the
required static pressure to be produced by the fan. This will be the static pressure.,
either positive (for supply) or negative (for exhaust), required to overcome the resis-
tance of the duct system, consisting of a main duct and usually several branch ducts.
Each duct will present some resistance due to friction. Usually there also will be
some additional resistances, such as elbows, hoods, filters, heating and cooling coils,
air inlets, diffuscrs, dampers, and other possible components. Dampers are a waste of
energy but are needed for balancing the system, i.e., for obtaining the air volume
desired for cach space. The fan, therefore, must produce some extra static pressure
so that the balancing can be donce by means of the dampers, which will reduce the air
volume 1o the desired amount in each space.

Four methods are in general use for designing the duct systems and for calculat-
ing the required static pressure. These four methods arc

1. Equal friction
2. Velocity reduction
3. Constant velocity
4, Static regain

Which of these four methods should be sclected for a specific application will
depend on the circumstances. such as the required number of branch ducts and the
permissible duct velocities. Here we often run into conflicting requirements, since
high air velocities (3000 to 6000 fpm) result in smaller duct diameters (lcss space and
lower first cost) but at the same time result in higher noisc levels and higher static
pressures (higher operating costs). Table 11.4 shows the ranges that are used for the
duct velocitics, regardless of which of the four methods is used.

Here are some general guidelines plus examples for the application of the four
methods of designing a duct system and of calculating the required static pressure.
In order to keep the duct friction low, round ducts are best and square ducts are sec-
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TABLE 11.4 Recommended and Maximum Duct Velocities (fpm)

Commercial and
- industrial buildings
Residences, schools. theaters, ¢
public buildings High-velocity systems

Recommended  Maximum  Recommended Maximum  Recommended  Maximum

Main duct TOU-1300 1600 1200-1800 2200 2500 60M)
Branch ducts O-1200 1300 ROO-1000 1800 2000 45(4)
Filters 250-300 asu 300-350 350 350 350
Heating and

cooling coils 450-500 600 600} 700 A0 700
Air washers 500 500 500 500 500 500

ond. If rectangular ducts are used, they preferably should
not be too far from square. We will make our sample cal-
culations for round ducts. F

The Equal-Friction Method Air flow

This method is applicable primarily to systems using moderate duct velocities, from
1000 to 2000 fpm, and preferably to layouts where the branch ducts are approxi-
mately symmetrical with respect to air volume and air velocity in corresponding
branch ducts. The method is commonly used for both exhaust and supply systems. [t
1s called the equal-friction method because the duct diameters and air velocitics are
selected for equal friction per 100 ft of duct length. This friction loss per 100 ft usu-
ally 1s 0.1 to 0.2 inWC. The larger figure, as mentioned. results in smaller duct diam-
eters and 1n larger air velocities. The duct diameter D can be calculated from the
following formula:

s (cfm }’
D~A(K) (11.7)

where D is the duct diameter in inches, cfm is the desired airflow in the duct
(cither a main or a branch duct). and K is a constant depending on the sclected
friction loss Fper 100 ft of duct length. The value of K can be taken from Table 11.5
or from Fig. 11.1.

Equation (11.7} indicates the following:

1. The duct diameter D can be calculated. No cut-and-try method is needed for
determining the value of D.

TABLE 11.5 Constant K of Eq. (11.7) for Various Friction Losses F (inW()
per 100 ft of Duct Length

F 0 0.1 0.2 0.3 0.4 0.5 1.0

K 0 1.427 2019 2474 2.857 3.194 4.517
F 2.0 3.0 4.0 S0 6.0 7.0
K 6,388 7.823 9.032 10.10 11.06 11.90
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FIGURE 11.1 Constant K of Eq. (11.7) versus friction loss F (inWC) per 100 ft of duct length

2. The duct diameter D depends only on two variables: the desired air volume and

the selected friction loss F per 100 ft of duct length.

3. A larger air volume obviously will result in a larger duct diameter D. A larger
friction loss F per 100 ft of duct length will result in a larger constant K and there-

fore in a smaller duct diameter D.

Figure 11.2 shows a linc diagram of an exhaust system with eight branch ducts. It
shows the required air volume (cfm) at each air inlet and the lengths of the main
duct and of the branch ducts. Selecting a friction loss of 0.2 inWC per 100 ft of duct
length, we get from Table 11.5 a K value of 2.019. Equation (11.7) now becomes

. [ cfm Y
S = 11.8
b (2.019 ) (115)
500 CFM
600 CFM SOOFM B 3 600 CFM
& 7 3 @ '
Exhaust fan ‘
Capacity - 4,100 CFM 20 22’ 24 0y
‘% 24 20 32 28 J
H G|F E|D C|B Al
20 - 18§ 16
8 B 4 4 FZM
500 CFM 6 500 CFM 0c
500 CFM

FIGURE 11.2 Linc diagram for an exhaust system.
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TABLE 11.6 Calculation of Duct Diameters D and Friction Losses F for the Exhaust
System in Fig. 11.2 Using a Friction Loss of 0.2 inWC per 100 ft of Ducting

Duct

velocity ) Duct
Duct  Duct pressure Duct R0 friction
Rounded area A Velocity VP length 2L joss F

Duct diameter D (in)

Section  ¢fm D Calculated off (fty Vpm) (nWC) LIy D (inWC)
A-l 600 88.314 98 10 0.545 1100 0.076 20 24.0 0.035
A-2 400 39.251 8.3 8 0.349 1146 0.082 16 240 0.038
A-B 1000 245,317 12.0 12 0.785 1273 0.101 28 28.0 0.055
C-3 500 61,329 9.1 9 0.442 1132 0.080 24 320 0.050
C-4 500 61.329 9.1 9 0.442 1132 0.080 18 24.0 0.037
C-D 2000 981267 15.8 16 1.396 1432 0.128 32 24.0 0.060
E-5 500 61,329 9.1 9 0.442 1132 0.080 22 29.3 0.046
E-6 500 61,329 9.1 9 0.442 1132 0.080 24 320 0.050
E-F 3000 2207852 18.6 19 1.969 1524 0.145 20 12.6 0.036
G-7 600 88.314 9.8 10 0.545 1100 0.076 20 24.0 0.035
G-8 500 61.329 9.1 9 0.442 1132 0.080 20 26.7 0.042
G-H 4100 4,123,776 21.0 21 2.405 1705 1.181 24 13.7 0.048

From Eq. (11.8), we can calculate the various duct diameters D, as shown in Table
11.6.

Note: Formulas used: D’ from Eq. (11.8). D (in) is the fifth root of D°. If your cal-
culator does not provide a key for this, use logarithms or the data shown in Figs. 11.3
and 11.4

Once the air volume and the duct diameter D have been determined, the duct
area A and the duct velocity V can be calculated as follows:

D 2
DuctareaAw(M) 1A

f
Duct velocity V = c_/;n_

. v 2
Duct velocity pressure VP = ( 4005 )

The duct velocities should be checked against the velocities shown in Table 11.4 to
make sure these calculated velocities conform with the ranges shown. If these calcu-
lated duct velocities should be outside the recommended range, the selected friction
loss F per 100 ft of duct length may have to be revised.

The duct length is taken from Fig. 11.2:

Duct length 12L
Duct diameter D

12L
0.0195 —V
D P

Duct friction



10,000,000 /
8,000,000 /

6,000,000 /

4,000,000 {

2,000,000

1,000,000 l
800,000 /

600,000 /
400,000

200,000

DS

100,000
80,000 /

60,000 /
40,000

20,000

10,000
1

2 3 4 g 10 20 30

6
D
FIGURE 11.3 D’ versus D for the range D =7 to 25 in.

11.12



100,000,000
80,000,000 ]ﬁ

60,000,000

40,000,000 /

20,000,000 : I

10,000,000 l
8,000,000 /

6,000,000 / -

4,000,000 -
/

2,000,000

1,000,000 [
800,000 /

600,000 /
400,000

200,000

100,000
10 20 30 40 60 B0

D
FIGURE 114 D" versus D for the range D =10 to 40 in.

1.13



11.14 CHAPTER ELEVEN

From the last column in Table 11.6, we now can calculate the static pressure
nceded to overcome the friction of the ducts. To do this, we add the duct frictions F
for the various sections of the main duct (A-B, C-D, E-F, and G-H) plus the duct fric-
tion of the most distant branch duct with the largest friction loss (in our case A-2).
This will give us a total friction loss of 0.237 inWC. The other branch ducts join the
main duct at various points and arc more or less in parallel with this most distant
branch duct. They are not in series and therefore will not add to the total friction
loss. However, this 0.237 inWC is just the total duct friction. We will have to add the
resistances of the air inlets (about 0.10 iInWC) and the elbows (25 to 60 percent of
the VP, depending on the angle and the sharpness of the bend) and provide some
reserve to allow for the losses due to the dampers for balancing (about (0.4 inWC).
Including these additional resistances, the fan will have to deliver 4100 cfm against a
static pressure of approximately 1 inWC. This, then, will be the requirements for
which the fan will be selected.

The Velocity-Reduction Method v o TT——

This method 1is best suited for sizing the duct
work for supply and exhaust systems with numer-
ous branches of different lengths. In the case of Air flow

supply systems, we first select from Table 11.4 a

velocity for the beginning of the main duct, after the fan outlet. This starting veloc-
ity should be fairly high (as long as it is in the range shown in Table 11.4). because it
will become progressively smaller at the various branch takeoffs. This is the reason
why this is called the velocity-reduction method.

In the case of exhaust systems, the same name is used, even though it really
should be called the velocity-increase method. Here we start out with the selection
(from Table 11.4) of a small velocity for the beginning of the branch ducts and let the
velocities become progressively larger as we move through the duct work toward
the fan inlet.

Again, the friction losses arc proportional to the velocity pressures in the duct,
and dampers are used for balancing. Compared with the equal-friction method, the
dampers arc even more important in the velocity-reduction method because here
we have less symmetry of the branch ducts, so the dampers will have to do more
adjusting.

Figure 11.5 shows a line diagram for a supply system with eight branch ducts. It
shows the lengths of the main duct sections and of the branch ducts and the required
air volume at each air outlet. Table 11.7 shows the various duct velocities we select
and the duct diameters and friction losses we obtain by calculation.

The data in Table 11.7 were obtained as follows: The duct velocities V were selected
for a gradual reduction, but in accordance with the ranges shown in Table 11.4.

Duct velocity VP = (L)-
1ty pressure =\ 2005

cfm
Duct area A = -V—

Duct diameter D = 13.54\V A

Duct length 121
Duct diameter D
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FIGURE 11.5 Line diagram for a supply system.
12L

Duct friction F= 0.01957VP

Duct lengths L are taken from Fig. 11.5.

From the last column in Table 11.7, we now can calculate the static pressure
needed to overcome the friction of the ducts. To do this, we add the duct frictions F
for the various sections of the main duct (A-B, C-D, E-F, and G-H) plus the duct fric-
tion of the most distant branch duct with the largest friction loss (in our case H - 9).
This will give us a total friction loss of 0.240 inWC. Again, we have to add the resis-
tances of the air outlets, the elbows, and the dampers and will arrive at a fan require-
ment of 6400 cfm against a static pressure of about 1 inWC.

TABLE 11.7 Calculation of Duct Diameters D and Friction Losses F for the Supply
System in Fig. 11.5 Using the Velocity-Reduction Method

Duct

Duct velocity . . Duct

velocity  pressure  Duct Duct diameter D M puet  Ratio gicion

v VP area A Rounded length E‘_ loss F

Section  cfm (fpm) (inWC) (ft?) Calculated off L (fv) D {(inWC)
A-B 6400 2000 (0.249 320 242 24 24 12.0 0.058
Cc-D 4450 1800 0.202 247 21.3 21 28 16.0 0.063
E-F 31w 1600 0.160 1.94 18.8 19 36 27 0.071
G-H 1400 1100 0.075 1.27 15.3 15 24 19.2 0.028
B-1 1325 1100 0.075 1.20 149 i5 20 16.0 0.023
F-7 1000 1100 0.075 0.91 12.9 13 12 11.1 0.016
1-2 700 Y00 0.050 0.78 11.9 12 20 20,0 0.020
D-5 700 900 0.050 0.78 11.9 12 24 24.0 0.023
6-7 700 900 0.050 0.78 11.9 12 24 24.0 0.023
F-8 700 900 0.050 0.78 1.9 12 16 16.0 0.016
-9 700 900 0.050 0.78 HIRY i2 20 200 0.020
H-10 700 900) 0.050 0.78 il.9 i2 20 20.0 0.020
D-4 650 900 0.050 0.72 1.5 12 24 24.0 0.023

B-3 625 900 0.050 0.69 113 11 16 17.5 0.m7
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The Constant-Velocity Method

. . . \Y
This method is used for pneumatic conveying systems

(supply or exhaust). where higher duct velocities must be
maintained to keep the material (such as sawdust, corn. Air flow

etc.) in suspension. In these systems. there often is only

one duct, but occasionally there are a main duct and one or two branch ducts. The
duct velocities here are much higher, between 3000 and 7000 fpm. depending on the
weight of the material particles to be transported. The duct velocities must be high
enough to prevent the material from settling instead of moving along with the air
stream. A cyclone 1s often used 1o separate the material from the airflow before it
passes through the fan and gets damaged. The resistance of the cyclone is consider-
able. It ranges from one to five velocity pressures in the inlet duct to the cyclone.
Table 11.8 shows the duct velocities required for various materials.

Figure 11.6 shows a line diagram for an exhaust system with onc main duct and
one branch duct. It shows the lengths of the ducts and the required air volume (cfm)
at each duct section.

Table 11.9 shows the various velocities we sclect and the duct diameters and fric-
tion losses we obtain by calculation. As a result of the large conveying velocities, the
friction losses are much higher, too.

The data in Table 11.9 were obtained as follows: The duct velocities V' were
selected in accordance with Table 11.8.

V 2
. vp=|—
Duct velocity pressure VP ( 100 5)

TABLE 11.8 Material-Conveying Data

Average
Approximate conveying Suction to
weight velocity pickup
Material (Ib/ft*) (fpm) (inWC)
Ashes from coal 30 5500 3.0
Beans 28 6000 4.0
Buffing dust 3700 2.5
Cement 100 7000 5.0
Cork 14 3000 1.5
Corn (shelled) 45 5500 35
Cotton (dry) 5 3500 2.0
Grinding dust 30 4500 2.0
Lime (hydrated) 30 5500 30
Malt 35 4300 3.0
Metal turnings 4500 2.5
Mineral wool 12 3500 2.0
Paper cuttings 20 5600 3.0
Rags (dry) 30 4000 2.5
Saw dust (dry) 12 3500 2.5
Shavings (light) 9 3500 2.5
Shavings (heavy) 24 4000 30

Wheat 46 6000 4.0
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1.000 CFM 1.000 CFM

Fan capacity
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A 40’ B D 36

FIGURE 11,6 Line diagram for an c¢xhaust system for pncumatic conveying.

f
Duct area A = “m
| %

Duct diameter D = 13.54V A
Duct length L is taken from Fig. 11.6.

Duct length ~ 12L
Duct diameter D

Duct friction loss F= 0.0195%VP

From the last column in Table 11.9, we now can again calculate the static pressure
needed to overcome the friction of the duct system by adding the duct friction losses
F for the sections A-B and D-E. This will give us a total friction loss of 2.14 mWC.To
this we have to add the resistances of the material pickup (about one velocity pres-
sure), of the elbow (about one-half velocity pressure). and of the cyclone (about
three velocity pressures) and will arrive at a fan requirement of 2000 cfm against a
static pressure of about 6.6 inWC.

The Static-Regain Method D of
This method has certain advantages when an equal mai‘n
amount of fresh air is to be delivered to numerous  94¢!
spaces, as shown in Fig. 11.7. It 1s based on the principle Air flow

TABLE 11.9 Selection of Duct Velocities and Calculation of Duct Diameters and Friction
Losses for an Exhaust System for Pneumatic Conveying as in Fig. 11.6

Duct
Duct velocity . . ) Duct
Air velocity  pressure Duct Duct diameter (m,), Duct Ratio  friction
volume v VP arca A Rounded  length 2L ossF
Section  {cfm) (fpm) (inWC) (ft*) Calcutated off I (ft) D (inW()
A-B 2000 4000 1.0 0.50 9.6 10 40 480 0.94
B-C 1000 4(KN) 1.0 0.25 6.8 7 28 48.0 0.94

D-E 1000 4000 1.0 0.25 6.8 7 36 61.7 1,20
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of static regain. which was discussed in Chap. 1. Static regain will occur whenever an
airflow slows down. When this happens, about half the difference in velocity pres-
sures is regained as additional static pressure (the other half is lost to friction and tur-
bulence). This lower air velocity may be the result of an expanding cone, as discussed
in Chap. 1. Or it may be the result of a branch duct bleeding off some of the airflow
while the diameter of the main duct remains the same, as will be discussed now.

In the first three methods we described, the diameter of the main duct was re-
duced at each branch duct takeoff in view of the air volume reduction at the takeoff
point. In the static-regain method. the diameter of the main duct is kept constant
throughout its length. This results in a reduction in the main-duct velocity at each
branch takeoff and in a static regain at this point. which in turn is used to overcome
the duct friction in the subsequent main-duct section until the next branch takeoff.
The static pressure at cach takeoff point. therefore, will remain about the same.

In the velocity-reduction method, a relatively high air velocity was selected for
the first section of the main duct, and the corresponding duct diameter was calcu-
lated. For the subsequent sections of the main duct, both the duct velocities and the
duct diameters were reduced. In the static-regain method, again, a high duct velocity
1s selected for the first section of the main duct, and the corresponding duct diame-
ter is calculated. However, for the subscquent sections, the diameter of the main duct
is maintained, and the duct velocitics, therefore, are reduced even more than in the
velocity-reduction method. This increased difference in velocity pressures gives us
more room for static recovery.

Figure 11.7 shows a line diagram for a supply system with five branch ducts. It
shows the lengths of the various sections and the required air volume at each air out-
let. Table 11.10 shows the various duct velocities, the duct diameters, the friction
losses, and the static regains.

The data in Table 11.10 were obtained as follows: The required air volumes were
taken from Fig. 11.7. The duct velocity V for section A-B was selected as 2200 fpm.
The corresponding duct velocity pressure was calculated as

V z
vP= (4005)

cfm
%4

Duct diameter D = 13.54VA

Duct area A =

Duct length L for section A-B was taken from Fig. 11.7.

1,500 CFM 1,500 CFM 1,500 CFM [,500 CFM 1,500 CFM

40 40' 40 40 40°

7,500 CFM 6,000 CFM ] 4,500 CFM 3,000 CFM J 1,500 CFM )
Cj;\ 30 ' B C 30 p e 30 fF G 300’ gy 1 30 ]

FIGURE 11.7 Line diagram for a supply system with five branch ducts.
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TABLE 11.10 Sclcction and Calculation of Velocities, Diameters. Friction Losses,
and Static Regains
Duct
velocily . . Duct Static
Air Duct  pressure  Duct Duct diameter D {in) Duct Ralio jricion  regain
volume  velocity ve area Rounded length loss F A VP
Section (efm)  V (fpm) (inWC) A (ft*) Calculated off L{fty D (inWC) (inWQ)
A-B 7500 2200 0.302 3.409 250 25 30 144 0.085
0.055
c-D 6000 1760 0.193 . 0.054
: (.042
E-F 4500 1320 0.109 ' 0.031
. 0.031
G-H 3000 880 0.048 0.3
0.018
i-J 1500 440 0.012 3.409 25.0 25 30 144  0.003
B-1 1500 300 0.040 1.875 18.5 19 40 253 0.020
D-2 | ' .
F-3
H-4
J-5 1500 800 0.040 1.875 18.5 19 40 253 0.020
Duct length 12L
Duct diameter D
12L

Duct friction loss F=0.0195 —~D—VP

For the second line (section C-D), we did not select a duct velocity V, as we did
for the first line (section A-B), but we kept the same 25-in duct diameter and the
same 3.409-ft* duct area. From this we calculated the duct velocity V = cfm/A and the
VP = (V/4005) for the second line. Next, we entered the duct length L and calcu-
lated the duct friction loss F for the second line. We now could calculate the static
recovery (last column) as one-half the difference between the velocity pressures of

line 1 minus line 2. We continued the same way for the remaining three lines.

Now that we have completed the first five lines of Table 11.10, we can calculate the
static pressures available at the various takeoff points along the main duct, tentatively

assuming that the fan will deliver 7500 cfm against a static pressure of 1 inWC.

Point A (past the fan): SP=1.000
Point B (ahead of branch duct B-1):
Point C (past branch takeoff B-1):
Point D (ahead of branch duct D-2):
Point F (past branch takeoff D-2):
Point F (ahead of branch duct F-3):
Point (; (past branch takeoff F-3):
Point /{ (ahead of branch duct f-4):
Point / (past branch takeoff H-4):
Point J (ahead of branch duct J-5):

SP=1.000-0.085=00915inWC
SP=0.915+ 0.055 =0.970 inWC
SP=0.970-0.054=0.916 inWC
SP=0916 +0.042 = 0.958 inWC
SP=0.958 - 0.031 =0.927 inWC
SP=0927+0.031 =0.958 inWC
SP=0.958-0.013=0.945inWC
SP=0945+0.018 =0.963 inWC
SP=10.963-0.003 =0.960 inWC
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We note that the various static recoveries tend to make up for the friction losses
in the different main duct sections. As a result, the static pressure available for the
airflow into the various branch ducts is almost the same, varying only from 0.916 to
0.960 inWC, a variation of less than 5 percent.

Coming back to Table 11.10, we now select a velocity for the five branch ducts,
say, 800 fpm, and calculate the remaining data in Table 11.10 using the same formu-
las. We note the following:

1. The friction loss F in each branch duct is only 0.02 inWC, much smaller than the
available static pressure.

2. The resistance of the air outlets (0.10 inWC) and of the elbows (0.02 inWC) still
will be much less than the available static pressure.

3. No dampers will be needed, due to the even distribution of the air stream and due
to the almost constant static pressure available at each branch duct takeoff.

4. The tentative estimate of a static pressure of 1 inWC was on the safe side by far.
A fan delivering 7500 cfm against 1 inWC SP or slightly less will be acceptable.



CHAPTER 12

AGRICULTURAL
VENTILATION
REQUIREMENTS*

TYPES OF VENTILATION FOR AGRICULTURAL
REQUIREMENTS

The following three types of ventilation are used for agricultural requirements:

1. Ventilation of animal shelters
2. Recirculation of heated air in incubator houses
3. Drying and acration systems for grain

Ventilation of Animal Shelters

Animal shelters need ventilation, just as buildings occupied by humans, but the ven-
tilation of animal shelters is simpler. It can be accomplished without any duct work.
Direct-drive propeller fans are mounted in one building wall, as shown in Fig. 3.1.
Evenly spaced fans exhaust air from the building. Openings for the air inlet are pro-
vided in the opposite wall. The required air volume can be calculated by the air-
change method. Table 111 recommends 6 to 10 minutes per air change for pig
houses and poultry houses.

Poultry Houses. Poultry houses are usually ventilated by a series of 10- or 12-in
propeller fans with direct drive from a 1/25-hp two-speed motor equipped with ther-
mostats that shut the fan off when the inside temperature drops below 40°F. One
hundred chickens give off about 4 gal of moisture per day plus some ammonia fumes
caused by droppings. The fans remove the moisture and the fumes. As an alternate
method for calculating the required air volume, 2 ¢fm per bird is recommended. so
500 cfm will take care of 250 birds. The number of birds thus determines the number
and size of propeller fans to be installed. Figure 12.1 shows the outside of a pouitry
house: Figure 12.2 shows the inside.

Dairy Barns for Cows. Dairy barns are usually ventilated by one or two propeller
fans with direct drive from two-speed motors, as shown in Table 12.1. Fans will be
selected to exhaust from 40 to 160 cfm per cow. depending on the climate. In regions
with severe winters, 40 to 80 ¢fm per cow is adequate. Regions with mild winters will
allow 120 to 160 cfm per cow. A thermostat again will provide control of the tem-

* Some of the information presented in this chapter was taken from booklets published by Farm Fans,
Inc., Indignapohs, Indiana, and Chick Master Incubator Company, Medina, Ohio.

121
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1) {0

FIGURE 12,1 Onutside of a poultry house, showing two exhaust elbows for the
discharging airflow.

FIGURE 122 [Iuside of a poultry house, showing several hens and an optional vertical duct for
exhatsting air from the botiom of the poultry house.

perature in the barn. The thermostat is usually set at S0°F. No heat other than that
generated by the animals is needed to warm the barn. Figure 12.3 shows the inside
of a dairy barn.

Incubator Houses for Hatching Eggs

Incubator houses handle 100,000 eggs and keep them for 18 days at 100°F for artifi-
cial incubation. Several axial-flow fans are located near the ceiling of the incubator

TABLE 12.t Required Ventilation for Dairy Barns

Air volume at Air volume at
Fan Motor high speed low speed Number
diameter (in) hp (1140 rpm) (860 rpm) of cows
12 1425 980 585 61016
16 1/8 2000 1290 13t0 33

16 1/4 2750 1780 20to 45
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maﬁURE 123 Inside of a dairy barn, showing seven cows in thejr stalls and one exhaust fan in the
wall.

house and blow the warm air down into the center aisle. The air stream then turns
90° to both sides, where the egg carriers are located. It passes through them and
returns to the top of the fans. This flow pattern results in the desired recirculation
and ensures an even temperature distribution for all eggs. Six vaneaxial fans are rec-
ommended because they will produce enough pressure to force the air through the
parrow passages between the egg trays.
. Two small openings in the ceiling are pro-
vided to allow the carbon dioxide gas released by
the hatching eggs to escape. Figure 12.4 shows
the inside of an incubator house. Figure 12.5
shows an egg carrier containing 15 egg trays.
There are 18 egg carriers in the incubator house,
9 on each side of the center aisle. The egg carricrs
are on wheels so that they can be rolled into the
incubator house and through the center aisle to
their places on each side of the center aisle.

Grain Drying and Aeration Systems

When corn is harvested, it has a moisture con-
tent of 26 to 30 percent. This makes it perish-
able, because if the corn were stored at this high
moisture content, it would soon deteriorate due
to mold growth and insect activity. The shelled
o ' comn (kernels removed from the cob), therefore,
FIGURE 124 Inside view of anincu- s dried by heated air, forced either through a

bator showing the egg carriers on each . . . .
side of the center aisle and some fans af 1308 8rain drying bin or through a mobile batch

the top. (Courtesy of Chick Master Incu- dryer. Figure 12.6‘_ Sh(.st both these structures.
bator Company, Medina, Ohio.) Fan-heater combinations blow the heated air

through the grain until the moisture content is

reduced to about 13 percent. This may take 1 or
2 months in a bin containing large quantities of corn but only a few days in a mobile
batch dryer that handles much less grain. Similar procedures are used for other types
of grain, such as wheat, rice, and soybeans.

After the drying process has been completed, the corn is stored and aerated; i.e.,
unheated air is forced through the storage bin, again to prevent mold growth and
insect activity. This aeration process is continued for as long as the grain is stored in
the bin.
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FIGURE 128 Egp carrier on wheels, as used in an incubator.
{Courtesy of Chick Master Incubator Company, Medina, Ohio.)

The airflow is produced by various types of fans, all using direct drive at 3450 or
1750 rpm. These fans may be tubeaxial fans (for pressures up to 3 inWC), vaneaxial
fans (for pressures up to 5 inWC), or BI centrifugal fans (for pressures up to 14
inWC). Figure 12.7 shows some vaneaxial fans for grain drying, with heaters on the
outlet side and with wheel diameters of 24 in (3450 rpm), 28 in (3450 rpm), and 36 in
(1750 rpm). Figure 12.8 shows a BI centrifugal fan for grain drying with wheel diam-

FIGURE 126 Sketch showipg a centrifugal
fan blowing heated air into the bottom section of
a grain bin and three vanecaxial fans blowing
heated air through a batch dsver. (Courtesy of
Farm Fans, Inc., Indianapolis, Ind.)

eters of 20, 24, and 27 in, all running at
1750 rpm. Here the heaters can be
located either on the outlet side or on
the inlet side, since the motor is not in
the air stream. The heaters sometimes
use electric power but more often burn
propane or natural gas. In order to select
the right fan for each application, we
have to know the air volume and the
static pressure required. These data can
be determined from the size of the bin,
the depth of the grain in the bin, the type
and amount of grain, and its moisture
content. Let's see how this is done.

Determination of the Air Volume
Required for Drying Shelled Corn

Three simple steps have to be taken to
determine the required air volume.

L. As a first step, we have to deter-
mine the amount of com (in bushels) in
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3 Muodel US24-B Model UIOZA-R Modal U1036-A
For bin drying systems High capacity drysr for desper  For bin syiiems
®5-T HE, 24" Diameter, grain dephs ® 10-18 HF. 36" Dismetar,

3450 RPM # 1013 HF, 28" Diameter, 1750 R
® 2,000,000 BTU par hour 3430 RPM ® 2,500,000 BTU par howr

capacity & 3,000,000 BTU par hour capacity
& Humidisiat or thermostal capach # Humidistat or thermosisi

included & Humbdigtal or thermastal inchuded
& Approximats weight: 320 s included # Approximate walght: 700 Ibe
® Magnatic motor control ® Approaimate wiight: 400 s ® Magmatic motor control

included & Magnetic mator control inclisded

included
Modal UT24-B Modal UT036-H

For bin drying sysiems. For highar heat capacity in
® 7.8 HF, 24" Diamaiar, special drying systems

3450 RFM ® 10-16 HE. 35" Dinmator,
® 2,000,000 BTU par hour 1750 RPM

capacity 4,000,000 BTU par hour
& Humddistad or tharmostal chpacity

included # Thermostat included

& Approximats waighi: 350 Ths ® Approximate waight: 700 Iba.
® Magnetic motor control ® Magnetic motor control

e

FIGURE 127 Various sizes of vaneaxial fans for grain dry-
ing. (Courtesy of Farm Fans, Inc., Indianapolis, Ind )

the bin. Grain bins are cylindrical in shape. The bin diameters usually range from 18
to 60 ft, but sometimes they are even larger, up to 90 ft. The depth of the grain usually
is between 8 and 60 ft but sometimes is as deep as 100 ft. From the bin diameter and
the grain depth, we can calculate the amount of grain in the bin from the formuia

Number of bushels = 0.6313 x (bin diameter)’ x grain depth (12.1)

or we can find it from the graphs shown in Figs. 12.9 and 12.10.

FFC-H HEATERS

® Star-Fire Burner for Efficient Combustion
® Up-Stream Heater for Heat Mixing

® Ayvailable for Propane Vapor, Propane Liguid (with Vapor-
izer), or Natural Gas

® Direct Fired Heater for Mounting on ® Full Safety Controls, with Burner Shut-down Flame Failure
Centrifugal Fan Inlet. Cantrol
® Full Electric Ignition ® Heater Contral by Humidistat or Thermostat.
® Includes Humidistat or Thermostat. ® Transition and Collar Available
|  HEATER T usewTH [ " HEATER [ aumNErR |  TRANSITION
MODEL NUMBER FaN MODEL NO * DIAMETER CAPACITY | HUIMEBER
} —e] } — s {
FFC-H20B FFC-5208 | 207 750,000 BTU/Hr T20-CB |
FFC-H24B | FFC-1024B 24" 1,500,000 BTU/Hr T24-CB
FFC-H248 | FFC-1524B | 24" 1,500,000 BTU/Hr T24-CB
FFC-H278 | FFC-20278 28" 2,000,000 BTU/Hr T27-CB

FIGURE 12.8 BI centrifugal fan for grain drying, with the heater on the inlet
side and the transformation piece on the outlet side. (Courtesy of Farm Fans,
Inc., Indianapoiis, Ind.)
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2. The scecond step 1s to determine the required air volume per bushel, which
depends on the moisture content of the corn. The graph in Fig. 12.11 shows that the
minimum required air volume per bushel for shelled corn varies from 5 ¢fm (for 30
percent moisture) down to 1 cfm (for 22 percent moisture). Please note that these
are minimum values.

3. Asa third step, we multiply the number of bushels (from item 1) by the air vol-
ume per bushel (from item 2). This gives us the total air volume required.

The bins then have a storage capacity of 1600 to 500,000 bushels (1 bushel equals
1.244 ft*). The air (heated or unheated) is blown into a low space between the floor
of the bin and a perforated partition about 12 to 15 in above the floor. From this
space, the airflow passes through the perforated partition and up through the grain,
finally leaving through some openings at the top of the bin.

10,000 _ :
N/ ) /
9,000 7 / / /
8.000 _
@ / ' /
D
7.000 ~ 7/
6,000 —
g
0
=
55,000 - —
E S
E: N
1=
5 4,000 :
al
£
=
pd
3,000 S
| ;
2,000 ! |
10 20 30 40

Diameter of bin (ft.)
FIGURE 12.9 Number of bushels in bins versus bin diameters (up to 40 ft) for various grain depths.
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FIGURE 12.10 Number of bushels in bins versus bin diameters (up to 90 ft) for various grain
depths.

The amount of heat depends on the size of the bin (or batch dryer), on the type
of grain, on its moisture content. and on the relative humidity of the air. When air is
heated. it becomes dryer: i.c.. its relative humidity is lowered. The amount of heat
required varies from (.75 to 5 million Btu per hour. The temperature rise at the
heater outlet is between 70 and 150°F, but as the air stream passes through the grain,
the temperature drops rapidly. In other words, the drying is done primarily by the air



12.8 CHAPTER TWEIVE

..

—
l.
[

2

f
|
L
T
B
A

Recommended CFM per bushel
1

L 0 0 S
—— i b .
———
1
I
N
B R
[
i
[
.+
t
- b

0 5 10 15 20 25 30
Moisture content of com (%)

FIGURE 12.11 Recommended minimum air volume (¢fm) per bushel for shelled corn of 20 to
30 percent initial moisture content.

stream having a lower humidity than the grain. The amount of air is the important
parameter.

Determination of the Static Pressure Required

The static pressure needed to force the air stream through the grain depends on the
depth of the grain in the bin, the air volume per bushel, and the type of grain. Figure
12.12 shows the relationship for shelled corn. You will notice that for 2 c¢fm per
bushel, the static pressure rises from 1.3 inWC for 8 ft of depth to 6.3 inWC for 16 ft
of depth. In other words, as you double the depth, the static pressure needed
becomes 4.8 times as high. as shown by the parabolic curves in Fig. 12.12. These
parabolic curves may be surprising at first glance. As the grain depth doubles from 8
to 16 ft, you would not expect the static pressure to become 4.8 times as high but
only 2 times as high. This would be true if the total air volume through the grain were
to remain the same. regardless of the depth. However. the total air volume does not
remain the same, the air volume per bushel remains the same. If the grain depth is
doubled from 8 to 16 ft, more bushels are added: in fact, the number of bushels is
doubled. Thus, if the air volume per bushel remains the same, the total air volume
and the air velocity through the grain are doubled. too. The static pressure required
to force this doubled air volume through the grain, therefore, will more than double,
as shown by the parabolic curves in Fig. 12.12.
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FIGURE 12.12 Static pressure versus depth of shelled corn for various air volumes per bushel.

Selection of the Proper Fan

After the required air volume and static pressure have been determined. the proper
fan now can be selected. Table 12.2 shows the performance for the four vaneaxial
fans, and Table 12.3 shows the performance for the four BI centrifugal fans, as men-
tioned previously. The corresponding performance curves are shown in Figs. 12.13
and 12.14.
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TABLE 12.3 Performance of BI Centrifugal Fans for Grain Drying

Model Wheel Air volume (cfm) aFEljFaled static pressure (inWQC)

number diameter (in) 1 2 3 4 5 6
FFC-520B 20 8,300 7.500 6.600 5.100 2.000 —
FFC-1024B 24 13.600 13.000 12,000 11,000 10.000 8.500
FFC-1524B 24 16,000 15,100 14,200 13.100 11.800 10,000
FFC-2027B 27 18,800 17.900 17.000 16,000 15,000 13,700

Source: Courtesy of Farm Fans, Inc.. Indianapolis, Ind.

Example 1. Suppose we have a 30-ft-diameter bin with a 15-ft depth of shelled
corn with a moisture content of 22 percent. From Fig. 12.11, we know that a mini-
mum of 1 ¢fm per bushel is required. From Fig. 12.9 or Eq. (12.1), we find that this
bin contains a total of 8520 bushels. At 1 cfm per bushel, we need 8520 cfm. From Fig.
12.12, we find that it requires a static pressure of 2.0 inWC to move 1 cfm per bushel
through the 15 ft of depth. We therefore need a fan to deliver 8520 cfm against a
static pressure of 2.0 inWC. From Table 12.2 or Fig. 12.13, we find that Farm Fans
makes a 24-in vaneaxial fan with direct drive from a 5- to 7-hp, 3450-rpm motor that
will deliver 9600 cfm against a static pressure of 2.0 inWC, about 13 percent more
than required. Since the bin contains a total of 8520 bushels, we will provide 1.13 ¢fm
per bushel. We will exceed the required minimum and are on the safe side.

Example 2. Suppose the 15 ft of corn in our 30-ft-diameter bin has a 23 percent
(instead of a 22 percent) moisture content, requiring a minimum of 1.5 cfm per
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FIGURE 12.13 Performance of four sizes of vancaxial fans. (Courtesy of Farm Fans, Inc., Indi-
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FIGURE 12.14 Performance of four sizes of Bl centrifugal fans. (Courtesy of Farm Fans, Inc.,
Indianapolis, Ind. }

bushel or a total of 12,780 cfm. From Fig. 12.12, we find that this will require a higher
static pressure of 3.6 inWC. From Table 12.2 or Fig. 12.13, we find that the 28-in
vaneaxial fan at 3450 rpm with the 10- to 13-hp motor will deliver 13,600 cfm against
a static pressure of 3.6 inWC, slightly (6 percent) more than the required minimum.
From Table 12.3 or Fig. 12.14, we find that we also could select the 24-in BI centrifu-
gal fan at 1750 rpm with a 15-hp motor. This fan would deliver 13.550 cfm against a
static pressure of 3.6 inWC, almost the same as the 28-in vaneaxial fan. We probably
will prefer the 24-in BI centrifugal fan because it will be quieter owing to the 1750
rpm instead of 3450 rpm. Earlier we explained that centrifugal fans are used for the
high-pressure applications, and this is generally true. Here, however, we find that a
pressure requirement that is too high for a vaneaxial fan is not the only condition
where a centrifugal fan is preferable.

Conclusion

Bins of larger diameters require more air volume. Higher moisture content will
require more air volume and also higher static pressure. Greater grain depth will
require a higher static pressure as well as more air volume.



CHAPTER 13
CROSS-FLOW BLOWERS

REVIEW

In reviewing some of the past chapters, we note the following: Chaps. 4.7.9, and 10
discussed axial-flow fans, centrifugal fans, axial-centrifugal fans. and roof ventilators.
These are the types of fans that are used in large ventilating systems, as described in
Chap. 11.

If you will look at Chap. 3. which contained a short description of the different
types of fans, you will notice that there are two other types of fans left: cross-flow
blowers and vortex blowers. These two types cannot handle the large air volumes
nceded in large ventilating systems, but they are good solutions for certain special
applications. We will discuss the cross-flow blowers in this chapter and the vortex
blowers in Chap. 15.

FLOW PATTERN AND APPEARANCE

In the cross-flow blower. as mentioned in Chap. 3, the airflow passes twice through
FC blading, first inward and then outward, as shown in Fig. 3.29. One might question
how this 1s possible. and if it is possible, why the same thing does not happen in reg-
ular FC fan wheels having about the same blading. In order to explain this seeming
inconsistency of inward and outward flow, let us analyze the pattern of airflow
through a cross-flow blower. as shown in Fig. 13.1. We start with the outward airflow.

Lon
T
kO

FIGURE 13.1 Schematic sketeh of a cross-flow
blower showing the airflow lines through the unit.
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The air stream leaves the blade tips and flows through the scroll housing outlet,
the same as in 2 regular FC fan unit. This produces a negative static pressure inside
the fan wheel. This negative static pressure requires replacement of the air leaving the
housing outlet. In a regular FC unit, with single or double inlet, this air is replaced by
the airflow entering axially through the inlets on one or both sides. In the cross-flow
blower, however, these inlets are closed. The negative static pressure inside the fan
wheel, therefore, tries to pull in some air from another inlet. This other inlet is pro-
vided by an opening in the housing scroll, as shown in Fig. 13.1. This opening is less
than 90° apart from the housing outlet, and it extends all the way across the unit, the
same as the housing outlet. Since the FC blades are forwardly inclined, they help push
the air stream inward, even though centrifugal force does not support them in this
endeavor (in fact, it tries to prevent it), but the negative pressure inside dees

This simple explanation can be further illustrated by a detailed description of the
flow lines across the fan wheel from the inward flow to the outward flow, as shown
in Fig. 13.1. These flow lines are not straight, but they are curved as shown. The air-
flow enters the housing inlet and the fan wheel radially inward and then is deflected
by the blades in the direction of the fan rotation. Next, the curved flow lines pass
across the inside of the fan wheel, toward some blades near the housing outlet,
where they are apain deflected in the direction of the fan rotation and leave the unit
through the housing outlet.

The diameter ratio d,/d, is between 0.7 and 0.8, compared with 0.75 to (.90 for
regular FC wheels. In other words, the cross-flow blower blades tend to extend far-
ther inward.

Figure 13.2 shows a typical cross-flow blower. You will notice the large inlet area
located close to the outlet area, giving the airflow ample space (more than 180°} to
pass through the fan wheel.

Figure 13.3 presents a schematic sketch, giving the principal dimensions for a typ-
ical cross-flow blower with a 3-in wheel outside diameter and 28 FC blades. The
dimensions for other sizes will be in peometric proportion.

-
e 3.
[t e = E . \
\ —~ o i R -
4 e DA s )

FIGURE 132  Cross-flow blower showing the closed hous-
ing ends and the large housing inlet at the blade tips.
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- 30.D.——»

FIGURE 13.3 Schematic sketch of typical cross-flow blower with 28 blades and a 3-in outside
diameter.

PERFORMANCE OF CROSS-FLOW BLOWERS

Figure 13.4 shows in solid lines the performance for this 3-in cross-flow blower with
an 11-in blade width. For comparison. the performance for a regular 3-in FC cen-
trifugal fan is plotted in dashed lines. This comparison indicates the following:

1. The maximum static pressure produced is the same for both fans. (Some manu-
facturers claim a higher static pressure for the cross-flow blower.)

2. The cross-flow blower delivers more air volume because of its larger blade width.
but the air volume per inch of blade width is considerably smaller for the cross-
flow blower.

3. The maximum efficiency is much lower for the cross-flow blower. This is due to
the airflow passing through the blading twice, with each pass producing abrupt
changes in the direction of the airflow, resulting in turbulence.

ADVANTAGES AND DISADVANTAGES

Summarizing, we can say that the cross-flow blower has the following two ad-
vantages:
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FIGURE 13.4 Comparison of performances for two units with 3-in wheel diameters run-
ning at 3500 rpm {sofid lines: cross-flow blower per Fig. 13.3.11-in blade width: dashes: typ-
ical FC centrifugal fan, 1.8-in blade width).

A long and narrow outlet area, which can be a desirable feature for such applica-
tions as air curtains, dry blowers in a car wash, hand dryers. electric heaters, elec-
tronic cabinets, room air conditioners, automotive air conditioners, and copy
machines

A relatively large air volume. since the axial width b is limited only by structural
considerations (not by aecrodynamic considerations), compared with FC wheels,
where the maximum blade width is limited (by aerodynamic considerations) to
bmax = 0.60D, and with BI wheels, where it is limited to b,,,, = 0.46D

On the other hand. the cross-flow blower has the following four disadvantages:

For most ventilating applications, the geometric configuration is not suitable.

The efficiency is low. The maximum efficiency usually is between 35 and 45
percent.

The structural strength is low: thus thc maximum permissible tip speed is limited.

The manufacturing cost is relatively high due to difficulties in assembly and
balancing.



CHAPTER 14

FLOW COEFFICIENT AND
PRESSURE COEFFICIENT

REVIEW

The fans we have discussed thus far can be divided into three basic groups: axial-
flow fans. centrifugal fans (including axial-centrifugal fans). and cross-flow blowers.
Roof ventilators are not basically different: thev also can be classified as either axial-
flow or centrifugal fans.

TWO METHODS FOR COMPARING
PERFORMANCE

If we want to compare the performance of different types of fans with regard to air
volume, static pressurc, and so on, we can convert their performances to the same
wheel diameter and speed and plot the resulting performance curves in a combined
graph. This is a simple and perfectly acceptable method of comparison. and we have
used this method in several graphs so far in this book.

Another method that is sometimes used for comparing performances of different
fan types is to derive two dimensionless cocificients from the air volume and static
pressurc at the point of maxtmum efficicney and for standard air density, one for
flow and onc for pressure. Greek letters arc used as symbols for these two coeffi-
cients: ¢ for the flow coefficient and y for the pressure coefficient. These two coetfi-
cients preferably should be functions of only four variables: the wheel diameter D in
inches, the fan speed in revolutions per minute, the flow rate in cubic feet per
minute. and the static pressure in inches of water column,

Both these methods are accurate. except for minor deviations due to the size
effect, mentioned on page 5.5.

Pressure Coefficient

The pressure coefficient y can be calculated from the following simple formula:

_ 239x 10 x SP

- 14.1
D xrpm’ (14.1)

Y

This formula actually is a function of only D, speed (rpm). and static pressurc. as
desired. and it can be used for any type of fan.

14.1
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Flow Coefficient

Determination of the flow coefficient ¢ is more complicated. For centrifugal fans, ¢
depends only on D, speed (rpm), and air volume (c¢fm), but for axial-flow fans. ¢
depends also on the hub-tip ratio d/D, and for cross-flow blowers. ¢ depends also on
the blade width b. This means that three different formulas are needed for the three
different fan types. Obviously, this makes the comparison more difficult than in the
simple method of conversion to equal size and speed.

For axial-flow fans, the formula for the flow-coefficient ¢ is

cfm
¢—Km (14.2)

where the constant K depends on the hub-tip ratio d/D. This is shown in Fig. 14.1. As
the hub-tip ratio increases, so does the constant K and the slope of the curve.
For centrifugal fans, the formula for the flow coefficient ¢ is simply

) i i
. — ? S UV
| | |
2,000 ! % ; !
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1,800 . ) /, )
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FIGURE 14.1 Graph showing the constant K versus the hub-tip ratio d/D for axial-
flow fans.
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3 694 x ¢fm

= 14.3
D?*x rpm (14-3)
For cross-flow blowers, the formula for the flow coefficient ¢ is
550
__0xcim (14.4)
D-x b X rpm

where b is the long axial width of the blades.

The coefficients for flow and pressure are a representation of the fan design,
regardless of size and speed. If the performance is converted by the fan laws to a dif-
ferent size and speed, the coefficients ¢ and y will remain the same.

Examples

Let us calculate the flow coefficient ¢ and the pressure coefficient y for some of the
fans we have discussed in previous chapters.

Example 1. We start with Fig. 6.6, showing the performances for three fans a, b,
and c.

(a) Let us first analyze the performance of the lower-pressure 29-in vaneaxial
fan at 1750 rpm with a hub-tip ratio d/D of ().52. At the point of maximum efficiency,
this fan delivers 10,880 cfm at a static pressure of 2.1 inWC. From Fig. 14.1, for d/D
=1().52, we get a constant K of 955. The flow coefficient then will be

10.880
¢ =955 297 % 1750 ~ 0.243

and the pressure coefficient will be

_2.39x 10fx 2.1
T 297 % 17507

=(0.195

(b) The other 29-in vaneaxial fan (for the higher §P) also runs at 1750 rpm, but
the hub-tip ratio is 0.68. At the point of maximum efficiency, it delivers 8600 cfm at
a static pressure of 3.4 inWC. For d/D = (.68. we get a constant K of 1270 and a flow
coefficient of

8600
=1270 ———=—==0.256
¢ 0 29°x 1750 2

The pressure coefficient will be

_2.39x 10°x 34
292 x 175(0P

=(.316

Note that the pressure coefficient for the second fan is larger than that for the
first fan due to the larger static pressure of the second fan. Note also that the flow
coefficient for the second fan is slightly larger than that for the first fan, even though
the air volume for the second fan is smaller. The reason for this is that the larger hub-
tip ratio of the second fan results in a larger constant K. In other words, the flow
coefficient ¢ is not simply a measure of the air volume but is a measure of the axial
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air velocity through the annular area between hub and tip. Thus. for a larger hub-tip
ratio, the annular area becomes smaller, the air velocity becomes larger, and this
tends to make ¢ larger, even if the air volume is somewhat smaller.

(c) Next.we look at the third curve in Fig. 6.6. showing the performance of a 15-
in mixed-flow (axial-centrifugal) fan at 3500 rpm. At the point of maximum effi-
ciency. this fan delivers 3400 cfm at a static pressure of 6 InWC. The flow coefficient

will be

694 x 3400

=15 x3s00 - 2%

and the pressure coefficient will be

_ 239 x 108 x 6
V=5 35008

={.520

Note that the pressure coefficient y of the axial-centrifugal fan is much larger than
that for either of the two vaneaxial fans, even though all three fans have approxi-
mately the same tip speed. This could be expected. since centrifugal fans (even axial-
centrifugal fans) will produce higher static pressures, even at the same tip speed.

Note also that the flow coefficient of the axial-centrifugal fan is somewhat
smaller than that for either of the two vaneaxial fans, but it is not as much smaller as
could be expected in view of the much smaller air volume (only 3400 cfm instead of
8600 or 10,880 cfm). This small. but larger than expected, ¢ for the axial-centrifugal
fan is caused by the much smaller size (only 15 in instead of 29 in). The purpose of
Fig. 6.6 was not to compare fans of equal size and speed but to compare vaneaxial
fans with an axial-centrifugal fan of about equal tip speed.

Example 2. Now we look at Fig. 7.30 showing four static pressure curves for cen-
trifugal fans, all converted to 27-in wheel diameters and running at 1140 or 570 rpm.
Let's select a point on each curve that is close to the maximum efficiency and calcu-
late the flow and pressure coefficients for each of these four points.

(a) The FC fan at 1140 rpm delivers 24,000 cfm at a static pressure of 7.9 inWC.
The flow coefficient will be

694 x 24,000
= rxna -7
and the pressure coefficient will be
2.3 *x7.9
_ 9 x 10" x _1.99

272 x 1140°

(b) The FC fan at 570 rpm delivers 12,000 cfm at a static pressure of 1.98 inWC.
The flow coefficient will be

694 x 12,000
= =0.742
27 x 570
and the pressure coefficient wili be
239 x 10" x 1.98
_ x 107 x 1 ~2.00

277 x 5707
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As mentioned previously, the two coefficients for a fan will remain the same, regard-
less of the speed.

(¢) The Bl fan at 1140 rpm delivers 6000 cfm at a static pressure of 3.9 inWC. The
flow coefficient will be

N 694 x 6000

27 x 1140 0180
and the pressure coefficient will be
239x108x 3.9
= = 0984

277 x 114¢°

Note that for the Bl fan, both coefficients are much smaller than for the FC fan (but,
as mentioned previously, the efficiency is higher for the BI fan).
(d) The RT fan at 1140 rpm delivers 7000 cfm at a static pressure of 4.8 inWC.
The flow coefficient will be
_ 694 x 7000

71140 - 217

and the pressure coefficient will be

B 239 x 10 x 4.8
TO27t % 11407

=1.211

Note that for the RT fan both coefficients are larger than for the BI fan but still far
below those of the FC fan.

Example 3. We now look at Fig. 9.4, showing three static pressure curves, one for
a vaneaxial fan and two for centrifugal fans, all converted to 27 in and 1750 rpm.
Again, we will select a point close to the maximum efficiency on each curve and cal-
culate the flow and pressure coefficients for each of these three points.

(a) The 27-in vaneaxial fan at 1750 rpm delivers 11,500 cfm at a static pressure of
2.56 inWC. With a hub-tip ratio of 0.618, we get a constant K of 1120 and a flow coef-
ficient

_ 1120 x 11,500

71750 - 0374

The pressure coefficient will be

239 x 108 x 2.56
T 27T x 175(°

=0.274

(b) The 27-in axial-centrifugal fan at 1750 rpm delivers 11,000 cfm at a static
pressure of 6.02 inWC. The flow coefficient will be

694 x 11,000
= rrso O
and the pressure coefficient will be
2. 10% x 6.02
_ 39 x 10° x — 0.644

27% x 1750?
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(¢) The 27-in airfoil centrifugal fan at 1750 rpm delivers 11.000 cfm at a static
pressure of 7.4 inWC. The flow coefficient will be

694 x 11,000

1750 - 22

and the pressure coefficient will be

2.39x10°x 74

T

Example 4. We now look at Fig. 13.4, showing two sets of performance curves, one
for a 3-in FC centrifugal fan and one for a 3-in cross-flow blower, both running at
3500 rpm. The FC fan has a blade width of 1.8 in, and the cross-flow blower has a
considerably larger blade width of 11 in

{(a) At the point of maximum efficiency, the FC fan delivers 94 cfm at a static
pressure of .90 inWC. The flow coefficient will be

694 x 94

=——=0.690
3 % 3500

¢

and the pressure coefficient will be

239 % 10F x 0.90

s Pl

(b) At the point of maximum efficiency, the cross-flow blower delivers 240 cfm
at a static pressure of .69 inWC. The flow coefficient will be

550 x 240

= =03
¢ 3T x 11 x 3500 0.381

and the pressure coefficient will be

239 % 10° x 0.69

V=T nase Y

Note that the two coefficients for the FC fan are close to the ones we obtained for
the FC fans in Example 2. Note also that the pressure coefficient for the cross-flow
blower is slightly lower than that for the FC fan. The flow coefficient for the cross-
flow blower is smaller than that for the FC fan, despite the much larger blade width
because, as mentioned previously. the air volume per inch of blade width is smalier
for the cross-flow blower.

COMPARISON OF COEFFICIENTS FOR VARIOUS
FAN TYPES

Table 14.1 shows a comparison of the various coefficients we obtained in the pre-
ceding examples. Note that the largest coefficients are obtained with FC fans (at the
expense of lower efficiency). The lowest pressure coefficients are for vaneaxial fans
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TABLE 14.1 Comparison of Flow and Pressure Coefficients
for Various Types of Fans

Blade Flow Pressure
Example Type Hub-tip  width coefficient coefficient
no. of fan ratio (in) ) v
la VAF 0.52 0.243 0.195
b VAF 0.68 0.256 0.316
lc Axial-centrifugal 0.200 0.520
2a FC centrifugal 0.742 1.99
2b FC centrifugal 0.742 2.00
2c BI centrifugal 0.186 0.984
2d RT centrifugal 0.217 1.211
3a VAF 0.62 0.374 0.274
3b Axial-centrifugal 0.222 0.644
3c Airfoil centrifugal 0.222 0.792
4a FC centrifugal 0.690 1.95
4b Cross-flow 11 0.381 1.50

{which have high efficiencies). The cross-flow blower has the second highest pres-
sure coefficient and the RT centrifugal is third.

PLOTTING vy VERSUS ¢ INSTEAD OF STATIC
PRESSURE VERSUS AIR VOLUME

Review

Table 14.1 listed the coefficients ¢ and y that we obtained at the point of maximum
efficiency for various types of fans, such as vaneaxial fans, centrifugal fans (BI, RT,
FC). axial-centrifugal fans, and cross-flow blowers. By comparing the values of these
coefficients, we can judge the relative potentials of these fan types regarding air vol-
ume and static pressure. (Going one step further, we can get an even better insight if
we calculate ¢ and y not only for the point of maximum efficiency but also for a
number of points on the performance curves and then plot y versus ¢ instead of
static pressure versus air volume. This has been done in Fig. 14.2, which was derived
from Fig. 6.6.

Comparison of the Two Graphs

In comparing the two graphs of Figs. 6.6 and 14.2, we find some similarities and some
dissimilarities between them. Let’s analyze them in detail. As in Table 14.1, we will
call the 52 percent vaneaxial fan fan la, the 68 percent vaneaxial fan fan 1b, and the
axial-centrifugal (mixed-flow) fan fun Ic. Here are two similarities:

1. The three fans have maximum pressure coefficients that are almost in proportion
to the maximum pressures.
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FIGURE 14.2 Pressure coefficient y versus flow coefficient ¢ for the three fans of Fig. 6.6.

The shapes of the pressure-coefficient curves are quite similar to the shapes of
the pressure curves.

Here are four dissimilarities:

While the air volumes at free delivery are spread out over a wide range, the flow
coefficients at free delivery are close to each other.

The air volumes at free delivery follow the sequence ¢, b, and a (mixed-flow fan
smallest. 68 percent VAF in the middle. 52 percent VAF largest). For the flow
coefficients. however. the sequence is a, ¢, and b (52 percent VAF smallest. mixed-
flow fan in the middle. 68 percent VAF largest).

For the two vaneaxial fans. the two pressure curves intersect in their operating
ranges, but the two pressurc-coefficient curves do not intersect in the operating
range. The 68 percent vancaxial fan has larger ¢ values than the 52 percent
vaneaxial fan in the entire operating range. and even quite a bit beyond, due to
the fact that the ¢ values are a measure of the axial air velocity through the annu-
lar area, as mentioned previously.
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4. The pressure curve of the mixed-flow fan intersects both vaneaxial fans in the
stalling range, but the pressure-coefficient curve of the mixed-flow fan intersects
the 68 percent VAF in the operating range; it intersects the 52 percent VAF
nowhere, since it is above it over the entire range.

Summary

Plotting static pressure versus air volume provides the performance for a specific fan
design at a certain size and speed. Plotting y versus ¢ is more general. It provides the
performance for a line of fans of a specific design. In other words, as long as the dif-
ferent sizes of a line are in geometric proportion, the graph of y versus ¢ will apply
to all sizes of the line (with some minor inaccuracies due to the size effect).

[f a graph of y versus ¢, such as shown in Fig. 14.2, is given for the line, we can
derive the performance for any size and speed simply by solving Egs. (14.1) through
(14.4) for air volume or static pressure and inserting the desired values for D and
speed for a number of points. These equations then will become

D?x rpm? x y

P = 30X 10° (14.1a)
3
of = 2 XTPM X 6 (14.2a)
K

D’xrpmx¢

cfm = 694 (14.3a)
2

cfm = D xbxrpmx¢ (14.4a)

550






CHAPTER 15
VORTEX BLOWERS

REVIEW

Chapter 3 presented some short descriptions of the different types of fans. Chapter
13 pointed out that among the different types of fans, there are two special types that
cannot handle the large air volumes needed in large ventilating systems but which
are good solutions for certain special applications. These two special types are the
cross-flow blower and the vortex blower. The cross-flow blower was discussed in
detail in Chap. 13. The vortex blower will be discussed in this chapter.

FLOW PATTERN AND APPEARANCE

In the vortex blower, as illustrated in Fig. 3.30, the air enters through an inlet pipe
and leaves about 330° later through an outlet pipe, with a separator baffle between
inlet and outlet to prevent a short circuit. During these 330°, the air circles around
in a torus-shaped space. On one side of the torus are the rotating fan blades. throw-
ing the air outward, as is normally done in a centrifugal fan. The other side of the
torus guides the airflow back inward so that it must reenter at the leading edges of
the rotating blades. In this way, the air passes through the rotating fan blade sec-
tion 8 to 16 times for each revolution. As a result, the pressure produced is very
high, as if it were a multistage centrifugal fan, but the unit is considerably more
compact than a multistage centrifugal fan. This. of course, is a great advantage in
many applications.

The disadvantage of the vortex blower is its low efficiency (about 30 percent
maximum), caused by much turbulence as the airflow rotates in the torus. Because
of the low efficiency, a large motor horsepower is required. The vortex blower,
therefore. is used in applications where compactness is more important than fan
efficiency.

PRINCIPAL DIMENSIONS
OF THE VORTEX BLOWER

The ratio of the torus diameter to the wheel diameter usually is between 0.22 and
0.30. The inlet and outlet pipes have an inside diameter about one-half the torus
diameter. The number of blades can be from 18 to 42, depending on the shape of the
blades. Some designs use axial-radial blades: this requires many blades. The blades,
however, can be tilted (as in an axial-flow fan) to deflect the air toward the other
side of the torus; this will be more expensive in production. but the number of blades
then can be reduced.

161
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PERFORMANCE OF THE VORTEX BLOWER

Figure 15.1 shows the performance of a typical vortex blower. Note the following
four features: low air volume, high static pressure. nonoverloading BHP curve, and
low mechanical etficiency.
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FIGURE 15.1 Performance curves for a typical vortex blower, 11-in wheel diameter. 3500 rpm.

In view of the high static pressure. it would be interesting to compare this perfor-

mance with that of another high-pressure fan. Thus we select the four-stage turbo
blower of Fig. 7.42 and convert its performance curves to 11-in wheel diameter and
3500 rpm, the same as for the vortex blower. This comparison is shown in Fig. 15.2.
In order to get it on a graph, we had to compress the air volume scale. This compar-
ison indicates the following:

1.

2

The vortex blower delivers less air volume but produces a higher static pressure
than a four-stage turbo blower of equal wheel diameter and speed.

The vortex blower will only need a 1-hp, 3500-rpm motor, while the four-stage
turbo blower will require at least a 2-hp, 3500-rpm motor due to the much larger
air volume and an overloading BHP curve.

The vortex blower has a maximum efficiency of 30 percent, compared with 52
percent for the four-stage turbo blower.

The vortex blower obviously will be more compact than the four-stage turbo
blower.
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FIGURE 15.2 Comparison of performance curves for two fans, 11-in wheel diameter, 3500 rpm
(solid lines: vortex blower of Fig. 15.2: dashes: four-stage turbo blower of Fig. 7.42 converted to 11-
in wheel diameter and 3500 rpm).

These are our observations in comparing the vortex blower with a turbo blower.
We should mention, however, that the vortex blower is sometimes compared with
positive-displacement compressors, such as reciprocating pistons, rotary vanes,
lobed rotors, and screw types. In such comparisons, the vortex blower delivers more
air volume, produces less static pressure, and consumes less BHP. You might say that
the performance of the vortex blower is between that of the multistage turbo blower
and that of the positive-displacement compressor.

Please note that both Figs. 15.1 and 15.2 show the performance for blowing, i.e.,
with all the resistance on the outlet side. For exhausting, the negative suction pres-
sure will be somewhat lower, in accordance with Eq. (7.19) and Fig. 7.46. For exam-
ple. the maximum static pressure of 54 inWC for the vortex blower will become 47.7
inWC for suction.

NOISE LEVEL OF THE VORTEX BLOWER

Due to the excessive turbulence, the vortex blower produces a high noise level,
which, however, is somewhat reduced by sound-attenuating sleeves at the inlet and
outlet. In addition to these internal mufflers that are part of the unit, some external
mufflers are sometimes used when extraquict operation is desired.
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APPLICATIONS OF THE VORTEX BLOWER

. Here are some typical applications for the vortex fan, some for blowing and some for
exhausting:

Aeration and agitation of fluids in tanks
Waste-water treatment

Pneumatic conveying

Sand blasting

Dust collection

Chemical processing

Vacuum hold-down

High-velocity air knives

Combustion air
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VARIOUS METHODS
TO DRIVE A FAN

PRIME MOVERS

There are four types of prime movers for driving a fan:

1. Electric motors (the most commonly used)
2. Engines (see Fig. 7.41)

3. Turbines (compressed air or steam)

4, Compressed-air jets (see Fig. 4.61)

TYPES OF MOTOR DRIVES

There are three ways that can be used for an electric motor to drive a fan:

1. Belt drive
2. Direct drive
3. Geardrive

Here are the pros and cons of these three methods:

1. Belt drive is prevalent in large sizes. for two reasons:
a. Flexibility: Any speed can be obtained (while direct drive is confined to a few
speeds, such as 3450, 1740, 1150, and 860 rpm).
b. Expensive low-speed motors are avoided.
2, Direct drive is prevalent in small sizes, for four reasons:
a. Small sizes normally run at higher speeds, so there is no need for expensive
low-speed motors.
b. Direct drive results in lower cost, since no extra shafts, bearings, bearing sup-
ports, and sheaves are needed.
c. Direct drive results in somewhat better fan efficiencies, since belt losses are
avoided.
d. Direct drive requires minimum maintenance.
3. Geardrive is used for very high fan speeds that would result in excessive belt slip
and belt losses.

TYPES OF ELECTRIC MOTORS
USED TO DRIVE FANS

There are seven types of electric motors used to drive fans. The first two types are for
three-phase power: the other five types are for single-phase power.

16.1
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1.

SUMMARY

Three-phase squirrel-cage motors are used most of the time whenever the fan
requires 1 hp or more. These are the most frequently used fan motors. They have
the advantages of high efficiency and low cost. Sometimes they are built as two-
speed motors. The second speed requires a separate winding. It can be 50 or 67
percent of the top speed.

Three-phase wound-rotor motors are somctimes used for adjustable-speed
arrangements, but they are more expensive.

Single-phase. split-phase induction motors, with an auxiliary winding for starting
only, are used for requirements up to ¥2 hp. They are somewhat less efficient but
the best we can get for single-phase power. They have the disadvantage of a high
starting current.

Single-phase, permanent-split-capacitor motors are used for requirements up to
4 hp. They use a capacitor instead of the auxiliary winding to start the motor.
They are less efficient but have the advantage of a low starting current. They are
often used for direct drive.

Single-phase, capacitor-start and capacitor-run motors are used for requirements
up to ¥ hp. They have an auxiliary winding with a capacitor in series, resulting in
a high starting torque for heavy wheels.

Single-phase, shaded-pole motors are used for small fans up to % hp. They have
the advantage of low cost but the disadvantages of low efficiency (about 30 per-
cent) and of high slip, resulting in a high starting current. At full load, they run at
1550 rpm (instead of 1740 rpm) and at 1040 rpm (instead of 1150 rpm).

Single-phase universal motors are used for requirements up to 1 hp, for vacuum
cleaners and other high-speed applications. They have the advantage of high
speed with direct drive but the disadvantages of slightly lower efficiencies and of
commutator brushes that have to be adjusted and replaced at times.

Single-phase, inside-out induction motors are different in that the rotating part is
on the outside instead of on the inside. These motors occasionally are used in pro-
peller fans and in axial-centrifugal fans.

Summarizing, we can say

1.
2.
3.

4.

Most large fans have belt drive from three-phase electric motors.
Most small fans have direct drive from single-phase electric motors.

Mul_tistage turbo blowers sometimes have belt drive from electric motors or from
engines.

Single-stage turbo blowers, running at very high speeds, have gear drive from
electric motors.
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FANLESS AIR MOVERS

PRINCIPLE OF OPERATION

In Chap. 1 we discussed Bernoulli's theorem, which in its simplest form says: When
the velocity of a fluid (such as water or air} increases (as in a converging cone), the
static pressure will decrease. A well-known application of this phenomenon is in the
water-stream air pump, as shown in Fig. 17.1. Here, a stream of water passes through
the converging end of a pipe and lcaves it at an accelerated velocity. thereby creat-
ing a negative static pressure nearby, i.e.. a pressure smaller than atmospheric pres-
sure. This in turn draws in some air through an inlet pipe.
The same principle is used in the fan-
Water less air mover. as shown in Figs. 17.2 and
e 17.3. Here, compressed air takes the
place of the water. It first enters an annu-
lar chamber on the outside of a nozzle
that is venturi-shaped on the inside. The
compressed air then penetrates into the
inside of the nozzle through 12 small
holes, producing 12 high-velocity jets
that create a negative static pressure
inside the nozzle. This in turn induces the
main air stream from the inlet side of the
nozzle. A long outlet diffuser improves
the flow by gradually slowing down the
discharge velocity of the combined air-
flow consisting of a mixture of com-
pressed air and induced air.

The compressed-air jets penetrate
the inside of the nozzle at an angle of
FIGURE 17.1 Schematic skeich of a water.  200UL 25° 10 the axis. The diameters of
stream air pump drawing in some air through the  th€ jet holes vary from about ¥ie in (fora
inlet pipe. 3-in i.d. nozzle) to about Y in (for a 9-in

i.d. nozzle). The volume of the induced
air is 30 to 40 times the volume of the compressed air. This is called the induction
ratio. This ratio can be compared to a fan efficiency. but it is not an efficiency in per-
centage: it is a volume ratio.

PERFORMANCE

The fanless air mover can be tested like a fan. and it performs like a fan. The air vol-
ume delivered gradually decreases as the static pressure increases. Figure 17.4 shows
the performance of a 6-in air mover at 80 Ib/in® of compressed-air pressure. It is
interesting to note the considerable static pressure developed by the unit.
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FIGURE 17.2 Fanless air mover with 8-in i.d. inlet
nozzle and long outlet diffuser. (Courtesy of Texas
Pneumatic Tools, Inc., Reagan, Texas.)

FIGURE 173 Schematic sketch of a typical fanless air mover showing the compressed-air
chamber and the angular jet holes, (Courtesy of Texas Pneumatic Tools, Inc., Reagan, Texas.)
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FIGURE 174 Performance of a typical 6-in fanless air mover.



CHAPTER 18

PERFORMANCE TESTING
OF FANS

The performance of a fan can be presented in a curve sheet in which all or some of
the following seven variables are plotted against air volume (cfm): static pressure SP
total pressurc TP, brake horsepower bhp. motor input (kW). mechanical efficiency
ME, static efficiency SE, and sound level (dB). The size and speed of the fan usually
arc noted on top. Many such curve sheets were already shown.

These performance curves may be the result of tests (performed in a laboratory)
or they may be predicted performance curves. derived from test performance curves
on some more or less similar fan units. The laboratory tests should be run in accor-
dance with a test code. Such test codes have been published by two American soci-
eties (as well as by some foreign organizations). One test code has been published
jointly by the American Society of Mechanical Engineers (ASME) and by the
American National Standards Institute (ANSI). This code covers primarily the test-
ing of high-pressure units. sometimes referred to as hlowers and compressors. The
other test code has been published jointly by Air Movement and Control Associa-
tion (AMCA) and American Society of Heating, Refrigeration and Air Condition-
ing Engineers (ASHRAE). It is known as the AMCA Test Code and is accepted and
used by most American fan manufacturers.

DESCRIPTION OF THE AMCA TEST CODE

The AMCA Test Code, publication AMCA 210-85, is a 60-page booklet. entitled
Laboratory Methods of Testing Fans for Rating. The booklet starts with definitions,
symbols, units of measurement, description of instruments, methods, and setups, cal-
culations and formulas, tables and charts for air density and other quantities,
sketches of pitot tubes and pitot tube traverses. and dimensions of straighteners,
transformation picces. and nozzles for air volume measurement.

Next. the booklet shows schematic drawings of 10 different setups for testing
fans: on outlet ducts. on inlet ducts, on outlet chambers. on inlet chambers, and on
some combinations of ducts and chambers. This probably is the most important part
of the AMCA Test Code, since it describes the various sctups for testing a fan.

Also given are a sample graph showing typical fan performance curves and some
appendices about metric units. derivations. fan laws. uncertainties, and references.

VARIOUS LABORATORY TEST SETUPS

This section will reproduce and discuss four of the ten test setups shown in the
AMCA Test Code. Figure 18.1 shows the setup with an outlet duct, i.e.. of a fan blow-
ing into a round duct: Figure 18.1a shows the setup with an inlet duct; Figure 18.2b
shows the setup with an outlet chamber: and Figure 18.3 shows the setup with an

18.1
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2. Dotted lines on the outlet indicate a diffuser cone which may be used to approach more
nearly free delivery.

FIGURE 18.1 Outlet duct sctup per AMCA showing test fan blowing into transformation piece
and into test duct with flow straightener. pitot tube traverse, manometers reading static pressure and
velocity pressure, thermometer, and throttling device. Note the optional inlet bell (or equivalent
short inlet duct) and optional outlet diffuser.

inlet chamber. Outlet ducts and outlet chambers are preferable for testing fans used
primarily for blowing. such as forced-draft centrifugal fans or supply roof ventila-
tors. Inlet ducts and inlet chambers will be used for testing exhaust fans, such as
exhaust roof ventilators, induced-draft centrifugal fans. and most tubeaxial fans. Test
ducts can be used when the test fan will produce sufficient pressure to overcome the
friction of the test duct. as will be discussed in detail later.

Test chambers are needed for testing low-pressure fans, such as propeller fans.
Figure 18.4 is a photograph of an inlet duct with a centrifugal roof ventilator
exhausting from it. If this were an axial roof ventilator, it would not produce suffi-
cient static pressurc to overcome the friction of the test duct. It would have to be
tested on an inlet chamber where a booster fan is provided to overcome the the fric-
tion of the screens and nozzles.
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1. Dotted lines on inlet indicate an inlet bell which may be used to approach more nearly free

delivery.

2. Dotted lines on fan outlet indicate a uniform duet 2 to 3 equivalent diameters long and of an
area within = 0.6% of the fan outlet area and a shape to fit the fan outlet. This may be used
to simulate an outlet duct. The outlet duct friction shall not be considered.

FIGURE 18.1a Inlct duct setup per AMCA showing test fan exhausting from test duct with throt-
tling device. flow straightener, pitot tube traverse, manometers reading velocity pressure and negative
static pressure, thermometer, and transformation piece. Note the short outlet duct for static recovery.

ACCESSORIES USED WITH OUTLET OR INLET
TEST DUCTS

Figure 1.4 showed a photograph of an outlet test duct with two supports for pitot
tube traverses and an orifice ring at the outlet end of the test duct. If this were an
inlet test duct, the orifice ring would be fastened to the inlet end of the duct. A set of
about 12 such orifice rings (with different inside diameters) can be used as a throt-
tling device to vary the air volume and static pressure of the test fan and to produce
different test points on the performance curves.

Another throttling device sometimes used is a conical structure that can be
moved axially to and from the end of the test duct, thereby varying the size of the
duct outlet opening for the air stream to pass through. The advantage of the conical
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2. Dotted lines on fan outlet indicate a uniform duct 2 to 3 equivalent diameters long and of an
area within = 0.6% of the fan outlet area and a shape to fit the fan outlet. This may be used
te simulate an outlet duct. The outlet duct friction shall not be considered.

8. The fan may be tested without outlet duct in which case it shall be mounted on the end of
the chamber,

4. Variable exhaust system may be an auxiliary fan or a throttling device.

b. The distance from the exit face of the largest nozzle to the downstream settling means shall
be 8 minimum of 2.5 throat diameters of the largest nozzle.

6. Dimension J shall be at least 1.0 times the fan equivalent diacharge diameter for fans with
axis of rotation perpendicular to the discharge flow and at least 2.0 times the fan equivalent
discharge diameter for fans with axis of rotation parallel to the discharge flow.

7. Temperature ¢,, may be considered equal to t,.

FIGURE 18.2  Outlet chamber setup per AMCA showing test fan blowing into short duct (for static
recovery) and into nozzle chamber with manometer (reading static pressure). settling means. ther-
mometer. partition carrying multiple nozzles, manometers reading static pressure and pressure drop
across the nozzles. settling means. transition cone. and booster fan exhausting from the chamber. Note
the optional inlet bell (or equivalent short inlet duct).

structure is that it provides an infinite number of throttling positions. The advantage
of the orifice rings is that each of the 12 throttling positions is easily reproducible for
checking the test data for a test point.

Figure 18.1 shows an axial fan blowing into a test duct, but it also could be a cen-
trifugal fan. The air stream leaving the fan outlet first passes through a transition
cone (in the case of an axial fan) or through a transformation piece from rectangular
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1. Daotted lines on fan inlet indicate an inlet bell and one equivalent duct diameter which may be used
for inlet duct simulation, The ducet friction shall not be considered.

2. Dotted linea on fan outlet indicate a uniform duct 2 to 8 equivalent diameters long and of an
area within = 0.5% of the fan outlet area and a shape to fit the fan outlet. This may be used
to simulate an outlet duct. The outlet duct friction shall not be conaidered.

3. Variable supply system may be an auxiliary fan or throttling device.

4. The distance from the exit face of the largest nozzle to the downstream settling means shall
be a minimum of 2.5 throat diameters of the largest nozzle.

FIGURE 18.3 Inlet chamber setup per AMCA showing test fan exhausting from nozzle chamber
with booster fan. short connecting duct, thermometer, settling means, partition carrying multiple noz-
zles, manometers rcading pressure drop across the nozzles and static pressure (positive near free
delivery, negative near no delivery), scttling means, thermometer, and pitot tube with manometer
reading negative static pressure. Note the optional inlet bell (or equivalent short inlet duct} and
optional short outlet duct for static recovery.

to round (in the case of a centrifugal fan) leading to a round duct. The duct area must
be within plus or minus 5 percent of the fan outlet area. The test duct must be at least
10 diameters long. The transition cone or the transformation piece must have small
angles with the duct axis: 7.5° will be the maximum for converging elements and 3.5°
for diverging elements, as indicated in Fig. 18.5.

A number of pitot tube traverses are made to determine the air volume at each
test point. These traverses are made at a location in the test duct where the turbu-
lence of the fan outlet or of the duct inlet has been smoothed out somewhat, after
the air streamn has passed through 8 diameters of ducting and through a flow
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FIGURE 184 Inlet duct setup per AMCA showing a centrifugal roof ventila-
tor exhausting from the duct plus a transition cone and also showing two sup-
ports for pitot tube traverscs.

siraightener, sometimes called an egg-crate straightener. Figure 18.6 shows the
dimensions of the flow straightener.

Figure 18.7 shows the radial locations of the traverse points. You will notice that
3 traverses are made for each test point, with 8 points for each traverse, for a total of
24 traverse points, It might be interesting to look also at Fig. 18.8, which shows the
iocation of the traverse points in accordance with a 1952 7est Code, which was pub-
lished by the National Association of Fan Manufacturers (NAFM), the predecessor
of AMCA. You will notice that the older test code specified only 2 traverses of 10
points each for a total of 20 traverse points. These traverse points represented five
areas (one circle and four annular areas) of equal area.

For each traverse point, the static pressure and the velocity pressure are mea-
sured. The static pressures are almost constant across the duct, but the velocity pres-
sures and the velocities vary in a parabolic shape, as was shown in Fig. 1.3. Since the
velocities are proportional to the square roots of the velocity pressures (see Eq. 1.3),
these square roots of the velocity pressures are averaged and then squared back to
obtain the velocity pressure corresponding to the average velocity.

INSTRUMENTS

The following instruments are used in running a fan test:

1. A barometer is required, since the barometric pressure is needed to calculate
the air density. Mercury barometers will give the most accurate readings but have to
be corrected for temperature. Aneroid barometers are less accurate and less expen-
sive. They have an adjustment for calibration for altitude.

2. A psychrometer, consisting of two thermometers, is used to measure the ambi-
ent dry-bulb and wet-bulb temperatures. The wet-bulb thermometer has a wet wick
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\ DUCT

over the mercury end. An air stream passing over the wet wick results in some water
evaporation, which lowers the temperature. This air stream can be provided by a small

scparate fan or by spinning the thermometers around as in a sling psychrometer.

3. Some dry-bulb thermometers are used to measure the air temperature at var-

ious locations.

4. A tachometer or a strobotac is used to measure the fan speed. On very small
motor horsepowers. a tachometer will slow down the motor; thus a strobotac is
preferable. A strobotac. however, has to be calibrated carefully each time in order to

give accurate rcadings.
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0.117 D
60° = 1° | 00210/(/‘”3”’
0. 345 D
ALL PITOT POSITIONS
= 0.0026 D RELATIVE TO 1')
INSIDE DUCT WALLS. |
!
|

D iS THE AVERAGE OF FOUR MEASUREMENTS AT TRAVERSE PLANE AT 46°
ANGLES MEASURED TO ACCURACY OF 0.2% D. TRAVERSE. DUCT SHALL BE ROUND
WITHIN 0.6% D AT TRAVERSE PLANE AND FOR A DISTANCE OF 0.5 D ON EITHER
SIDE OF TRAVERSE PLANE.

FIGURE 18,7 Traverse points in a round duct per AMCA| 19835,

5. A pitot tube, as shown in Fig. 18.9.is pointed into the airflow. It has two outlets
to measure the total pressure and the static pressure at any point in the air stream.
The velocity pressure, being the difference between total pressure and static pres-
sure, can be read directly on a manometer, with one side connected to the total-
pressure outlet and the other side connected to the static-pressure outlet of the pitot
tube. In other words, the manometer does the subtracting.

6. Two manometers are nceded for a duct test. One manometer is connected to
measure the velocity pressure, as menttoned in item 5 and as also pictured in Figs.
18.1 and 18.2. The other manometer is
connected to measure the static pres-
sure, which is positive in an outlet duct
but negative in an inlet duct. In a cham-
ber test. one manometer measures the
static pressure (positive in an outlet
chamber. negative in an inlet chamber).
and the other manometer measures the
pressure drop across the nozzles. For
measuring small pressures up to 3 or 4
inWC. the manometers usually are
inclined for greater accuracy. These
manometers are sometimes called draft
gauges, a term originating from the draft
of a chimney stack. For larger pressures,
up to 6 or 8 inWC, a vertical tube is ade-
quate. For even higher pressures. verti-
cal manometers are used, often filled
with so-called heavy liquids or even with
mercury, having a density 13.6 times that
FIGURE 188 Traverse points in a duct per  Of water. Figure 18.10a shows a sctup for
NAFM. 19Y52. testing a small, direct-connected cen-
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/
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0.474 0.487 1.730 0.266
i 0.622 0.477 1.762 0.250
0.741 0.468 || 1.796 0.231

0.936 0.449 1.830 0.211
1.026 0.436 1.858 0.192
1.134 0.420 1.876 0.176
1.228 0.404 1.888 0.163

0.2 D DiA.

1.313 0.388 1.900 0.147
1.390 0.371 1.910 0.131
1.442 0.367 1.918 0.118
1.606 0.343 1.920 0.109
1.538 0.333 1.921 0.100
1.570 0.323

ALTERNATE PITOT-STATIC TUBE WITH ELLIPSOIDAL HEAD
FIGURE 18.9 Pitot-static tubes.

trifugal fan blowing into an outlet duct 10 diameters long. The figure also shows two
pitot tube supports (in the background). two draft gauges with rubber tubes for con-
nection with the pitot tube, an ancroid barometer. a strobotac. an industrial analyzer,
and a variable rheostat. Figure 18.10h shows a sctup for testing a small FC centrifu-
gal fan with belt drive for cooling a projector lamp. It is tested with an inlet duct 10
diamcters long. The figure also shows the pitot tube, two draft gauges (one of them
an inclined-vertical combination). and a strobotac. Note that the suction end of the
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Pilot tube support  Draft gauges Aneroid barometer

Test duct

Strobotac

2 ~ Electric motor
B — Test fan

Variable rheostat Industrial analyzer

FIGURE 1810a Small centrifugal fan blowing into an outlet test duct.

FIGURE 18100 Small FC centrifugal fan exhausting from an inlet test duct.

static pressure gauge is used because the static pressure in the inlet duct will be neg-
ative. A strobotac is needed for measuring the fan speed because a tachometer
would consume too much power and would slow down the small motor.

7. A micromanometer or hook gauge is used for calibrating the manometers and
draft gauges. A typical hook gauge is shown in Fig. 18.11, taken from the old NAFM
test code. A micromanometer is similar, only larger, for higher pressures. Either one
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is connected in parallel with the manometer to be calibrated so that the same pres-
sure can be applied to both instruments. The hook gauge and the micromanometer
are very accurate, due to the wide cylinders and the threaded-screw arrangement
with the vernier scales, as shown in Fig. 18.11. Figure 18.12 shows several draft
gauges connected in parallel with a hook gauge for calibration.

=
T F.AH‘-) r-r VERWIED
:;A’ !: ?
i ‘~ |
I
| L 1 II
i ]
™
T " e ,r" I. MAMOMETER
[
pREssuRe TAP H— ] s Ir — % MPE PLUG WITH To FIT 800
I
S b 8
i (1] !
. SLASS 1 dLA'ln I
STATIONARY r{“"‘ Bl T EvLNDeR | |
grumpes ~ 7| 10 H— T8 crimpes Ane
! e e ||| CoMSTARC
W
H A
i nl .
pELLOWS — f1
l.\ — ‘410 = M.0.0,
\ HEAVY TUBIMG
LEVELING ™ ELUMEG-BOD
oEEwS Tt~
B - NSl
w L T

FIGURE 1811 Typical hook gauge per NAFM, 1952.

FIGURE 18.12 Draft gauges and hook gauge connected in
parallel {or calibration.
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8. Some electrical instruments are needed for measuring volts, amps, and watts.
These can be separate instruments, as shown in Fig. 18.13, or they can be combined
in an industrial analyzer, as shown in Fig. 18.10a, containing voltmeter, ampmeter,
kilowatt meter, and power factor meter. The analyzer can be used for single-phase or
three-phase motors. To calculate the brake horsepower for each test point, a cali-
brated motor is needed, with a calibration curve showing motor efficiency versus
kilowatt input. The brake horsepower then can be calculated according to Eq. {1.9a).
Most fans over 1 hp are driven by three-phase motors.

FIGURE 1813 Mobile tabie containing clectrical instruments and water
barrel for variable tesistance due to steel plates partly immersed inio the
water.

9. Another method for determining the brake horsepower is by means of an
electric dynamometer, as is often used for testing centrifugal fans. An electric
dynamometer is somewhat similar to an electric motar, having stationary field wind-
ings on the outside and rotating armature windings on the inside. The electric
dynamometer also has an armature assembly on the inside, rotating with the shaft
and carrying the fan wheel. In other words, the dynamometer not only measures the
brake horsepower, but it is also the prime mover, driving the fan wheel. The field on
the outside of the dynamometer, however, has separate bearings and tries to turn,
too, under the influence of the rotating armature assembly. However, a radial rod
attached to the outside keeps it from turning, since the end of the rod pushes against
a scale that measures the restraining force F in pounds With the radius R (from the
shaft center to the touch point on the scale), the brake horsepower of the fan can be
calculated as

Fx Rxrpm
= — 18!1
bhp =3 w5 (18.1)

where F'is in pounds and R 1s in inches,
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10. Still another method for determining the brake horsepower is by means of a
torquemeter, as shown in Figs. 18.14 and 18.15. This is a complicated and expensive
instrument containing some strain gauges, electric and electronic components, and
various digital displays The torquemeter is placed between the electric motor and
the fan wheel and therefore is subject to torsion. For good alignment, flexible cou-
plings or universal joints are placed on each side of the torquemeter, plus self.
aligning bearings, to prevent overheating and damage of the torquemeter.
Calibration before each use takes one-half hour or more. The torquemeter has digi-
tal displays of torque, speed, and brake horsepower on pushing various buttons. No
caiculations are needed, but extreme caution in the assembly setup is required.

FIGURE 18.14 Torquemeter placed between the
electric motor and the iest fan, with bearings and flexi-
ble couplings on each side. (Courtesy of FloAire, Inc.,
Bensalem, Pa.)

11. Sound level. Let’s look again at Fig. 4.39 showing the performance of a
vaneaxial fan with four curves (static pressure, brake horsepower, mechanical effi-
ciency, and sound level) plotted against air volume (cfm). We know by now that the
air volume is important for proper ventilation, that the static pressure is important
to overcome the resistance of the duct system, that the brake horsepower is impor-
tant for the proper motor load, and that the mechanical efficiency is important to
keep the brake horsepower and the operating cost down. Just as important for the
comfort of the occupants, however, is the sound level produced by the fan. Sound is
measured in decibels. It can vary from 40 dB for an almost noiseless condition to 70
dB for a still comfortable condition to 100 dB for an uncomfortable condition. Any
.noise above 110 dB is dangerous for the hearing system and requires ear protection.

The preceding decibel figures may be misleading because they give the impres-
sion that there is not too much difference in noise between, say, 70 and 100 dB. Actu-
ally, there is a considerable difference in the sound power. The decibel system tends
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FIGURE 18.15 Torquemeter connected to inlet of a roof
ventilator, Note the long shaft extension to ensure an
unobstructed airflow into the fan housing. (Courtesy of
FloAire, Inc, Bensalem, Pa.)

to reduce the apparent difference because decibels are the logarithm of the power
ratio and thereby reduce the spacing between sound powers.

The decibels at a certain place are measured with a microphone located at that
place connected to a sound level meter, as shown in Figs. 18,16 and 18.17. This is an
electronic instrument reading directly in decibels. The AMCA has published sev-
eral booklets explaining the methods for measuring sound, among them AMCA-

FIGURE 18.16 Microphone and sound level meter measuring the deci-
bels at a certain distance from a vaneaxial fan with an oversize venturi
inlet.
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FIGURE 1817 Acceptance test for customers checking sound level of
a vaneaxial fan. Note tarpaulins vsed for reducing sound reverberation.

300-94, entitled Reverberani-Room Method for Sound Testing of Fans, and AMCA.-
301-90, entitled Methods for Calculating Fan Sound Ratings from Laboratory Test
Data.

Two properties of sound should be pointed out here:

1. Sound levels normally diminish with increasing distance from the sound source.
This, of course, is obvious for wide-open spaces. In a small, enclosed space, how-
ever, this decrease in sound may be small or even nonexistent, especially if the
surfaces of the walls, ceiling, and floor are reverberant.

2. The distribution of the total sound power over various frequencies often is
uneven. For example, a whistle will have high frequencies, while thunder will
have predominantly low frequencies. Or a vaneaxial fan running at a high speed
will produce a musical note of higher frequency in the operating range than in the
stalling range, where a low-frequency rumbling noise will predominate.

Figure 18.18 is a photograph showing the inlet side of a test fan blowing into an
outlet chamber with a short rectangular duct between the outlet of the test fan and
the inlet of the chamber for static recovery. Figure 18.19 is a photograph showing the
same test fan from the drive side with a view of the torquemeter for measuring the
brake horsepower. Figures 18.20 and 18.21 are inside views of the chamber, one
showing the nozzle inlets and one showing the nozzle outlets. Figure 18.22 shows a
small, portable nozzle chamber for measuring from 1 to 600 cfm. It can be used as an
outlet chamber or as an inlet chamber. Figure 18.23 shows an inlet chamber with a
roof ventilator exhausting from it. Note the booster fans on the inlet side of the
chamber. Figure 18.24 shows a view of a fan test laboratory with several test ducts
and a test chamber in the background.

From all these figures it is obvious that a test chamber is a more elaborate setup
that is more expensive than a test duct. Nevertheless, the decision on which of the 10
AMCA test setups (ducts and chambers) should be built will depend on various con-
siderations that now will be discussed.
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FIGURE 18,18 Airfoil centrifugal fan, set up for a test, blowing into an
outlet chamber per AMCA. View showing the fan inlet side and a short
rectangular outlet duct for static recovery. (Courtesy of Ammerman Divi-
sion, General Resource Corporation, Hopkins, Minn.)

In general, the setup for testing a fan should simulate the way the fan presum-
ably will be used in an actual installation. For example, if the fan is expected to blow

FIGURF 1819 Airfoil centrifugal fan, set up
for a test, blowing into an outlet chamber per
AMCA. View from the drive side showing a
torquemeter for measuring the brake horse-
power. (Courtesy of Ammerman Division, Gen-
eral Resource Corporation, Hopkins, Minn.)

into a system, it should be tested as a
blower. On the other hand, if the fan is
expected to exhaust from a system, it
should be tested as an exhauster. For
low to moderate static pressures, the
fan will perform the same as a blower
and as an exhauster, but for higher pres-
sures, there will be a difference in per-
formance.

The next decision is between a test
duct and a test chamber. Here are a few
points to consider in this decision:

1. Since a test duct will be consider-
ably less expensive to build, it might be
preferable if only one fan is to be tested
or possibly two fans of only slightly dif-
ferent sizes so that the same test duct
can be used for both fans, with transi-
tions between fan and duct. If many fans
of different sizes are to be tested, sev-
eral test ducts might be needed, and this
might be more expensive than a cham-
ber that would accommodate all the dif-
ferent sizes
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2. In a simple duct test without a booster fan (some do have one), the perfor-
mance curves will not extend all the way to free delivery because of the duct friction.

FIGURE 18.20 Inside view of test chamber
showing nozzle inlets of various sizes (Courtesy
of Ammerman Division, General Resource Cor-
poration, Hopkins, Minn.)

FIGURE 1821 Inside view of test chamber
showing nozzle outlets of various sizes. {Cour-
tesy of Ammerman Division, General Resource
Corporation, Hopkins, Minn. )

For a chamber test, due to the booster
fan, the performance curves will extend
all the way to free delivery. For fans pro-
ducing considerable static pressure
(such as centrifugal fans or vaneaxial
fans), the performance curves from a
duct test can be extrapolated to free
delivery, but for propeller fans and axial-
flow roof ventilators, the first duct test
point might be in the strongly curved
portion of the static pressure curve, and
an extrapolation therefore might be
inaccurate; thus a setup with a booster
fan will be needed.

3. For propeller fans and tubeaxial
fans, the outlet air has a spin that might
distort the performance if an outlet duct
were used. A chamber, therefore, would
be preferable for testing propeller fans.
A chamber or an inlet duct could be
used for testing tubeaxial fans,

4. All but one of the duct tests
require a pitot tube traverse for each
test point, while most chamber tests
require only one pressure-drop read-
ing. A duct test with a pitot tube tra-
verse, therefore, will take about 3
hours; a chamber test will take less than
1 hour. Over 3 hours, test conditions
may change. A chamber test, therefore,
usually will be more accurate.

TEST
PROCEDURE

Prior to running a test, test forms should
be prepared in which the test data will
be entered. Unless a computer program
is available, the test form also should
provide the formuias for calculating the
air volume, pressures, brake horsepow-
ers, and efficiencies that will be plotted
as the performance curves of the fan.
After the fan to be tested has been
set up and turned on, let the motor
warm up for at least 10 minutes. During
this time, the manometers should be
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FIGURE 1822 Two sections of a small nozzle chamber showing five small
nozzles for measuring from 1 to 600 cfm. Can be used as an outlet chamber
or as an inlet chamber.

checked against a micromanometer, and readings should be taken (and entered in
the test form) of the barometric pressure and the ambient temperatures near the fan
inlet for dry-bulb and wet-bulb by using a sling psychrometer or a similar device.
From these data, the air ratio can be determined, t.e., the ratio of standard air den-
sity 0.075 Ib/ft? divided by the ambient air density, as taken from tables shown in the

FIGURE 1823 Inlet chamber with a roof ventilator exhausting from it for measuring
up to 27,000 cfim, View shows three access doors and one of two booster fans, 10 hp each,
blowing air into the chamber. (Courtesy of FloAire, Inc., Bensalem, Pa.)
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FIGURE 18.24 View of a fan iest laboratory with several test
ducts and with a test chamber in the right background.

AMCA Test Code. Figure 18.25 shows a graph from which the air ratio can be read
directly. The air ratio will be used in the test calculations for correcting the various
pressures and brake horsepowers to standard air density of 0.075 1b/ft’.

Next, we read and enter for each test point the motor volts, amps, and watts (if the
motor is calibrated) or the brake horsepower (if a torquemeter is used} or the
weight and arm length (if a reaction dynamometer is used). We also read and enter
the fan speed, the various air temperatures, the static pressure, and the pressure drop
{in case of a chamber test) or the velocity pressures (in case of a duct test). As men-
tioned, 10 test points are adequate. They should be fairly evenly spaced from free
delivery to no delivery.

TEST FORMS

Tables 18.1 through 18.5 show test forms for outlet ducis, inlet ducts, cutlet cham-
bers, and inlet chambers. These forms can be used when no computer programs are
at hand. They use some approximations, but for all practical purposes, they are accu-
rate enough. The booster fan will be on for the first two or three points, with various
damper positions, resulting in different values for the air volume and the static pres-
sure. The remaining test points will be obtained again by various damper positions,
but with the booster fan not powered (it will coast, however, due to the airflow pass-
ing through it). The first 12 to 15 lines (down to the heavy line indicated) show the
various test data obtained, except the motor efficiency, which is obtained from the
motor calibration, i.e., from a curve of motor efficiency versus watts input. (Some
different data, as mentioned earlier, will be entered if a torguemeter or a
dynamometer is used.) Below the heavy line we show various formulas used to cal-
culate the data for plotting the performance curves. The air densities at various
planes of the test chamber are calculated and used to correct the test data obtained.
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FIGURE 18.25 Graph for determining the air ratio from barometric pressure, dry-bulb tempera-
ture. and wet-bulb temperature.

[n Tables 8.4 and 18.5. two formulas are shown for calculating efm;. 1.c.. the air vol-
ume ahead of the partition carrving the nozzles. One formula is for a 5-in nozzle,
using the factor 147. The other formula is for a 12-in nozzle. using the factor 844. For
other nozzle sizes. the factor can be calculated easily, since it is in proportion with the
squarc of the nozzle inside diameter. For example. for an 18-1n nozzle. the factor will
be (18/12)° x 844 = 1899. The total air volume will be the sum of the various air vol-
umes of the nozzles that are open during the test. Occasionally. it may be necessary,
for good accuracy. to close some of the nozzles when the air volume becomes
smaller as the test progresses.

SUMMARY

The AMCA Test Code specifies 10 setups for testing fans. Which setup should be
used depends on the type of fan to be tested. the tvpe of application. and the num-
ber of fans to be tested. Test forms for various setups should provide the formulas
needed, or else a computer program can be used. The resulting data then arc plotted.
showing pressures. brake horscpower. and efficiencies versus air volume.
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TABLE 18.4 Outiet Chamber Test Form

Tested by: Date: Fan OA = Drive:
Type and size of fan tested: Open nozzles:

Booster fans On
Outlet damper setting
Barometric pressure Bf

DB, (fan inlet)

WB8, (fan inlet)

DB; (ahead of nozzles)

volts (average)

amps (average)

1/ watts

watts

Motor efficiency EE

bhp = (EE x watts)/746

Fan wheel rpm

sp- (in WC) (in chamber past fan)
pd (in WC) (across nozz.)

AR =04075/p; {fr.graph)

o= 0.075/AR

K‘r= (460 + DB])}(%O + DBs)
Kp={(BP +sp/13.62)/BP
ps/pr=Krx Kp

Ps=p1 X ps/pr

PD=ARXpd

S-inno.: CFM; = 147 Vpd /ps
12-in no.: CFM; = 844 Vpd/p;
Total CFM;,

CFM, = CFM; (py/py)

OV = CFM/0OA

VPpo = (OVI1096) ps

SP = sp; x 0.075/ps
TP=8SP+VPg

BHP = AR x bhp

AHP = cfm, x TP/6356
Mech. eff = AHP/BHP
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TABLE 18.5 Inlet Chamber Test Form

Tested by: Date: Fan OA = Drive:
Type and size of fan tested: Open nozzles:
Booster fans On Off

Inlet damper setting

Barometric pressure BP, (ambient)
DBambn.-m

WBambicnt

DB, (fan outlet)

DB; (ahead of nozzles)

volts (average)

amps (average)

1/ watts

watts

Motor efficiency EE

bhp = (EE x watts)/746

Fan wheel rpm

spg (in chamber, ahead of fan) (neg.)
pd (across nozzles)

AR = 0.075/pambicn (from graph)
Pambicnt = 0.075/AR

Kp=(BP,— Isp4/13.62 + pd)/BP,
Ps=p.x K

5-in nozzle: ¢fms =147 x V pd/ps
12-in nozzle: ¢fm; = 844 X V pd /p;s
Total cfms

(BP, - Ispsl)/BP,

P1=pa X (BP, - Isp3l/13.62)/BP,
CFM = cfm; (ps/p1)

po/p2 = (460 + DB,)/(460 + DB,)
P2= Pa X (P2/P.)

Fan outlet V, = (CFM/OA)(p\/p2)
vp: = p; (v2/1096)°

ip=vp,+ Ispgl

ahp = cfm x 1p/6356

Mech. eff. = ahp/bhp

Inlet ¢fm = AR x ¢fm

SP=AR xspy

BHP = AR x bhp







CHAPTER 19
VACUUM CLEANERS

REVIEW

Figure 7.45 showed the design of a small centrifugal fan wheel as used in vacuum
cleancrs. These fan wheels usually have six to eight backward-curved blades.5 to 6 in
o.d..and about ¥4 in wide. Most vacuum cleaners have two stages, but some have only
one stage. They are directly driven by single-phase, high-speed universal motors of
2. ¥, or 1 hp.

CONFIGURATIONS

Various configurations of the parts can be used, but regardless of the configuration,
the small turbo exhauster is the heart of a vacuum cleaner. Figure 19.1 shows the
most common configuration used in tank-type vacuum cleaners. Here the air stream
first enters the floor nozzle and then passes through a pickup pipe, a flexible hose, a
filter bag, the exhaust fan and the motor, and finally leaves the vacuum cleaner hous-
ing. Looking at the two-stage exhauster shown in Fig. 19.1, note that the diffuser
ratio is only 1.14. In other words, the space available past the blade tips (for the air-
flow to diffusc and to make a 180° turn) is rather limited. This is done because in a
vacuum cleaner compactness is more important than fan efficiency. This configura-
tion has the advantage that the air passing through the fan and motor is clean, so the
fan and motor will never get plugged up by the dust. The configuration has the dis-
advantage that the airflow cooling the motor is already heated from adiabatic com-
pression in the fan so that motor cooling is less effective.

In another configuration used occasionally, the locations of motor and fan are
reversed. Here the air stream passes through the flexible hose. the filter bag, and the
motor and then through the exhaust fan. This sequence has the advantage that the
air passing through the motor is still cold and the motor cooling is thus more effec-
tive. It has the disadvantage that the air entering the fan is warm (from the motor)
and the vacuum produced. therefore. is smaller. The fan efficiency is lower, too. due
to inlet turbulence.

Still another configuration places the fan ahcad of the motor (as in Fig. 19.1). but
the main air stream docs not pass through the motor, it bypasses the motor and
lcaves the vacuum cleaner housing ahead of the motor. A separate centrifugal fan
wheel. mounted on the same motor shaft and located between the motor and the
main fan. draws some cooling air through the motor and blows it out together with
the main air stream leaving the vacuum cleaner housing. This results in good motor
cooling and in a good vacuum, but it also results in an increased manufacturing cost
and power consumption.

Other configurations avoid the tank altogether and use a hand-held upright struc-
ture containing the exhaust fan and the motor. The filter bag may be located ahead of
fan and motor (for clean air) or past the fan, on the outside of the vacuum cleaner, as

19.1
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FIGURE 19.1 Schematic sketch of vacuum cleaner with small two-stage turbo exhauster and filter
bag ahead of exhauster inside tank,

shown in Fig. 19.2, for easy accessibility. The advantage of these configurations is light
weight. lower cost. and elimination of the flexible hose, which consumes a portion of
the vacuum produced by the exhaust fan. Another advantage of this configuration is
that the outside filter bag can be made larger, for a reduced pressure loss. In this con-
figuration, a one-stage exhaust fan may be sufficicnt, since the larger filter bag plus
climination of the flexible hose will reduce the total required vacuum. On the other
hand, when the filter bag is located past the fan, the fan blades will require steeper tip
angles 1o prevent the dust from sticking to the blades. This might result in a somewhat
lower fan efficiency, which, however, is a minor disadvantage in view of the small
motor horsepowers and the already low efficiencies.

TESTING

Vacuum cleaners could be tested with a small inlet duct, but such a duct would be
too small for a pitot tube traverse. One could just measure the velocity pressure in
the center of the duct. calculate the corresponding maximum duct velocity, and esti-
mate that the average duct velocity would be about 91 percent of the maximum
velocity in the center of the duct. As in any duct test, one would use a throttling
device (such as a set of orifice rings). obtain a number of test points, calculate the air
volume, static pressure, etc.. and plot the performance curves. This method would
not be 100 percent accurate, but the deviations might be acceptable.

Vacuum cleaners also could be tested on a small inlet chamber, if it is strong
enough and will not collapse at a suction pressure of 50 inWC. A small nozzle of 12
in i.d. would register a pressure drop of 1.08 inWC for a 50-cfm airflow. The test
would be accurate if this small nozzle chamber is free of air leaks.

A third method uses a Burcau of Standards box for testing vacuum cleaners. This
method is fast, simple, and accurate. Figure 19.3 shows a schematic sketch of this test
box. The top plate of the box has a rectangular opening 10 x 14 in. The vacuum
cleaner will exhaust the air through this opening. For testing the exhaust fan only, a
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FIGURE 19.2 Schematic sketch of upright vacuum cleaner with single-stage
turbo exhauster and outside filter bag.

separate cover plate will be bolted to the top plate of the box. This cover plate will
have a circular hole about 2% in i.d. to fit the inlet diameter of the exhaust fan. For
testing the complete vacuum cleaner, another cover plate will be bolted to the top
plate of the box. This cover plate will have a rectangular hole, about 12 x 14 in, to fit
the opening of the floor nozzle.

Figure 19.3 also shows a short pipe. 3¥2 in 0.d., welded to the outside of one of the
side plates of the box. Through this pipe, an air stream will enter the box, to replace
the air that has been exhausted by the vacuum cleaner. The pipe has a flange that
will accept various orifice rings, used as a throttling device, to obtain the test points
for plotting the performance curves. Thirteen sharp-edged orifice rings should be
available for the tests.

Finally, Fig. 19.3 shows a small pipe. ¥ in 0.d.. welded to the outside of another
side piate of the box. This pipe is used for connection by rubber tubing to a manome-
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-Rectangular opening in top plate

Flange to support

‘ _ Pipe, /4 0.d., ¥5;i. d.,
orifice rings

1% long, for connection
to rubber tubing, leading
to manometer

All walles, 14" thick, have
continuous welds, no leaks

Pipe, 315 0.d.,291.d.,
3 long

FIGURE 19.3 Schematic sketch of box for testing vacuum cleaners. recommended by the
Bureau of Standards.

ter that measures the suction pressure in the box. No other pressure needs to be
measured. For comparison, in a chamber test (as you will recall), two manometers
are needed to measure two pressures (a static pressure and a pressure drop across
the nozzles). In a duct test, again, two manometers are needed to measure a static
pressure and several velocity pressures. In this box test, only one manometer is
needed. It measures the negative suction pressure § inside the box for the sharp-
edged orifice on the flange. A box test, therefore. takes only about 20 minutes.
From the suction §, the air volume can be calculated as follows: If the sharp-
edged orifice has an inside diameter d (in inches), the area A (in square feet) will be

d’n
A= Ax1dd - 0.0054544° (19.1)

For a sharp-edged orifice, the coefficient of discharge is 0.611, and the velocity
through the orifice will be

V=0611x4005x VS (19.2)
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TABLE 19.1 Constant K versus Orifice Inside Diameter d, According to Eg. (19.5). Used in
Calculating the Air Volume When Testing Vacuum Cleaners on a Bureau of Standards Box

Orifice i.d. (in) 2 1% 1A 1v4 1V 1 s
Constant K 53. 40.9 30.1 209 16.9 13.35 10.2
Orifice i.d. (in) Yy Y 1A E74 14 i

Constant K 7.51 5.21 3.34 1.88 0.835 0.209

n

where the suction pressure S is in inches of water column and the velocity Vis in feet
per minute. The air volume. therefore. can be calculated as

cfm=A x V =13.354*VS (19.3)
or
ofm=KV'S (19.4)
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FIGURE 19.5 Performance of a two-stage vacuum cleaner.
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where the constant K is
K =13.354° (19.5)

K is a constant for each orifice ring. Table 19.1 shows the K values for 13 d values.
Figure 19.4 is a graph showing 13 parabolic system characteristic curves per Eq.

(19.3). For example, if a ¥-in i.d. orifice ring is used and a suction pressure of 50 inWC

is observed on the manometer, the air volume will be 53 c¢fm. This graph is a time
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saver. When calculating a test, we do not even have to use Eq. (19.3) to calculate the
air volume. We can just read the suction pressure s on the manometer, correctitto §
for standard air density, and rcad the corresponding air volume (c¢fm) in Fig. 19.4.
Table 19.2 shows the test sheet for the Bureau of Standards box. If we compare it
with Table 18.5. for an inlet chamber test, we find the following two differences:

1. InTable 18.5. the pressure drop PD across the nozzles was measured. and the air
volume was calculated from the pressure drop. In Table 19.2, the air volume is cal-
culated from the negative suction pressure s (Eq. 19.4), which can be considered
the pressure drop across the sharp-edged orifice ring.

2. InTable 18.5, the fan outlet velocity was calculated, and from it, the velocity pres-
sure, the total pressure, and the fan efficiency were calculated. In Table 19.2, the
suction pressure S is so large that the velocity pressure would be insignificant in
comparison. The suction pressure S, therefore, can be used instead of the total
pressure for calcuiating the fan cfficiency.

As a result of these two differences, Table 19.2 is shorter and simpler.

PERFORMANCE

Figure 19.5 shows the performance for a typical two-stage vacuum cleaner per Fig.
19.1. You will note the following:

1. The suction produced by the complete vacuum cleaner is considerably lower than
the suction produced by the exhaust fan only. This loss is the result of the flow resis-
tances from the floor nozzle, the pickup pipe, the flexible hose, and the filter bag.

2. The motor speed varies by about 20 percent from free delivery to no delivery.
This considerable variation is caused by the single-phase, high-speed universal
motor, which is more sensitive to a change in load (bhp) than a three-phase
induction motor, with which the variation would be less than 5 percent.

3. The maximum efficiency of the cxhaust fan only is shown as 46 percent, but it is
often lower. For the complete vacuum cleaner, the maximum efficiency (not
shown in Fig. 19.5) might be 25 to 32 percent.
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FAN PERFORMANCE
AS SHOWN IN CATALOGS

THREE WAYS TO PRESENT FAN PERFORMANCE

There are three ways how a catalog can present the performance of a fan or of a line
of fans: as performance curves, as rating tables for direct drive, and as rating tables
for belt drive.

Performance Curves

Figure 4.43 is an example: It shows seven static pressure curves for a 36-in vaneaxial
fan at 1750 rpm. with the tip angles varying from 13° to 33°. These curves are the
results of laboratory tests. Curves for other sizes and speeds may be derived by using
the fan laws.

Rating Tables for Direct Drive

The top part of Table 4.5 is an example: This table was derived from several test
curves by simple conversions for size and speed in accordance with the fan laws.
The procedure was described in detail in Chap. 5 (Tables 5.1 and 5.2 and Fig. 5.1).
After each conversion, new curves are plotted, and the new air volumes, for the
static pressures shown at the top of the table, are taken from the new curves.
As mentioned previously. the efficiencies will increase slightly for larger sizes (size
effect). even if the fans are in geometric proportion. Conversions, therefore, are
only permissible to larger sizes but not to smaller sizes, because they would not
quite come up to the efficiencies of the larger sizes. Several sizes of a line,
therefore, have to be tested, and the performances of the in-between sizes are cal-
culated.

Rating Tables for Belt Drive

An example is Table 4.3: It is for a 30-in belt-driven vancaxial fan. This table was
derived from the test performance shown in Fig. 20.1, again by means of conversions
in accordance with the fan laws, but these computations are more complex. They will
be explained now.

20.1
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FIGURE 20.1 Test performance of a 30-in vancaxial fan, 1760 rpm. showing three curves: static
pressure, brake horsepower. and parabolic curve through a cross-point from Table 4.3.

COMPUTATION OF RATING TABLES
FOR BELT DRIVE, DERIVED FROM
TEST PERFORMANCE CURVES

The graph in Fig. 20.1 shows the test performance that was obtained for the 30-in
vancaxial fan running at 1760 rpm. This graph shows only the operating range of the
fan. The stalling range (static pressure dip, etc.) was omitted because it will not be
used in calculating the rating tables. The rating table 4.3 was derived from the per-
formance curves shown in Fig. 20.1. Table 4.3 has the customary format, with the
static pressures shown on top and the outlet velocities and the corresponding air vol-
umes shown in the first two columns on the left side. The air volumes are the prod-
uct of the outlet velocities times the outlet area of the fan. We now have to calculate
the speed and brake horsepower for each cross-point of air volume and static pres-
sure. As an example, let’s calculate the speed and the brake horsepower for 13,409
cfm at a static pressure of 1¥4 inWC, figures taken from Table 4.3. We have marked
this point on the graph Fig. 20.1 and have drawn a parabolic curve through this point
and let it intersect with the static pressure curve. This is similar to the parabolas in
Fig. 5.1. As explained in Chap. 5, this parabola indicates how the performance point
will move if the speed is increased gradually. There are various ways to determine
the points of the parabola. For example. one way is to use the good. old-fashioned
slide rule with a square scale.

Table 20.1 shows a form that can be used in making these computations. We find
that the parabola through the point 13409 cfm at 14 inWC of static pressure will
intersect the static pressure curve in Fig. 20.1 at the point 16,440 cfm at 1.88 inWC of
static pressure. We can now enter these two figures in Table 20.1. We know that for
that point the fan will run at 1760 rpm. For our catalog cross-point (13,409 cfm at 1V4
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TABLE 20.1 Form for Computing the Various Speeds and Brake Horsepowers
for Performance Table 4.3 for a 30%s-in Vaneaxial Fan. Belt Drive. OA = 5.16 ft°,
OV =2600 fpm. 13.409 cfm

Point of
intersection
with SP curve
in Fig. 20.1
at 1760 rpm

Catalog SP (inWC)  ¢fm, SP, Catalogrpm Fig 20.1.1760 rpm bhp,  Catalog bhp

Vi
VA
¥
1
14 16,440 1.88 1436 9.02 4.89
1vA
1%
2
214
3
k1%
4
4
5

Note: Data derived from test performance shown in Fig. 20,1, 3G in. 1760 rpm.

inWC of static pressure), the fan speed then will be (13,409/16,440) x 1760 = 1436
rpm. We now can enter 1436 rpm in Table 20.1 and at our cross-point in Table 4.3.

To determine the brake horsepower for our cross-point in Table 4.3, we first look
at Fig. 20.1 and find that at 1760 rpm and 16,440 cfm, the brake horsepower is 9.02.
We now enter this figure in Table 20.1. For our catalog cross-point, then. the brake
horsepower will be (13,409/16,440)* x 9.02 = 4.89. We now can enter 4.89 bhp in Table
20.1 and at our cross-point in Table 4.3.

This time-consuming procedure to determine the speed and brake horsepower
for each cross-point in Table 4.3 will have to be repeated many times. A separate
computation form per Table 20.1 will be needed for each outlet velocity and corre-
sponding air volume.

COMPUTATION OF RATING TABLES FOR BELT
DRIVE FROM ANOTHER RATING TABLE

This computation can only be done to a larger size, but it is simpler and quicker.
Let's demonstrate it on Table 4.3 (30-in size) to be converted to Table 4.4 (36-in
size). The figures shown in Table 4.4 were calculated directly from the corresponding
figures in Table 4.3 using the exact wheel diameters. The figures for corresponding
cross-points (same OV and SP) are obtained as follows: Each speed is reduced in the
wheel diameter ratio 30%6/36% = 0.8368, and each brake horsepower is increased in
the ratio (36%/30%)" = 1.4282. For example, for 2600 fpm and 14 inWC of static
pressure, we get 0.8368 x 1436 = 1202 rpm and 1.4282 x 4.89 = 6.99 bhp.
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ANALYZING THE RATING TABLES PUBLISHED
BY VARIOUS FAN MANUFACTURERS

Before placing an order for a fan, the customer should study the catalogs of various
fan manufacturers and try to analyze the rating tables. We have seen that the rating
tables disclose five parameters: air volume. static pressure, outlet velocity, speed. and
brake horsepower. Sometimes they also disclose the fan efficiency for each cross-
point (see Table 7.1), but in most rating tables, efficiencies are not shown. It is useful
for the customer, however, to know the fan efficiencies for the following two rea-
sOns:

1. A high efficiency is an indication of a good fan and of operating economy.

2. An overly high efficiency is an indication of exaggerated ratings. (I once analyzed
a rating table and calculated from it an 85 percent maximum efficiency, but when
I ran a test on the unit, I found it to be only 37 percent.)

In Chap. 7 we showed how the fan efficiencies can be calculated from the five
quantities given for each cross-point. To analyze a rating table, we select a few cross-
points in the range where we can expect the best efficiencies. For these points, we
calculate the efficiencies and compare them with the efficiencies that can be ex-
pected for this type of fan. as shown in Table 4.2, in Fig. 7.1. and in Table 7.4. We also
might plot efficiency versus air volume, to check whether this is a smooth curve, as it
1s supposed to be. This analysis will give you an idea of whether or not the fan will
fulfill your requirements.
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AIR CURTAINS

FLOW PATTERN AND FUNCTION

An air curtain 1s a sheet of moving air that is blown down an open doorway or
across some other open arca. This air stream is produced by one or several fans that
usually arc mounted above a doorway. Occasionally, the fans are mounted on one
side or on both sides of a doorway or of some other open area. Figure 21.1 is a
schematic sketch showing a fan box mounted above a doorway and blowing an air
curtain down the doorway. This configuration will minimize the loss of heated or
cooled air from the building. almost like a real door. It also prevents insects, rain,
and dust from the outside entering the building. even if wind tries to penetrate the
open doorway. Outside winds up to 30 mi‘h can be stopped by an air curtain. At the
same time, air curtains witl permit trucks to enter the door openings of factories or
warehouses for loading and unloading. Air curtains are also used at the entrances
to office buildings. department stores, public buildings, and hospital emergency sec-
tions for people to pass through. Some air curtains can handle heated air during the
winter months.

OUTSIDE WIND

In some buildings. there is a negative pressure as a result of exhaust ventilation by
propeller fans or roof ventilators. This negative pressure invites the outside wind to
penetrate the air curtain and enter the building. The negative pressure. therefore.
should be relieved by a supply roof ventilator, providing makeup air, before an air
curtain 1s installed.

After the negative pressure has been relieved. another step is taken to keep the
outside wind from penetrating the air curtain: The outlet slot of the air curtain unit
is somewhat tilted. As a result. the air stream leaving the slot is not exactly vertical
(as shown in Fig. 21.1). but it starts with a flow slanted toward the outside and then
becomes curved inward due to the wind velocity. as shown in Fig. 21.2.

INDUCED AIRFLOW

In Chap. 17 on fanless air movers. we explained how the air jets induce some addi-
tional air to be drawn in. A similar phenomenon occurs in air curtains. as shown
in Fig. 21.3. Here. the primary airflow induces secondary airflows on each side of
the primary airflow. However. while in the fanless air mover the additional air
was desired. in the air curtain the secondary airflow is an undesirable loss of
energy.

21.1
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FIGURE 211 Schematic skeich of a typical air curtain.

REQUIREMENTS

The volume needed for the primary airflow depends on the width and height of the
doorway. It can vary from 1000 to 100,000 cfm. This air volume will leave the fan box
through a slot with a 3- to 8-in width and a length about equal to the width of the
doorway. For industrial applications, such as factory doorways for trucks, the initial
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FIGURE 21.2 Schematic sketch showing the curved air stream past the
fan box.

air velocity past the slot is anywhere between 2000 and 5000 fpm. Since the airflow
spreads out while moving down, the air velocity will decrease gradually. At 3 ft above
the floor, the primary air velocity should still be 1600 fpm. For commercial applica-
tions, such as office buildings, etc., the air velocities are lower so that the people will
not be inconvenienced.

Three types of fans are used to produce air curtains: vaneaxial fans, FC centrifu-
gal fans. and cross-flow blowers. Each type has some advantages and some disad-
vantages. as will be seen.

Vaneaxial Fans

The vaneaxial fan first blows the air into a horizontal round duct, as shown in Fig,
21.4, mounted above the doorway. The duct is closed at the other end, but at the bot-
tom it has a longitudinal slot 2 to 8 in wide. Sometimes, the slot width is adjustable.
The axial length of the slot corresponds to the width of the doorway. The air stream
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FIGURE 21.3 Schematic skctch showing a secondary airflow on each side
of the primary airflow.

has to make a 90° turn from the axial flow in the duct to the downward flow through
the slot. This turn will result in a minor loss of pressure and efficiency. Nevertheless,
the flow distribution over the length of the slot is fairly even.

The use of vaneaxial fans in air curtains has two advantages: Only one fan is
needed, and a high fan efficiency (about 80 percent) can be obtained, provided that
the slot is wide enough for the vaneaxial fan to operate in the good performance
range. If the slot is too narrow, the vaneaxial fan will operate in the stalling range and
will be inefficient and noisy. Caution has to be used to avoid this. Wheel diameters
range from 12